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Effect in Inelastically Strained Beams 


By T. M. ELSESSER,' O. M. SIDEBOTTOM,? anv H. T. CORTEN,* URBANA, ILL. 


for members are increased by overloading the members 
until inelastic deformation occurs in regions of peak 
stresses. The extent of the inelastic deformation may be 
of the order of magnitude of the elastic-limit strain in 
such members as overstrained beams and autofrettaged 
thick-walled cylinders. An increase in the elastic-limit 
loads for these members is possible because of the beneficial 
macroscopic (measurable) residual stresses resulting from 
the inelastic deformation. However, the full theoretical 
beneficial effect of the residual stresses is never realized 
since they are reduced by the inelastic deformation caused 
by the Bauschinger effect which occurs when the member 
is unloaded. This investigation was undertaken to deter- 
mine whether the full benefit of the macroscopic residual 
stresses could be retained by aging the member while 
loaded, and in this way eliminate the Bauschinger effect 
before its detrimental influence could occur. Tests were 
conducted on beams of rectangular cross section made 
from annealed mild (SAE 1020) and high-carbon (rail) 
steels. An aging treatment of 180 F for 20 hr was found to 
be sufficient to remove practically all of the Bauschinger 
effect in the mild steel but was not sufficient to remove all 
of the Bauschinger effect in the high-carbon steel. 


INTRODUCTION 


N engineering practice there are many applications in which a 
member is cold-worked to increase the design load for the 
member. These applications include shotpeening, cold- 

rolling, and loading the member, prior to service, until inelastic 
deformation occurs in the most stressed fibers of the member. 
Examples of the latter are the inelastic bending of beams and the 
autofrettaging of thick-walled cylinders to increase their elastic- 
limit loads for reloading. 

The increase in the elastic-limit load above that for the virgin 
member is due to a combination of an increase in strength of the 
material resulting from strain-hardening and an advantageous 
distribution of macroscopic (measurable) residual stresses. The 
extent of the inelastic deformation in beams and in thick-walled 
cylinders is here vonsidered to be of the same order of magnitude 
as the strain at the elastic limit so that the increase in the elastic 
limit load for these members is primarily due to the advantageous 
distribution of the macroscopic residual stresses. For example, 
in a beam the fibers which have been overstrained in tension and 
compression will be found to contain residual compressive and 
tenaile stresses, respectively, when the member is unloaded so 
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that, upon reloading, the residual stresses will subtract from the 
stresses due to loading. f 

Unfortunately the theoretical beneficial effect of the macro-— 
scopic residual stresses is, in general, never realized. When a 
member is unloaded following the application of a load which has 
produced inelastic strains in the most stressed fibers, the material 
which has been inelastically strained is known (1, 2, 3)* to behave 
inelastically, especially if the change in stress in these fibers dur- 
ing the unloading is equal to or greater than the yield stress. 
This nonlinearity in the stress-strain relation is usually referred 
to as the Bauschinger effect. The inelastic deformation which 
occurs upon unloading (the Bauschinger effect) reduces the 
magnitude (3) of the macroscopic residual stresses and thus 
diminishes the beneficial effect of these residual stresses. Not 
only does the Bauschinger effect reduce the beneficial macro- 
scopic residual stresses, but it may cause small inelastic strains ay : 
when the member is reloaded. a 

Because of the many applications in which members are = 
tically deformed before they are put in service, the harmful influ- 
ence of the Bauschinger effect has been of great concern to the 
engineer. The Bauschinger effect has been attributed (4) to 
microscopic and submicroscopic residual stresses 
be more correctly called residual atomic forces. 
stresses may be reduced appreciably by a slightiy elevated- 
temperature treatment (1, 5). This treatment, which entail 
holding the member at a given temperature for a predetermined 
time period, wiil be referred to as an aging treatment. Recently 
paper by Corten and Elsesser (6) presented an analysis of 
mechanism by which the microscopic and submicroscopic residual 
stresses are relieved by an aging treatment ¥ 

From the foregoing discussion it would appear that an aging 
treatment is effective in reducing the Bauschinger effect. How- 
ever, if the member is aged after unloading following the inelastic 
deformation, the Bauschinger effect will have caused harmful 
inelastic deformation before the aging treatment. In a recent 
paper by Sidebottom and Chang (3) it was found that the macro- 
scopic residual stresses in the most stressed fibers of inelastically 
strained beams were reduced approximately 40 per cent by the 
Bauschinger effect during unloading. The present investigation 
was undertaken to determine if the theoretical values of the 
macroscopic residual stresses could be retained in members such 
as beams if they were aged before unloading. Macrae (1) found 
that overstrained tension and compression specimens behaved 
elastically upon unloading if they had been aged under load; 
however, these members do not contain macroscopic residual 
stresses. 

During the investigation tests were run on two annealed SAE 
1020 steel beams and one annealed rail steel (about 0.8 per cent 
carbon) beam; each of the beams had a rectangular cross section. 
The beams were subjected to loads applied in one direction until 
predetermined inelastic strains were produced and were then un- 
loaded slightly and aged for 20 hr at 180 F. Following the aging 
treatment they were unloaded and then subjected to loads applied 
in the opposite direction. The experimentally determined mo- 
ment-strain data for reversed loading was compared with a 
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theoretical moment-strain curve which was derived on the 
assumption that the theoretical macroscopic residual! stresses were 
preserved and the Bauschinger effect nonexistent. The good 
agreement between the test data and theory for the mild-steel 
beams indicated that practically all of the microscopic and sub- 
microscopic residual stresses (the Bauschinger effect) were re- 
moved by the aging treatment with little effect on the macro- 
scopic residual stresses Ithough the rail-steel beam unloaded 
elastically following the aging treatment, the experimental! 
moment-strain data for reversed bending indicated that the 
aging treatment was not sufficient to remove all of the Bausch- 
inger effect in this material. 


TueoreticaL RELATIONS 

The beam test data have been compared to a theoretical 
moment-strain relation which was derived on the basis of no 
Bauschinger effect. This theoretical relation was developed 
previously for beams with rectangular cross sections (3) and 
employs the assumptions that the material in the beam has 
identical properties in tension and compression and that the elas- 
tie and plastic portions of the stress-strain curve can be approxi- 
mated by two straight lines such as lines O-A and A-B in Fig. 1. 
It is also assumed that, on unloading from a load which has pro- 
duced inelastic strains (point B) followed by reverse loading, the 
material will remain elastic over a range of stress equal to twice 
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the stress at the elastic limit (20,). In order to construct the 
theoretical moment-strain curve for both the initial loading and 
for the reversed loading, two theoretical equations are re- 
quired. The dimensionless moment-strain equation for inelastic 
conditions on first loading may be expressed as 


€ 
+a—. {1] 
€. 


in which M, = o,J/c, & is the strain in the most strained fibers, ¢€, 
is the maximum elastic strain, and @ is the strain-hardening factor 
for the material. If the beam is unloaded from loads which have 
produced the strain €, in the most strained fibers, the moment- 
strain relation for reversed loading is 
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in which ¢,' is the strain in the most strained fibers for the re- 
versed loading. Equation {2} is valid for > + > 2e.,. 


MATERIALS AND Meruops or TEstING 
Tests were conducted on two types of steels. These were a 
low-carbon steel which has a yield point (@ = 0 in Fig. 1), and a 
high-carbon steel which does not have a yield point. Two low- 
carbon-steel beams were machined from an annealed bar of SAE 
1020 steel 3'/; in. diam. One high-carbon-steel beam was 
machined from an annealed railroad rail. Tension specimens 
were machined from the ends of the beams where the material 

was not inelastically strained during the beam test. 


TABLE 1 DIMENSIONS OF BEAMS TESTED 


Length 
constant-moment 


Span 
length, 


The beams were of rectangular cross section and were subjected 
to a four-point loading such that a constant bending moment ex- 
isted in the test section. This test section was surface-ground and 
the top and bottom surfaces of the mild-steel beams were rough- 
ened to reduce the effect of an upper yield-point stress. The 
principal dimensions for the beams are shown in Table 1. 

The axial specimens are of a special type which can be tested in 
either tension or compression and are shown in Fig. 2. These 
specimens were undercut 0.01 in. at the ends of the reduced sec- 
tion to eliminate the effect of the upper yield point and, asa result 
of the initial yielding, to give better alignment of the test section. 

The beams and tension specimens were loaded in a 100,000-Ib- 
capacity Amsler hydraulic testing machine. The smallest divi- 
sion on the load scale was 50 lb, and the readings could be ap- 
proximated to the nearest 10 Ib. 

Since the beams and axial specimens were to be aged by a 
moderate heat-treatment under load, fixtures were built which 
would hold the load on the beams and tension and compression 
specimens so that they could be removed from the testing machine 
and placed in an oven. The fixtures for the tension and compres- 
sion specimens are shown in Figs. 3 and 4, and that for the beams 
is shown in Fig. 5. The ovens used for this moderate heat- 

treatment held the temperature to within 

plus or minus 5 F. Sufficient time was 

allowed for each specimen to attain the 

aging temperature and after remaining 

at this temperature for 20 hr, the speci- 

men was removed from the oven and al- 
lowed to cool. 

With the exception of two tension 
specimens all strain measurements were 
made by electric SR-4 type strain gages. 
Two 1-in-gage-length SR-4 gages were 
placed at diametrically opposite positions 
to give the average strains in the tension 
specimens. The strains in the extreme 
fibers of the beams were measured by 
SR-4-type gages with l-in. gage length. 
The two gages at the top and bottom 
surfaces of the beam were connected to 
the strain-measuring apparatus so that 
simultaneous readings could be taken as 
the load varied. The electric strain gages 
were chosen for convenience even though 
their use limited the temperature for the 
aging treatment to 180 F. Any higher 
temperature would destroy the bond on 
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the gages. For the two tension specimens that were aged at higher 
temperatures, the strains were measured by a mechanical exten- 
someter with a l-in. gage length. 


PROPERTIES OF MATERIALS 


The stress-strain diagrams of the mild-steel and rail-steel ma- 
terials were obtained by testing specimens similar to that shown 
in Fig. 2. In Fig. 6 are shown the stress-strain data for the mild 
steel, and in Fig. 7 are shown the data for the high-carbon (rail) 
steel. In each case the specimen was loaded until a predetermined 
strain was produced and then unloaded slightly and given an aging 
treatment. Following the aging treatment they were unloaded 
and then loaded in the opposite direction. Since the Bauschinger 
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effect is known to occur on unloading, it was necessary to age the 
specimens before unloading. 

The properties of the low-carbon (SAE 1020) steel and high- 
carbon (rail) steel were evaluated from the data for the first load- 
ing of the specimens. For each material the elastic and plastic 
portions of the curves were approximated by straight lines with 
the slope in the plastic portion given by aF where a is the strain- 
hardening factor, and £ is the modulus of elasticity of the ma- 
terial. The factor a was equal to zero for the mild steel, and 0.080 
for the rail steel. The modulus of elasticity £, was taken as 30,- 
000,000 psi. The yield stresses of the materials as obtained from 
the intersection of the two straight lines were found to be ¢, = 
26,200 psi for the mild steel and ¢, = 36,300 psi for the rail steel. 


Discussion oF Resutts 


This investigation was undertaken to determine the influence 
of aging on the microscopic and submicroscopic residual stresses, 
e., the Bauschinger effect, in axially loaded members and beams 
which are aged under load. Only one aging temperature of 180 F 
was considered in the beam tests because this was the maximum 
temperature that could be used with the SR-4 strain gages. 
Other aging temperatures of 300 F and 450 F also were used for 
the axially loaded members. The experimental data for the ten- 
sion-compression and compression-tension tests will be presented 
first. 

Test Data for Axially Loaded Members. The effect of aging on 
the Bauschinger effect in the tension-compression and compres- 
sion-tension specimens is shown in Fig. 6 for the mild steel, and 
in Fig. 7 for the rail steel. In these figures the test data are com- 
pared with idealized stress-strain diagrams (shown as solid lines) 
which were constructed on the assump.ion that the material does 
not exhibit a Bauschinger effect. When a member is unloaded 
from a load which has produced inelastic deformation and then 
loaded in the reversed direction, it was assumed that the material 
did not exhibit any Bauschinger effect if the elastic response of the 
material was the same as the elastic response of the material before 
first loading. For the materials considered, the elastic response 
was equal to 2e, since the yield stresses in tension and compression 
were equal, It is realized that the structure changes of the ma- 
terial resulting from larger inelastic strains may affect materially 
the range of the elastic response in addition to the influence of the 
Bauschinger effect 

Of the three mild-steel specimens used in obtaining the data 
plotted in Fig. 6, two were aged at 180 F for 20 hr and the third 
was aged at 300 F for 20 hr. The elastic response of the speci- 
mens aged at 180 F was approximately 1.84¢,. Previously pub- 
lished data (3) for this material indicated that the elastic response 
was less than o, when tested without aging. The data for the 
specimens aged at 300 F for 20 hr indicated that the Bauschinger 
effect was eliminated in this material by this aging treatment. 

Three of the specimens reported in Fig. 7 for the rail steel were 
aged at 180 F for 20 hr and a fourth was aged at 450 F for 20 hr. 
It will be noted that this material was less affected by aging than 
the mild steel. The elastic responses of the specimens aged at 180 
F and 450 F were approximately 1.33¢, and 1.42¢,, respectively. 

None of the specimens reported in either Fig. 6 or 7 was aged 
before unloading from the final reversed load. The data for each 
specimen indicate that the absence of an aging treatment resulted 
in a noticeable Bauschinger effect upon unloading. 

One mild-steel tension-compression specimen was tested to de- 
termine the stability of the specimen for reversed loading. The 
specimen was treated in a manner similar to that in which data 
are plotted as the solid circles in Fig. 6 except that each reversed 
load was maintained on the specimen for several hours. The 
load which resulted in a reversed stress of 24,000 psi was main- 
tained on the specimen for 72 hr without measurable inelastic 
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deformation. The data indicate that the material was not 
noticeably time-sensitive after the aging treatment. 

Beam-Test Data. For each of the two mild-steel beams and 
the rail-steel beam, the strains in the most strained fibers were 
measured with increasing loads until desired inelastic strains 
were developed; the beam was unloaded slightly and aged at 180 F 
for 20 hr; the beam was unloaded, and finally, the beam was loaded 
in the reversed direction. The moment M was computed for each 
load and divided by the maximum elastic moment M,, and the 
strain €, in the most strained fibers corresponding to each load. 
was divided by the yield strain ¢,. The experimentally deter- 
mined dimensionless ratios of M/M, and €,/€, are plotted in Fig. 8 
for the mild-steel beams, and in Fig. 9 for the rail-steel beam. 
The theoretical dimensionless moment-strain relation is shown 
as a solid line in each figure. The straight line O-A is the elastic 
portion, and A-B is given by Equation [1] (a = 0 for SAE 1020 
steel and @ = 0.080 for rail steel). The response upon unloading 
and subsequent reversed loading was assumed to be elastic along 
the straight line B-C = 2(0-A). The curve C-D is given by Equa- 
tion [2] which was derived considering only the theoretical macro- 
scopic residual stresses, 
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In Fig. 8 the test data for the two mild-steel beams indicate 
almost identical behavior for the two beams. The material in 
each of the beams exhibited an upper yield-point phenomenon as 
indicated by the test data lying above the theoretical curve in the 
inelastic range for the first loading. After aging the beams for 20 
hr at 180 F under load, each beam exhibited elastic response upon 
unloading and reversed loading for a range of stress approxi- 
mately equal to 2¢,. The data for reversed bending are reasona- 
bly close to the theoretical curve. Since the data for the tension- 
compression and compression-tension specimens indicated that 
all of the microscopic residual stresses were not removed by the 
aging treatment of 180 F for 20 hr, it was expected that the data 
for reversed loading of the beams would be slightly less than 
those represented by the theoretical curve. Since the beam-test 
data were found to compare closely with the theoretical curve 
which was derived considering only the macroscopic residual 
stresses, it was concluded that the aging treatment reduced the 
microscopic residual stresses without affecting the macroscopic 
residual stresses materially. 

The experimental data for the rail-steel beam, as shown in Fig. 
9, are in good agreement with the theoretical curve for the 
first loading but exhibit appreciable Bauschinger effect for reversed 
loading. The behavior in the beam is similar to that found for 
tension-compression and compression-tension specimens, Fig. 7. 
In order to determine whether or not each fiber of the beam 
exhibited the same Bauschinger effect as it would if tested as an 
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and aged. After aging, each member was unloaded and loaded in 
the reversed direction. The experimentally determined moment- 
strain data for reversed loading of each beam were compared with 
a theoretical moment-strain diagram which was derived on the 
ion of no Bauschinger effect. The results presented in 
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axially loaded specimen, two of the specimens reported in Fig. 7 
were tested to follow the same strain history and aging history as 
the most strained fibers of the beam, and one specimen was tested 
to follow the same history as the fiber at a distance of 0.78c¢ from 
the neutral axis of the beam. From these data two points on the 
stress-distribution curve in the plastic region of the beam were ob- 
tained for any given strain in the most strained fibers of the beam. 
A third point was obtained at the elastic-plastic boundary. The 
first loading resulted in a total depth of yielding of 1.06c and left 
an elastic core of depth 0.94c. An approximate stress-distribution 
curve for the plastic region of the beam was obtained by fitting a 
parabola of the form 


o=A+Be + Dé. . [3] 


through the three known points. 

The dimensionless moment-strain curve, obtained by using 
Equation [3] for the stress distribution in the plastic region and 
o = Ee for the stress distribution in the elastic region, is shown in 
Fig. 9 by the dashed line. The beam data indicate that the 
strength of the beam for reversed bending was somewhat greater 
than that represented by the dashed line. The difference between 
the beam-test data and the curve based on the stress-strain data 
can be attributed to the low strength of the tension-compression 
specimen tested to follow the same history as fibers at a distance 
of 0.78c from the neutral axis of the beam. The data for this 
specimen had a large influence on the calculation of the moment 
If the data for this specimen (shown as open rectangles in Fig. 7), 
had become tangent to the theoretical curve, the dashed curve in 
Fig. 9 would have passed through the beam-test data. 


SumMARY AND CONCLUSIONS 


The elastic-limit load for a member such as a beam can be in- 
creased by first loading the member until inelastic deformation 
occurs in the most strained fibers. This increase in load is pri- 
marily due to the advantageous macroscopic (measurable) 


residual stresses which result from the inelastic deformation. 


cause inelastic deformation upon unloading and thus reduces the 
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heat-treatment, i.e., an aging treatment. The purpose of this in- 
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vestigation was to determine if the Bauschinger effect could be 
removed if the member was aged while loaded. Tests were con- 
ducted on uniaxial specimens and beams of rectangular cross 
section made from an annealed low-carbon (SAE 1020) steel and 
Each member was loaded until 


_ inelastic strains were produced and was then unloaded slightly 


this paper are believed sufficient to justify the following conclu- 
sions: 

1 An aging treatment is effective in removing the Bauschinger 
effect (microscopic and submicroscopic residual stresses) even if 
the member is aged while subjected to load. Test members which 
were aged under load following inelastic deformation were found 
to behave elastically when unloaded. 

2 The uniaxial tests of the mild steel indicated that aging for 
20 hr at 180 F eliminated most of the Bauschinger effect, and this 
effect was completely eliminated by an aging treatment of 300 F 
for 20 hr. For the uniaxial tests of the annealed rail steel, the 
elimination of the Bauschinger «tect was far from complete even 
for an aging temperature of 450 F for 20 hr. In each case an in- 
crease in aging temperature resulted in a reduction of the Bausch- 
inger effect. 

3 Most of the Bauschinger effect was eliminated from the two 
mild-steel beams which were aged under load at 180 F for 20 hr. 
The extent of the reduction of the Bauschinger effect was deter- 
mined by comparing the experimentally determined moment- 
strain data with a theoretical moment-strain curve which was 
derived on the assumption of no Bauschinger effect. The good 
agreement between theory and experiment indicated that the 
macroscopic residual stresses were preserved and the microscopic 
and submicroscopic residual stresses associated with the Bausch- 
inger effect were removed. 

4 Although the aging treatment of 180 F for 20 hr did diminish 
the Bauschinger effect in the rail-steel beam, the beam still 
exhibited appreciable Bauschinger effect when subjected to re- 
versed loading. Test results from axially loaded specimens which 
are tested to follow the same strain and aging history as the fibers 
of the beam can be used to predict the behavior of beams. Good 
correlation was found between the beam experimentally deter- 
mine ! moment-strain data and a moment-strain curve constructed 
from uniaxial test data. 

5 The importance of conclusions 3 and 4 is illustrated by the 
following example: Let a steel beam of rectangular cross section 
be subjected to an overstrain in bending which would, without the 
Bauschinger effect, give a 30 per cent increase in elastic strength 
if reloaded in the same direction. Reference (3) shows that, 
without the aging discussed in this paper, the actual increase in 
elastic strength achieved is about 15 per cent. If the beam is 
aged while under the load, as described in this paper, the full 30 
per cent increase is obtained because the Bauschinger effect for the 
unloading cycle is removed. 
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By H. T. CORTEN! ano T. 


Inelastic deformation of metals introduces structural 
changes which during unloading and reversed loading 
cause the Bauschinger effect. This effect may be inter- 
preted in terms of microscopic and submicroscopic residual 
stresses. A_ slightly elevated-temperature treatment 
applied to an overstrained tension specimen at zero load 
allows two mechanisms to occur, namely, (a) relaxation of 
microscopic residual shear stresses in slip bands, and (6) 
a reduction of submicroscopic residual forces around flaws 
and disordered regions by the place change of atoms. Each 
of these mechanisms, (a) and (6) partially or completely 
removes the Bauschinger effect. In brass and low-carbon 
steel, the application of a slightly elevated-temperature 
treatment at a high stress level, during which mechanism 
(a) does not occur, very nearly or completely removes the 
Bauschinger effect. It appears therefore that the removal 
of the Bauschinger effect can be attributed, under these 
conditions to mechanism (6). This fact means that in 
load-resisting members made of these metals and contain- 
ing favorable macroscopic residual stresses induced by 
inelastic deformation, the undesirable microscopic and 
pic residual stresses which cause the Bausch- 
inger effect may be removed, thereby retaining the full 
theoretical value of the favorable macroscopic residual 
stresses. 
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4 
” ESIDUAL stresses are known to be very important in the 
> manufacture and subsequent use of metal load-resisting 


members. Large distortions and unexplainable fractures 

of members following fabricating and heat-treating processes 
have been attributed to the presence of residual stresses. In con- 
trast to the harmful effects often associated with residual stresses, 
many beneficial effects are also known. For example, shot- 
peening of the surface of members subjected to high repeated 
stresses, the prestressing of springs, and autofrettage of thick- 
walled cylinders, such as gun barrels, induce residual stresses that 
increase the load-carrying capacity of these members (1, 2).* 

_ Methods of inducing favorable macroscopic residual stresses 
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generally involve inelastic deformation which produces changes in 
the structure of the metal. Upon unloading and loading in the 
reversed direction, these structural changes are responsible for 
nonlinear behavior as shown in Fig. 1. This phenomenon is called 
the Bauschinger effect. Owing to the Bauschinger effect, the bene- 
ficial macroscopic residual stresses induced by the previous inelas- 
tic deformation are reduced appreciably when the member is 
unloaded (2, 3). This decreases the effectiveness of the proc- 
esses previously mentioned. However, it has been found that 
by allowing a long rest period or by applying a shorter slightly 
elevated-temperature treatment, the material may be stabilized 
and the Bauschinger effect removed. When a slightly elevated- 
temperature treatment is applied at zero load, the macroscopic 
residual stresses that are present are retained (4); however, in 
members like beams and thick-walled cylinders, these residual 
stresses already have been reduced by the Bauschinger effect dur- 
ing unloading (5). When a slightly elevated-temperature treat- 
ment is applied at a high stress level, that is, before unloading, 
some metals (low-carbon steel and brass) are stabilized. This 
process removes the Bauschinger effect before unloading and the 
favorable macroscopic residual stresses build up to the full 
theoretical value during unloading. 

In order to make the most effective use of slightly elevated- 
temperature treatments, it is desirable to have an understanding 
of the mechanisms of inelastic deformation and subsequent sta- 
bilization of various metals by these temperature treatments. 
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This paper is concerned with the nature of the structural changes 
accompanying inelastic deformation, which produce the Bausch- 
inger effect, and the fundamental mechanism whereby the 
metal is restored to a stable condition with time. The removal 


1208 


of the Bausechinger effect by the application of slightly elevated- 
temperature treatments is investigated experimentally in 70-30 
The experiments were de- 
signed in an attempt to isolate the various possible mechanisms 
of stabilization (discussed later) and thereby determine the extent 
to which each contributes to the stabilization of the inelastically 
deformed metal 


alpha brass and low-carbon steel. 


Aprrroacu TO PRoBLEM 


The structural changes that occur during inelastic deforma- 
tion and the subsequent stabilization of the metal during a 
period of rest at room or higher temperatures can best be treated 
in terms of the processes that take place on (a) the microscopic 
level and (6) the submicroscopic level of association of matter (6). 
Since some of the concepts and terms that will be used in this 
paper are rather unfamiliar in the engineering literature, it is 
convenient to introduce and build around an oversimplified but 
useful model of the atomic structure of metals (6). To this end, 
metals may be thought of as being composed of two different 
types of material 
atoms (which for this purpose may be considered as small solid 
particles) are situated in positions that form an ordered lattice, 
and (b) disordered material (grain boundaries, slip bands, and 
flaws in the erystals) in which the atoms or particles are situated 
in more or less random positions that form a disordered transition 
region between the adjoining portions of ordered crystal lattice of 
somewhat different orientation 


(a) ordered crystalline material in which the 


The distinction between the ordered and disordered material is 
significant because of the different behavior of the two types of 
material under load (6). At low stresses, the ordered crystal- 
line material behaves elastically and is not affected by time 
and temperature. In contrast, the disordered material exhibits a 
viseous like behavior under load which is very sensitive to time 
and temperature. [Inelastic deformation of nearly perfectly 
ordered metal crystals occurs by the formation of slip bands 
which are believed to initiate by the place change of particles at 
flaws or small regions of disorder in the crystals. Thus the 
mechanism of inelastic deformation in polycrystalline metal 
involves the interaction between the two types, the ordered and 
disordered material 

On the microscopic level of association, the interaction be- 
tween the randomly orientated crystals, between different phases 
of an alloy, and in and around slip bands in inelastically deformed 
metals, all three of which include disordered material, have been 
termed microscopic residual stresses (7). On the atomic level of 
association, the forces between the particles as a result of the 
misfits in regions of disorder may be termed atomic residual stresses 
or, more correctly, residual atomic forces. Using these terms to 
describe the processes, the stabilization of inelastically deformed 
metal by a slightly elevated-temperature treatment consists of re- 
ducing the microscopic residual stresses and /or the residual atomic 
forces in regions of disorder by atomic diffusion. 


Descriprion oF MecuHantsms Watcu Cause anp 
Remove THe BauscHincer Errecr 


Microscopic Level. One of the first discussions of microscopic 
residual stresses was given by Heyn in an explanation of the 
Bauschinger effect (8). The proposed mechanism whereby 
microscopic residual stresses are built up is based on the effect of 
anisotropy and random orientation of the crystals on the inelastic 


* The concept of streas, that is, force per unit area, breaks down when 
dealing with atoms and the force of one atom upon another 
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deformation of a polycrystalline metal. The reasoning is as 
follows: As a member is loaded in tension, a stress level is reached 
at which inelastic deformation occurs by the formation of slip 
bands in the most favorably orientated crystals. As a result of 
the formation of slip bands, the stress on these crystals is par- 
tially released. As the deformational process continues, the 
stress again builds up in the crystals that have slipped and slip 
bands form in other crystals. Thus, during the early stages of 
inelastic deformation, the various crystals sustain stresses that 
range from nearly zero to a high level. When the external load is 
removed, the most highly stressed crystals tend to force the lowest 
stressed crystals into a state of stress opposite to the load-induced 
stress. These crystals, which at zero load sustain the highest resid- 
ual stress opposite to the initial load-induced stress, reach a stress 
level upon loading in the reverse direction that is sufficient to 
cause slip bands to form at a comparatively small reversed load. 
The remaining crystals sustain residual stresses at zero load that 
vary from one sense to t) > opposite sense, and upon loading in the 
reverse direction, these crystals successively reach a stress level 
sufficient to cause slip bands to form. Thus the gradual devia- 
tion from linear behavior, known as the Bauschinger effect, is ex- 
plained satisfactorily. 

The actual mechanism of inelastic deformation in polyerystal- 
line metals is more complex than is indicated by the foregoing dis- 
cussion, although the general mechanism by which microscopic 
residual stresses build up in inelastically deformed metals appears 
to be sound. It is known that the amount of inelastic deforma- 
tion within an individual crystal varies widely throughout the 
crystal as a result of the influence of neighboring crystals (9). 
Therefore Zener (10) has suggested that the significant micro- 
scopic residual stress is a shearing stress in and around slip bands 
which generally traverse only part way through an individual 
crystal. The results of some work on single crystals (11) and on 
specially treated polycrystalline metal (cubically aligned copper) 
(12) substantiate this concept. 

In addition to explaining the Bauschinger effect, the concept of 
microscopic residual shearing stresses in and around slip bands of 
individual crystals offers an explana on of the removal of the 
Bauschinger effect with time. It is known that the disordered 
slip-band material exhibits a viscous like behavior under stress 
(13), and consequently the microscopic residual stresses in the 
slip bands gradually relax with time and remove the cause of the 
Bauschinger effect. 

Submicroscopic Level. During the process of the formation of 
slip bands, the original nearly perfect lattice is disrupted and the 
particles in the slip bands become disordered, that is, they are 
situated at more or less random positions that are generally spaced 
farther apart than in the ordered lattice. The viscouslike be- 
havior of slip bands is a result of the combination of the residual 
atomic forces due to this disorder, the microscopic residual shear- 
stress field across the disordered slip-band region, and the ther- 
mal oscillations of the particles. This combination is sufficient to 
cause diffusion or place change of particles to new positions of 
lower potential energy and greater stability (lower residual atomic 
forces). 

In alloys, additional phenomena occur which significantly 
influence the reduction of microscopic residual stresses and resid- 
ual atomic forces. The effects of adding foreign elements to 
pure metals are manifold (6, 14), and only two of the simpler 
alloys can be considered in this paper. These are 70-30 alpha 
brass and low-carbon steel. 

Alpha brass 70-30 is a substitutional-type solid-solution alloy 
(Zn atoms replace Cu atoms in the ordered lattice). However, 
the effective atomic radius of the zine atoms is approximately 4 
per cent larger than that of the copper atoms and therefore pro- 
duces some lattice distortion. This difference of size suggests 
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that a reduction of residual atomic forces could be effected by a 
preferential rearrangement of particles in which the larger zine 
atoms migrate to regions of tension and the copper atoms replace 
the zine atoms in regions of compression in the disordered ma- 
terial. Such a preferential rearrangement would decrease the 
potential energy (residual atomic forces) of the particles in the 
regions of disorder and tend to lock the flaws in place. Since it is 
these flaws (regions of disorde? ) that are responsible for the initia- 
tion of additional slip bands in metal-crystals, the material is 
stabilized by the reduction of these residual atomic forces. 

The effect of adding a smal! amount of carbon (or nitrogen) to 
iron, though forming a different type of alloy, is similar to that 
suggested for brass. An iron-carbon (or nitrogen) solid solution 
takes the form of an interstitial alloy, that is, one in which the 
small carbon (and nitrogen) particles reside in the spaces between 
the ordered body-centered cubic structure of iron, However, 
since the carbon particles are somewhat larger than the available 
holes (approximately 7 per cent larger than the largest elements 
that ordinarily form interstitial alloys), they cause considerable 
lattice distortion. The interstitial spaces in the disordered re- 
gions (grain boundaries, flaws in the ordered crystal lattice, and 
slip bands in overstrained metal) are slightly larger and therefore 
are preferred interstitial sites for the carbon and nitrogen par- 
ticles. Since it is these flaws that are responsible for the initia- 
tion of new slip bands, the presence of the carbon and nitrogen 
particles reduces the potential energy (residual atomic forces) in 
these disordered regions and locks the defects in place (15), a 
process which also stabilizes the material. 

The mechanisms of stabilization of inelastically deformed metal 
previously discussed all involve place change of particles, that is, 
diffusion. Therefore the rate at which these processes proceed 
depends upon the rate of diffusion of the participating particles. 
‘The experimentally measured diffusion coefficient (16), D, which 
is proportional to the rate of diffusion of various elements in 
stable metals,* is plotted versus temperature in Fig. 2 and shows 

' the tremendous variation of diffusion rate and consequently of 
the rate of stabilization of metals at different temperatures. 

From Fig. 2 it is obvious that the rate of self-diffusion in iron, 
that is, the rate of place change of iron particles in the iron lattice, 
is the lowest, followed next by the rate of self-diffusion in copper. 
The fact that the rate of diffusion of zinc in copper is higher than 
the rate of self-diffusion in copper, and the rate of diffusion of car- 
bon and nitrogen in alpha iron is much higher than the rate of 
sel/-diffusion in iron, further supports the concept of reduction 
of residual atomic forces by the preferential rearrangement® of 
particles, Since the diffusion of the alloying elements is more 
rapid than self-diffusion, the mechanisms involving the alloying 


‘In Fig. 2 the diffusion coefficients, except for carbon and nitrogen 
in alpha iron, were all measured at temperatures above 1000 F, and 
have been extrapolated to the slightly elevated temperature range. 
However, by including the regions between two or more of the most 
reliable sets of data, it is probable that the relative rates of diffusion 
are qualitatively correct. Also these diffusion coefficients were ob- 
tained with unstrained poly crystalline metals and, in general, represent 
the average diffusion rate including diffusion through the ordered 
erystals and at grain boundaries. The rate of diffusion in the dis- 
ordered slip bands may be several orders of magnitude higher (19) 
than those given in Fig. 2; however, in the region around the flaws in 
the more ordered crystals where new slip bands are expected to 
initiate, the rate of diffusion may be reliably given by Fig. 2. 

* Because of the very low solubility of carbon in iron, the rate of 
diffusion of carbon in iron must be much higher than the rate of dif- 
fusion of zine in copper to produce a comparable effect in terms of re- 

\ “moving the Bauschinger effect. Carbon and nitrogen atoms may have 
to diffuse many atomic distances to build up a concentration of car- 
bon and nitrogen atoms in a disordered region that is as effective in 
reducing residual atomic forces as that produced by the preferential 
rearrangement of the more abundant zine and copper atoms which 
_ may only exchange places or diffuse a very few atomic distances. 
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elements may occur more extensively during a given temperature 
treatment. Further, it appears that of the two metals, brass and 
low-carbon steel, the reduction of residual atomic forces in low- 
carbon steel may be accomplished at a lower temperature or in a 
shorter period of time as a result of the much higher rate of dif- 
fusion of carbon and nitrogen in iron as compared with the rate 
of diffusion of zine in copper. - 
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EXPERIMENTAL INVESTIGATION OF BAUSCHINGER Errect IN 


The investigation of the Bauschinger effect in alpha brass in- 
cluded five different temperature treatments. After producing a 
small inelastic strain in the specimens in direct tension or com- 
pression they were: (a) immediately unloaded and reverse loaded 
at room temperature; (b) subjected to a temperature of 180 F for 
20 hr at zero load; (c) subjected to a temperature of 300 F for 20 
hr at zero load; (d) subjected to a temperature of 180 F for 20 hr 
at a high tensile nominal stress; and (¢) subjected to a tempera- 
ture of 300 F for 20 hr at a high tensile nominal stress. In order 
to differentiate between the removal of the Bauschinger effect by 
relaxation of microscopic residual shear stresses and the reduction 
of residual atomic forces, a slightly elevated-temperature treat- 
ment was applied at a high nominal stress level. Since during 
this treatment, relaxation of microscopic shear stresses cannot 
occur,’ any observed effects must be attributed to some other 
mechanism such as the preferential rearrangement of copper 
and zinc atoms, 


Specimens, Procepure, anp 


The material was received as cold-rolled 70-30 alpha-brass rod 
3/,in. indiam. One-half inch diameter, tension-compression, and 
compression-tension specimens (3) were machined from this 
material and annealed at 700 F for 3 br. One-inch gage length 
SR-4 electric-resistance-type strain gages were used to measure 
strains in all specimens except those subjected to the 300 F tem- 
perature for which a 1-in-gage-length mechanical gage was used. 


7 A peak microscopic shear stress may be reduced by the formation 
of new slip bands; however, if this occurs, other crystals must be- 
come more highly stressed to maintain a constant nominal stress. 
Upon release of the load, the general pattern of microscopic residual 
shear stresses is unchanged. 
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In all of the tests the initial inelastic deformation was produced 
at room temperature. When a slightly elevated-temperature 
treatment was employed, the specimen was heated to the desired 
temperature in a small electric furnace. The application of a 
slightly elevated-temperature treatment at a high stress level re- 
quired a special rig which has been described by Elsesser and 
Sidebottom (5). After the temperature treatment was completed, 
the specimens were allowed to cool to room temperature before 
the test was resumed. 

The results of the tests of brass are shown in Figs. 1, 3, and 4. 
The stress-strain curves for tension followed immediately by 
compression, and compression followed immediately by tension, 
very nearly coincide as is shown in Fig. 1; therefore the remain- 
ing specimens were tested in tension followed by compression 
The effect of two separate temperature treatments, 180 F for 20 
hr and 300 F for 20 hr, applied at zero nominal stress are shown 
in Fig. 3. The effect of the same two separate temperature treat- 
ments applied while the specimen was subjected to a high nomi- 
na! tensile stress is shown in Fig. 4. The variation of stress 
that occurred during the slightly elevated-temperature treat- 
ments is indicated in Fig. 4 by the bracket, marked A, B, and C. 
The large variations of stress indicated by brackets A and B were 
caused by different coefficients of thermal expansion of the brass 
specimens and the special steel loading rig. Since it was sus- 
pected that this variation of stress might affect the results, one 
additional test was performed in which an electric furnace was 
placed around the specimen with the specimen mounted in the 
testing machine. As the bracket marked C in Fig. 4 indicates, 
the load was controlled more accurately and the test results are 
substantially the same as before. 

Discussion of Results. As is evident from the curves in Fig. 1, 
brass exhibits a marked Bauschinger effect when loaded in either 
tension or compression, unloaded, and reverse loaded, The first 
deviation from linear behavior upon unloading occurred at a 
stress level considerably above zero nominal stress (before unload- 
ing was complete) and the deviation increased during the re- 
mainder of the unloading cycle and during the initial portion of 
the reverse loading cycle. Upon further reverse loading, the 
stress-strain curves for the overstrained and virgin metal again 
coincide after a strain of approximately one and one-half times 
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the overstrain has been produced upon unloading and reverse 
loading. The initial deviation from linear behavior upon unload- 
ing may be interpreted in terms of the viscouslike behavior of the 
disordered slip bands of the recently inelastically deformed crys- 
tals. Upon unloading the specimen, only a small decrease of 
nominal stress is required before these newly inelastically de- 
formed regions became stressed in the opposite sense. This re- 
versed microscopic shear stress in the slip bands is partially re- 
laxed and results in a deviation from linear behavior upon unload- 
ing. 

The effect of a slightly elevated-temperature treatment applied 
after the specimens are unloaded is shown in Fig. 3. Of the two 
treatments, the one at 180 F was partially effective and the one 
at 300 F was completely effective in removing the Bauschinger 
effect." 

As was mentioned previously, the results of the tests of speci- 
mens subjected to a slightly elevated-temperature treatment at a 
high nominal stress, shown in Fig. 4, offer a possibility of differen- 
tiating between relaxation of microscopic residual shear stresses 
and a reduction of residual atomic forces. The unloading and 
reversed-loading curve for the specimen treated at 180 F for 20 
hr is only slightly different from the curve obtained with no treat- 
ment. However, the unloading and initial reversed-loading por- 
tions of the curves for the specimens treated at 300 F for 20 and 40 
hr are linear to a stress level only slightly different from that for 
the virgin metal. Thus the Bauschiriger effect is very nearly re- 
moved by this treatment. The mechanism responsible for this 
behavior appears to be the reduction of residual atomic forces by 
the preferential rearrangement of copper and zine atoms in dis- 
ordered material. Also, since the two curves for the 300 F 
temperature treatment at a high stress level for 20 and 40 hr are 
almost identical, it appears that the process of preferential re- 
arrangement of copper and zine atoms has very nearly reached 
completion. 

Additional evidence which supports the proposed mechanism of 


"In the study of both brass and low-carbon steel, the extent to 
which the Bauschinger effect is removed was determined by compar- 
ing the stress-strain curve for reversed loading with the stress-strain 
curve for the virgin metal. This criterion was adopted because it was 
found that the two curves coincide at large strains. It is known, how- 
ever, that this is not the case for all metals (3). 
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removal of the Bauschinger effect in brass is contained in the 
work of Schwartzbart, Jones, and Brown (12). 
ra The phenomenon of preferential rearrangement of copper and 
zine atoms in brass has been observed previously in connection 
_ with measurements of internal friction or damping capacity of 
alpha-brass single crystals by Zener (17). These experiments 


_ were interpreted to indicate that at 425 C, the time of relaxation 
of the preferential distribution of zinc and copper atoms was 
0.000403 see. 


Using the expression 
H 
RT 
t= 
to relate the relaxation time ¢ to the absolute temperature 7’, and 
where & is a constant and H the heat of activation was found to be 
33,000 cal/mol, the relaxation times for the preferential distribu- 
tion of zine and copper atoms at various temperatures are as fol- 
lows: 
68 F —¢ = 7.82 & 10'* see or 1000 years 
180 F — ¢t = 4.32 X 10° sec or 50 days 
300 F —t = 2.66 10° see or */, hr 


Based on the relaxation times just listed,* only the slightly ele- 
vated-temperature treatment at 300 F for 20 hr (also 40 hr) 
could produce appreciable stabilization of the material by a pref- 
erential rearrangement of zinc and copper atoms. This is in 

_ general agreement with the results of the experiments involving a 
slightly elevated-temperature treatment at a high stress level 
shown im Fig. 4. The partial removal of the Bauschinger effect 
by the stightly elevated-temperature treatment of 180 F for 20 hr 
at a zero nominal stress apparently should be associated primarily 

— with relaxation of microscopic residual shear stresses. However, 

_ the nearly complete removal of the Bauschinger effect as a result 

_of the 300 F temperature treatment for 20 hr at a zero nomi- 
nal stress is due to a combination of both effects. 


EXPERIMENTAL INVESTIGATION OF THE BAUSCHINGER 
Errect Low-CarBon STeer 


The removal of the Bauschinger effect in overstrained low- 

_ carbon steel during a long period of rest at room temperature or 

a during a shorter period at an elevated temperature is well known 

4 4, 21). However, it has not been demonstrated previously 

whether this phenomenon is primarily due to the relaxation of 

_ microscopic residual shear stresses or to a reduction of residual 

atomic forces by diffusion of carbon and nitrogen into preferential 

inte ‘rstitial sites around flaw in the crystals and disordered slip 
bands. 

As has been mentioned previously, the application of a slightly 
elevated-temperature treatment to an overstrained tension speci- 
men at a high nominal stress affords a means of differentiating 
between the two mechanisms. Thus tension-compression speci- 
mens were extended inelastically a small amount and subjected 
to a temperature of 180 F for 20 hr at a high nominal tensile 

stress. The specimens were allowed to cool to room temperature 

and then unloaded and reverse loaded. The experimental tech- 

niques were similar to those employed for brass and are described 

in detail by Elsesser and Sidebottom (5). The results of the 

tests are presented in Fig. 5, curves A and B, along with data for 

4 an untreated specimen of similar material, curve C, previously 
- obtained by Sidebottom (3). 


* It has been suggested that the relaxation of the preferential dis- 
tribution of copper and zine atoms occurs by a vacancy diffusion 
mechanism (18) which is associated with local disorder. In the ex- 
periments reported in this paper, the preferential rearrangement of 
zine and copper atoms responsible for the removal of the Bauschinger 
effect presumably occurs around the flows in the crystals and the dis- 

_ ordered slip bands, so the relaxation times may be nearly the same 
(19, 20). 
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Discussion of Results. The Bauschinger effect in untreated 
low-carbon steel, curve C, is not quite as pronounced as in brass. 
This may be due to the type of deformation that occurs in steel. 
When the average strain in the specimen is approximately twice 
the strain at the yield point, only a relatively small portion of the 
specimen is inelastically deformed as evidenced by the spreading 
of Liiders’ bands. Upon reverse loading, only those regions that 
are inelastically deformed contribute to the Bauschinger effect 
while the remaining elastic material behaves in a linear manner. 
The stress-strain curve upon reverse loading is therefore the aver- 
age of these two effects. 

Curves A and B, for overstrained specimens subjected to a 
slightly elevated-temperature treatment at a high stress level, 
illustrate the very nearly complete removal of the Bauschinger 
effect obtainable by this treatment. Since no relaxation of 
microscopic residual shear stresses can occur during this treat- 
ment, the removal of the Bauschinger effect must be attributed to 
some other mechanism such as the reduction of residual atomic 
forces by diffusion of carbon and nitrogen into preferential inter- 
stitial sites around flaws in the crystals and disordered slip bands. 
This process locks in place the defects that are responsible for the 
initiation of new slip bands upon reverse loading but does not 
remove the microscopic residual shear stresses. Thus the extent 
to which the Bauschinger effect is removed depends upon the 
strengthening effect of this process, and the stress at which the 
metal deviates from linear behavior upon reverse loading may be 
lower, equal to, or higher than that for the virgin metal. Macrea, 
in his extensive experimental investigation of the Bauschinger 
effect, has observed this varied amount of removal of the Bausch- 
inger effect (4). 


SuMMARY AND CONCLUSION 


In members such as beams and thick-walled cylinders that are 
overstrained for the purpose of inducing favorable macroscopic 
residual stresses, the Bauschinger effect may cause the actual 
values of the residual stresses to be as much as 60 per cent less 
than the theoretical values. The application of the slightly ele- 
vated-temperature treatments described in this paper preserves 
whatever residual stresses that have been induced during unload- 
ing. In brass and low-carbon steel, the full theoretical value of 
the residual stresses can be induced if the Bauschinger effect is 
removed by applying these treatments while the overstraining 
load is still applied. In order to make the most effective use of 
slightly elevated-temperature treatments, it is desirable to under- 
stand the mechanisms (structural changes) that cause and subse- 
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quently remove the Bauschinger effect during such treatments. 
In this paper two mechanisms were discussed: (a) relaxation of 
microscopic residual stresses, and (b) reduction of residual atomic 
forces, both of which involve diffusion of atoms in time and 
temperature-sensitive, disordered material. 

Based on the previous discussion, the experimental data from 
tests on overstrained brass and low-carbon-steel tension speci- 
mens subjected to slightly elevated-temperature treatments, indi- 
cate that mechanism (6) was primarily responsible for stabilizing 
the metal (removing the Bauschinger effect), presumably by a 
preferential rearrangement of copper and zine atoms in brass and 
carbon and nitrogen atoms in steel, as discussed in this paper. 
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asure “af Heat Con- 
ductivity of Nitrogen, Carbon | 


Dioxide, and Mixtures 


By F. G. KEYES,' 
Since the Annual Meeting of 1950, measurements of the 
heat conductivity of three mixtures of nitrogen-carbon 
dioxide have been continued to higher temperatures and 
the earlier reported measurements repeated. It is now 
established for the N,-CO, mixtures at low pressure that 
the sign of the deviation of the observed heat conductivi- 
ties, relative to the conductivities computed on the basis 
of the linear composition proportionality, changes, pass- 
ing from negative at room temperature to zero at about 
150 C, and becoming increasingly positive at higher tem- 
peratures. This behavior is unexpected and appears not 
to have been hitherto observed. The Enskog theory of 
the conductivity of mixtures does not predict the ob- 
served trend nor does the empirical formula of Lindsay 
and Bromley. The data have been formulated at each of 
the three constant concentrations of constituents using 
the same type of equation that has proved useful for the 
pure components. A new installation for low-temperature 
measurements has been completed and tested in the 
course of calibrating the copper-constantan thermocou- 
ples to be used for measuring the temperature gradient 
and absolute temperature from 30 to —180C of the fluids 
whose heat-conductive properties are of interest. The 
N,-CO, mixtures will be measured along with a series of 
pure gases and liquids. The measurement of the pres- 
sure effect for the heat conductivities of the N,-CO, mix- 
tures has been attempted but without satisfactory re- 
sults above 50C. The difficulty consists of failure of the 
fluid in the cell to arrive at a steady state above a com- 
paratively low pressure. The cause of the phenomenon 
is believed, as expressed in last year’s report, to be directly 
_ related to the known tendency of the constituents of a 
mixture to separate in a temperature gradient. 


HE heat-conductivity data for three mixtures of nitrogen— 
carbon dioxide were given at the 1950 Annual Meeting 
for the temperatures 0, 50, and 150 C. At the latter tem- 
perature no pressure effects were recorded. It is now possible to 
report additional data for the same mixtures, namely, 0.3406 N, 
0.5288 N, and 0.6650 N. The new measurements extend to 350 C 
(662 F), which now appears to be about the limit of tempera- 
ture with the present apparatus without sacrificing accuracy. 
- Construction has begun, however, on new apparatus designed to 
permit measurements to 800-900 C (1562 F), but it is not adapted 
to measure pressure effects. Indeed since the pressure effect 
varies with temperature inversely as the absolute temperature 
1 Department of Chemistry, 
nology. Mem. ASME. 
Contributed by the Heat Transfer Division and presented at the 
Semi-Annual Meeting, Cincinnati, Ohio, June 15-19, 1952, of Tue 
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for nonpolar substances, the pressure effect is necessarily in- 
creasingly smaller at higher temperatures. The effect may be 
obtained by extrapolation with good accuracy when it is estab- 
lished accurately at lower temperatures. 

Since the 1950 meeting, the facilities for measuring the heat 
conductivity to low temperatures (—300 to 100 F) have been 
completed and are now being used to obtain measurements on all 
substances previously reported. The importance of low-tem- 
perature data lies partly in the now established fact that the 
pressure effects increase rapidly with diminished temperature. 
Thus for nonpolar substances the pressure coefficient at —148 F 
is threefold the magnitude of the coefficient at 477 F. In the 
case of mixtures this increase in the pressure effect with decreas- 
ing temperature may be particularly advantageous in view of the 
great difficulty, apparently due to thermal diffusion, of obtaining 
reliable values substantially above room temperature. A fur- 
ther advantage of extending measurements to low temperatures, 
apart from the increasing engineering applications, lies in the 
greater temperature dependence of heat conductivity, leading, in 
conjunction with higher-temperature data, to confidence in the 
extrapolation of the data to temperatures beyond the range of 
accurate measurement (1).** 

At the Annual Meeting in 1950, new experimental data (2) 
for the mixtures N;-CO, were given for 0, 50, and 150 C. The 
data given in the preprint were remeasured after submission of 
the paper in August, 1950. The circumstances which caused 
doubts regarding the reliability of the 150 C figures are given 
in the Author’s Closure (page 602). At this time there is still 
no positive explanation of the low results obtained for pure 
TABLE 1 HEAT CONDUCTIVITY OF CO; AND OF Nz AT 1 ATM, 
WITH VALUES FOR THREE MIXTURES 

(Unite: 

or 
3 46 


108 cal per em per see per deg C) 
50 


COs (a) 27 
0. 3406 (d) 02 
0 5288 38 
64 
31 


6 
7 
7 
7 
8 


Na (ce) 5.69 


Notes: 
(a) Caleulated from equation A 10° = ery 
+ 4433 rx 107 
from the given in ref (1), table 3. p. 593. 
(b) Mole fraction of nitrogen. 
(e) The a which represent the latest measurements for the heat 
of as 


differing 


0.604 VT_ 


1 + 224% x 
It is hoped to omy y the present data with values obtained at low 
temperatures and above 400 C. 


10* A (cal per em per sec per deg C) = 


nitrogen reported by Keyes and Sandell (3). During the year, 
however, new measurements for pure nitrogen have been made 
to 350 C and likewise for pure carbon dioxide. For both these 
gases, particularly nitrogen, the low-temperature measurements 


2 ogy in parentheses refer to the Bibliography at the end of 
the pa) 
8 7 wariking example of the usefulness of low-temperature data in 


P is the case of the viscosity of air given in Fig. 1, 


p. 592. 
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Table 1 contains the new results along with data‘ at 0 and 50 — 


will be significant in confirming further the higher-temperature 

series of heat-conductivity vslues. 


each temperature, 


TABLE 2 
rURES WITH COMPUTED VALUES USING ENSKOG'S FORML 
AND THAT OF LINDSAY AND BROMLEY ¢4) 


Units: 10° cal per cm per see per deg C) 


Obes 

‘ale (Enak 
Cale (L 

Obs 


Cale (Enskog)* 
Cale (L and 


Obs 

‘ale 
ale (Land B 

Obs 


Cale (Enskog)* 10 
Cale CL and B) 10.6 


See S24 weed 


@ The Enskog formula is given in full in reference (2), p. 597. 

6 The only constants required for the Enskog formula aside from the 
conductivity of the component gases are the molecular weight and the 
molecular diameters. The molecular diameter for CO: was taken to 
3.495 10°* om, that for Ne, 3.41 10-*cm. The collision diameter of 
‘the “unlike” molecule was taken to be the arithmetic mean, namely, 3.68 
10“ em 


conductivity using Enskog’s formula.” The third line contains 
calculations according to a formula developed by Lindsay and 
Bromley (4). 


\ graphical representation of the low-pressure data and caleu-— 


lations is given in Fig. 1 which represents an effect apparently 
not known hitherto. In the figure, heat conductivities of the 
pure gases have been inserted on the left (CO) and right-hand 
(N,) ordinates, The distances between the horizontal co-ordi- 
nates are therefore proportional to the amounts of each gas 
present in the mixtures, A straight line drawn for each tem- 
perature represents a linear relation between the pure gases and 
the mole-fraction composition, It will be noted that the ob- 
verved minus the corresponding value for the linear relation is 
negative at 50 C, slightly positive at 150, and changing to positive 
in inereasing amount as the temperature rises. It will be noted 
however from the diagram that neither Enskog’s formula nor the 
Lindsay and Bromley formula this 
experimental data, except at 50 C where a reasonable accord is 
evident. It seems therefore that the problem of computing the 
heat conductivity of a mixture of nitrogen-carbon dioxide is not 
completely solved, and that it would lead to increasing error to 
attempt the computation of the conductivity of these mixtures 
at higher temperatures on the basis of an apparent agreement 
obtained at The statement is therefore 
warranted that extrapolation to high temperatures with either 
the Enskog or the Lindsay and Bromley formula is unsound in the 
It is not unlikely that 


represents course of the 


a lower temperature 


case of nitrogen-carbon dioxide mixtures, 


* See reference (3) on page 597 of reference (2). 

* See equations [9] and [9a], reference (2), p. 599. Unlike molecule 
diameters are the arithmetical mean of the individual diameters. 
The Lindsay and Bromley formula requires a function Ay and An 
which is a function of the viscosities, the molecular weights, and the 
Sutherland constants for each temperature to which the formula is 
applied. The Lindsay-Bromley formula is as follows 

Ae 
+ 
1 + An 1+ 


( + S:/T \\1+S8/7 

M; + /T ] + 


ih) = 
An 


An = 


aur, 
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Table 2 contains the data for the mixtures in the first line for i vA 
in the second line the calculations of the heat — s 


COMPARISON OF THE OBSERVED DATA FOR MIX- wa: } 
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x colc E 


Mole Percent Ne 
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Heat Conpvetivity or Ny-CO; 

other gaseous mixtures of the nonpolar type may show a similar 
reversal of the relation of heat conductivities to the linear com- 
bination rule between low and high temperatures. 

In view of the complexity of the temperature relationships of 
the heat conductivity for mixtures, modifications of the formulas 
cited will not be considered until further data are available. 
In the course of the coming year it is expected that data for the 
nitrogen-carbon dioxide mixtures will be obtained at low tempera- 
tures, and with data available over a longer range of tem- 
perature, the investigation of correlative schemes may appear 
profitable. 

The mixture data of Table 1 have been correlated for each 
constant composition as a function of temperature using the 
formula found useful for the case of the pure gases. The appro- 
priate constants are contained in Table 3 and should be useful 
for interpolation and moderate extrapolation at any composition. 


TABLE 3. CONSTANTS OF AN EMPIRICAL FORMULATION OF 
DATA FOR Nz—CO; FOR THE HEAT CONDUCTIVITY UNIT 10° 


Composition 
mole fraction Nz Co 
0.3406 140 
5288 1.09 
0. 6650 091 


c x 10° 
1.415 
0 922 
0.655 


The possibility may be considered that since the empirical 
formula 
CVT 


A= 
1+ Cr xX 


appears to be satisfactory as a means of representing heat- 
conductivity values over a moderate range of temperature (500 
C), the constants Cy, C, and C, for two substances could be related 


= | | 
a 
: 
9 21 9 36 
8.77 8 98 
. 


linearly with respect to composition. For example, the follow- 
ing scheme might be invoked, where x, denotes the mole fraction 
Ni/(N, + N2) of the lighter component 
[Co] = Co(1) + Cof2) = + 
= (2) + {C(1) — €(2)} 
[x] = + (C1) — €((2)} 


- 


and where [ | is the constant symbol corresponding to any com- 
position z, while Cy(1), for example, signifies the Cy constant for 
the component of lesser molecular weight and C9(2) similarly in 
the case of the second component of the binary mixture. This 
scheme is satisfactory for air where the difference in the constants 
of the components is not great and each is a diatomic molecule. 
However, in the case of nitrogen and carbon dioxide a linear com- 
position rule applied to the constants does not lead to A-values 
which correspond with the observed data. The failure of linear 
combination in this case is evident from Fig. 2 where the 
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Fic. 2. Grapn oF THE Constants C, Witn C; = 11 ror THE 
Mixtures, C; = 12 ror Nz, anp C; = 10 ror CO; 
(a, Direct plot of Co, and C versus composition. 6, Small plot of 1/Cos 


and C/Co versus composition.) 


abscissas represent compositions and the ordinates relate to the 
values of Cy, C (C, was taken to be 11 for all compositions) 
evaluated for the heat conductivities of each composition as a 
function of temperature. The diagram is useful however for 
the purpose of obtaining graphically the empirical equation for 
any composition of the binary system N,-CO, over the tem- 
perature range. Extrapolation to higher temperatures for several 
hundred degrees should also give reasonably accurate results 
based on experience with the empirical equation in the case of 
pure gases. 


THe or Hear TRANSFER BY 


CoNnDUCTION 


GENERAL PROBLEM 


The complexity of the problem of the heat conductivity of gas 
mixtures would be less formidable if the physical process was 
understood by which internal molecular energy is transferred. 
The case of the hydrogen molecule illustrates some features of 
the problem in its simpler aspects. 
The hydrogen molecule possesses a very small moment of 
- inertia which causes the rotational energy per degree C (rota- 
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tional specific heat) to fall rapidly from a value of about 2 cal 
per mole at room temperature to a small fraction at liquid-air 
temperatures where its state is almost that of a monatomic gas 
possessing translational energy only, namely, C, becomes little 
more than 3 cal per mole at constant volume. Above 0 C the 
fully excited rotational state is nearly realized and the vibra- 
tional contribution to the specific heat begins to be increasingly 
appreciable as the temperature advances, 

The kinetic theory of gases leads to the conclusion that the 
heat conductivity should be proportional to the product of the 
specific heat and the viscosity. The factor of proportionality is 
also given by the theory but it depends insensitively on the 
form of expression adopted for the intermolecular potential. 
Its value for a monatomic gas is within about 1 per cent of 2.5 
with sufficient approximation for the present discussion. It is 
an empirical fact confirming the theory that all the monatomic 
gases have values of \/C,y close to 2.5, A, C, and 7 representing, 
respectively, the heat conductivity, specific heat at constant 
volume, and viscosity. 

The ratio A/C,» for hydrogen might then be expected to ap- 
proach the value 2.5 at very low temperatures in view of the fact 
that it is approaching with falling temperature the nonrotational 
or monatomic like state. The inference is supported by the ob- 
served data made evident in Fig. 3 where the \/C,n are entered 
as ordinates and the temperature in degrees K as abscissas. 
The limiting value of the ratio F is clearly approaching the value 
2.5 but otherwise is a continuous temperature function exhibiting 
a minimum just before the appearance of appreciable vibrational 
energy above 0 C and the attainment of substantially the fully 
excited rotational state.® 


bes 
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22 
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The other diatomic molecules have large enough moments of 
inertia to cause the temperature region of rapid fall of rotational 
energy to occur at very low temperatures where measurements 
of the components of the ratio F would be impractical because 
the vapor pressures would be vanishingly small. However, 
there is no reason to doubt that hydrogen is not qualitatively 
representative of every diatomic molecule as far as temperature 
dependence of F is concerned. 

The foregoing facts while important do not suggest the physi- 
cal process by which rotational or vibrational energy is trans- 
ferred in heat conduction. It was long ago suggested (5) that the 
internal energy is transferred according to the general relation- 
ship provided by the kinetic theory in the case of monatomic gases 
(possessing translational energy only). Under this assumption 
the general value of \ would be as follows 


* The rotational and vibrational terms are not strictly separable 
and “‘cross"’ terms exist, but for semiquantitative considerations it is 
permissible and useful to consider the specific heat as comprised of 
the three separate components translational (temperature inde- 
pendent except near 0 K), rotational (C,), and vibrational (Cy\»). 


| 
0+ +0 
ig 
% Ne 


= (5/2 + = + + BIC 


where § is the ratio of internal energy to translational energy, 
and C, represents the translational specific heat. Thus, in the 
case of a diatomic nwlecule, 8 would be */; and F becomes (5/2 + 
2/3)/(. + 2/3) = 1.9, which is roughly the value exhibited by 
the diatomic molecules a. room temperature. However, from 
Fig. 3 it will be seen that the value of F for H;, rises steadily with 
temperature above 0 C. Moreover, an attempt to determine the 
proportionality coefficient for the rotational energy-transfer 
term indicates that the coefficient is a function of temperature 
dependent upon the kind or nature of the molecule. The re- 
lationship may be stated in detail as follows: 

The assumption is made that rotational molecular energy and 
vibrational rotational energy are transferred in gaseous heat 
conduction according to the same form of algebraic expression 
that has been giveth by the kinetic theory for a monatomic gas, 
namely, A = 5/2(C,), where C, is the translational energy and 7 
the viscosity. Let it be assumed also that the specific heat C, 
can be considered given by the sum of three contributions, the 
translational, the rotational C,, and the vibrational C,,. The 
heat conduction may then be written as follows 


A= 5 + vin 


ha 
A/n = 5/2 + a(C,/COC, + af /C <li 


However, the specific heat C, also may be written as C, = C1 + 
3) where 8 is the ratio of the internal energy, C, + C,,,, to the 
translational component. The foregoing equation now becomes 


on dividing by C, 
F = X/Cyn = (1/1 + B) (5/2 + + 


where B,, represent C,/C, and Cy /C,, respectively. The 
coefficients a, and a are the coefficients referred to previously, 
and empirically appear, in general, to be pronounced temperature 
functions. A recent paper by E. U, Franck (6) discusses this same 
subject on the basis of new measurements for a number of di- 
atomic nonpolar and polar molecules. The author finds that a, 
is a temperature function for CO, and CH, making certain as- 
sumptions regarding ay based on the behavior of diatomic gases 
at low temperatures. In the case of the diatomic molecules 
there is a single vibrational frequency (generally for linear types 
{3n ——5]). In general, for polyatomic nonlinear molecules con- 
taining n-atoms there are (3n 6) genuine normal vibrational 
modes. Thus there will be four modes for CO, which is known to 
have all three atoms in line, six for ammonia, and nine for meth- 
ane. Therefore it will be expected that the coefficients which 
control the transfer of vibrational energy may depend upon the 
wave length, and the complexity of the situation becomes greater 
with increase in the number of different wave-length modes char- 
acteristic of many atom molecules. Thus in the case of the di- 
atomic molecules N», CO, the vibration frequencies are 
known and the coefficients appear to correlate with the fre- 
queney. 

The importance of the foregoing considerations relates to the 
desirability of an advance in knowledge sufficient to make pos- 
sible the calculation of heat conductivities of gases with ap- 
proximate accuracy to higher temperatures, especially as a pos- 
sible aid in dealing with mixtures. Viscosity is a property which 
can be measured with much greater ease than the heat conduc- 
tivity, and the theory of computing the viscosity of mixtures ap- 
pears to be on a fairly sound practical basis using a simple ex- 
pression for the intermolecular potential (7, 1, 2). The specific 
heat of mixtures for gases is also a solved problem—completely so 
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for low pressures and tolerably satisfactory for gases under pres- 
sure. The probability of success in solving the problem of the 
interrelationship ef viscosity, specific heat, and heat conductivity 
appears to depend on obtaining accurate heat-conductivity data 
from low temperatures to temperatures of at least 800 to 
1000 C. There is already a relative wealth of viscosity and 
specific-heat data. 
Pressure Errects 

The observed data for the effect of pressure on the mixtures 
were given for 50 C in the 1950 Meeting (2). These data were 
discussed on the basis of Enskog’s theory of the pressure effect 
for the case of pure gases. It was found that to a first approxima- 
tion the coefficients of pressure for constant temperature were a 
linear-composition function of the pressure coefficients at the 
same temperature for the pure gases. 

The attempt to obtain the pressure effect for the mixtures at 
higher temperatures has been time-consuming in relation to the 
results achieved. The difficulty is that above a certain pressure 
no steady state independent of time results. As already de- 
scribed in the previous paper (2) the system behaves as though the 
fluid were in a convective state and may be accounted for on the 
assumption that the gases tend to separate in the temperature 
gradient of the conductivity cell. The fact is now established 
beyond doubt that a steady state cannot be achieved for the N.- 
CO, mixtures in the present cell at 150 C above about 20 atm. 
It also appears that with increasing temperatures the disturbing 
effect described occurs at iower pressures. However, the true 
pressure effect falls off rapidly as the temperature advances, 
and the pressure-effect measurement accordingly becomes less 
accurate, thereby magnifying the difficulty of obtaining the true 
effects when thermal diffusion is also a factor. It will be of inter- 
est to determine whether accurate pressure effects for mixtures 
can be obtained at low temperatures. Should the effect prove 
to be measurable at lower temperatures, the present knowledge of 
its temperature dependence will allow of extrapolation to higher 
temperatures. 
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Shell-and-Tube Heat Exchangers 


By 


Heat-transfer measurements have been made on three 
pairs of tube bundles. The bundles of a pair are identical 
except that plain tubes are used in one bundle and finned 
tubes in the other. The finned tubes have from 2.07 to 
2.76 times as much outside surface as the plain tubes. 
Heat-transfer measurements were made for water, lubri- 
cating oil, and glycerine on the shell side. Several tem- 
perature levels and temperature differences were used to 
give a variety of viscosities and other fluid properties. 
Shell-side coefficients were determined by extrapolating 
to infinite water velocity the over-all coefficients for a se- 
ries of water velocities inside the tubes. These shell-side 

coefficients are correlated by the following equation 


k k Me 


: wr The values of C depend upon the bundle and vary from 
_ 0.225 to 0.143. The pressure-drop data are correlated by 
_ the methods presented by Donohue. The heat transferred 
per degree of temperature difference for the clean finned- 
tube bundles varied from 110 per cent of that for the corre- 

_ sponding plain-tube bundles for water to 200 per cent for 

_ the lubricating oil. For the same mass velocity, the shell- 
side coefficients for the finned tubes based on the outside 
area are approximately 80 + 20 per cent of the plain-tube 
coefficients. In all cases, at the same mass velocities the 


A pressure drop is less for the fi d-tube bundl 


NOMENCLATURE 
The following nomenclature is used in the paper: 


A = heat-transfer area, sq ft 
= average heat-transfer area through metal wall of 
tube, sq ft per ft of length 

flow area across tube bundle, sq ft 

effective outside area of finned tube, sq ft per ft of 
tube 

mean area for fluid flow on shell side of tube 
bundle, VA.A,, ft 

outside area of tube, sq ft per ft of length 

flow area through baffle window, sq ft 

area of a fin 

constant in heat-transfer Equations [4] 

constant in heat-transfer Equation [4b] 

heat capacity, Btu per (Ib) (deg F) 

diameter of tube, ft 

equivalent outside diameter of finned tube, ft = 
outside diameter of plain tube having same in- 
side diameter and same weight of metal 


and [4a] 
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= outside diameter of plain tube, ft 
= crossflow mass-flow rate at A,, lb per (sq ft) (hr) 
= mean flow rate, shell side, at A,,, Ib per (sq [t) (hr) 
= conversion factor = 32.17 ft per (sec*) 
= friction factor 
= inside coefficient based on outside area, Btu per 
(sq ft) (deg F) (hr) 
outside coefficient based on outside area for plain 
tubes and effective outside area for finned 
tubes, Btu per (sq ft) (deg F) (hr) 
outside film coefficient based on actual outside 
area for finned tubes, Btu per (sq ft) ( deg F) (hr) 
thermal] conductivity, Btu per (ft) (deg F) (hr) 
length of heat-transfer path through metal wall of 
tubes, ft 
exponent of Reynolds number, Equation [4] 
2.31/(1 + 0.011 7) for use in Wilson plots, where 
T = mean bulk temperature of water inside 
tubes 
number of rows of tubes crossed in crossflow be- 
tween baffle windows 
exponent of Prandtl number, Equation [4] 
tube spacing pitch, in. 
pressure drop per baffle space due to friction of 
crosstlow, psi 
pressure drop per baffle wi dow, psi thie di 
Prandtl! number = C,u/k 
bulk water temperature, deg F 
temperature difference, deg F 
variable temperature difference between bulk fluid 
temperature and point fin temperature, deg F 
temperature difference between bulk fluid tempera- 
ture and that of base or root of a fin, deg F 
over-all heat-transfer coefficient, Btu per (sq ft) 
(deg F) (hr) 
over-all heat-transfer coefficient based on actual 
outside area (plain and finned), Btu per (sq ft) 
(deg F) (hr) 
water velocity inside tube, fps 
shell-side mass-flow rate, lb per hr 
fluid viscosity at bulk temperature 
fluid viscosity at tube-wall temperature | wee 
viscosity ratio 
fin efficiency, see Equation 
fluid density ta 
INTRODUCTION 
The introduction of tubes with plain ends and low fins, about 
'/o in. high, made it feasible to use finned tubes in standard shell- 
and-tube exchangers. These tubes provide about 2.5 times as 
much outside surface as plain tubes and may be used advantage- 
ously when the outside resistance is greater than about 1'/, times 
the inside resistance. The condensing of refrigerants such as 
Freon 12 is an example of the effective use of finned tubes in shell- 
and-tube units accepted in industry (1 to 5).* 


3 Numbers in parentheses refer to the Bibliography at the end of the 
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The cooling or heating of viscous materials such as lubricating 
oils provides the necessary ratio of coefficients for the use of 
finned tubes in shell-and-tube exchangers (6). Armstrong (7) 
reported test data on a baffled shell-and-tube exchanger em- 
ploying finned tubes for cooling a viscous oil and concluded that 
tubes with low fins were advantageous for this service. These 
data were encouraging but seemed insufficient to predict the 
increase in heat transfer obtained by the use of finned tubes in 
shell-and-tube exchangers. No direct comparison was made 
with plain-tube exchangers of the same dimensions. 
An experimental program was developed to compare heat- 
transfer coefficients between plain tubes and finned tubes for 
fluids on the shell side of three pairs of shell-and-tube bundles. 
The pairs of bundles, identical in all details except for the tubes, 
used the shell-circle type of design known to give efficient heat 
exchange (8). The exchangers were tested by circulating water 
to standardize them, and measurements were obtained using 40 
SAE lubricating oil and glycerine as viscous fluids. The data 
were taken in a manner which made it possible to obtain the 
shell-side coefficients in order that they might be correlated by 
the usual dimensionless groups. Pressure-drop data for the shell- | Fic. 2) View or Expertmenta INSTALLATION 
side fluids were measured, since pressure drop may limit the Ae 
fluid velocity in the exchangers. 


EXPERIMENTAL INSTALLATION 


The exchangers are, respectively, 8 in, and 6 in. diam, and the 
removable tube bundles are 48 in. long. The oil is cooled in the 
exchanger under test and is heated in the other exchanger. Fig. 1 
is a flow diagram and Fig. 2 shows the equipment. The shell- 
side fluid is circulated through the two exchangers in series. 
It is heated by steam in the exchanger not under test and cooled 
in the test exchanger. Controlled cooling water is recirculated 
through the test exchanger. The significant specifications for the ; 
6-in, and Sin. bundles are given in Table 1. The plain-tube ex- ‘(ot »\ 738°. Sog0u 
changers, shells and bundles, were commercial units built to the Lora 
manufacturer's specifications. The finned-tube bundles were 
constructed to the same specifications as the plain-tube bundles 
but were tubed with finned tubes. In all cases the bundles were 
identical for each pair except for the tubes. 
Tube-sheet layouts for the three tube sizes are shown in Figs. 
3, 4, and 5. It may be seen that the total space available on a 
cirele adjacent to the shell is filled completely with tubes. The 
area within this circle is filled with tubes on a triangular pitch } 7 
to the extent that it is possible to do so. Fic.3 Tuse-Sueet Layout ror 8-In. Bunpies Nos, 1 anp 2 Wira 
The bundles were installed in the shells so that the baffle cut */-In. TupEs 
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TABLE 1 


DIMENSIONS OF EXCHANGER SHELLS, BUNDLES, AND TUBES 


Quantity 


€-Inch Exchanger 


6-Inch Exchanger 


Shell Ineide Diameter, in. 

Number of Tube Paeses in Exchanger 
Tube-Side Connection 

Shell-Side Connection 7 


7.9 


2-1/2 
35-inch P.T. 


e 


6.008 
2 2 

-inch P.T. -inch P.T. 
P.T. 


2 
e 


Tube Bundle No. 


Length of Tube Bundle, in. 
Length of Tubee in Bundle, in. 


Type of Tube 
Tube Outeide Diameter, in. 
Tube Ingide Diameter, in. 
Tube Root Diameter, in. 
Tube Equivalent Outeide Diameter, in. 
Fine per Inch 
Feight of Fins, in. 
Fin Thicknese at Midpoint, in. 


Tube Outeide Area,sq ft per ft 
Number of Tubee in Bundle 

Total Outeide Area of Tubes, eq ft 
Total Ineide Area of Tubes, eq ft 


Baffle Outeide Diameter, in. 
Height of Baffle Cut, in. 
Length of Baffled Section, 7 
Baffle Thickness, in. 
Number of Baffles 
Ac, Between Baffles, ft 
» Flow Area Through Baffle, eq ft 

Cross Sectional Area for Flow 

Inside Tubee per Pass, sq ft 
Crose-Sectional Area for Flow 

Outeide Tubee per Pass, sq ft 


in. 


: was approximately normal to the axis of the nozzles and the fluid 
4 had to cross the tube bundle from the nozzle to the opening in 
the first baffle. 


Fig. 6 shows the ends of finned and plain-tube bundles. It 
- may be seen that the finned tubes have plain ends similsr to 
plain tubes. The fins have a diameter slightly less than the 
_ plain end, so that the tubes may be inserted in the bundle in a 

- manner identical with that used for plain tubes. Fig. 7 shows 
= cross sections, giving the contour of the fins. The tubes were 
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Fic.4 Tuse-Sueet Layout ror 8-In. Bunpies Nos. 3 4 Wits 
Tuses 


48 

ke. 

Admiralty 
F 


48 
46.64 
Admiralty 
Plain 

0.621 


48 
Admiralty 
inned 


0.0155 


0.304 


0.0335 
0.0643 


smooth on the inside (9). The dimensions of all tubes in a given 
bundle are uniform within 0.001 in., except for fin height, which 
varies up to 0.003 in. 

Measurements in Heat-Transfer Tests. Measurements were 
made of the temperatures of the two liquid streams entering 
and leaving the test exchanger, the flow rates of the two streams, 
and the pressure drop across the shell side of the test exchanger. 
This information is sufficient to permit computation of over-all 
coefficients U in Equation [1] 


1%, 
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48 48 48 
46.64 6.88 46.08 
Admiralty opper Copper pe: 
Plain Plain Finned 
0.751 0.466 = 
0.646 0.305 
0.378 
0.196 0.410 0.132 0.163 0.361 
50 50 ho ho itt 
38.25 79.00 59.08 25.52 54.50 
52.92 25.00 51.31 33.13 21.04 16.70 
7.935 7.935 7.950 7.930 5.956 5.956 
| 1.94 1.9% 3.07 3.07 2.03 2.03 
32 32 4O 4o a 
9 9 9 9 ll ll 
0.0568 0.0575 0.0286 0.02916 0.018 
q=UAalil itl 
‘ x * 
J OUMENSION IN INCHES 
) X } 
6.5 Tuse-Sueer Layout ror 6-Ix, BunpLes 
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‘Temperature measurements were made with mercury-in-glass 
thermometers installed in thermometer wells in mixing chambers 
equipped with disk and doughnut baffles. Shell-side fluid tem- 
peratures were measured with thermometers graduated to 0.10 
deg C, while the waterside temperatures were measured with 
similar thermometers or with Beckmann thermometers 
graduated to 0.01 deg C, when necessary 

Flow rates in both circulation systems were measured by cali- 
brated sharp-edged orifices installed in the 3-in. circulation lines. 
Pressure drops were obtained by the use of mercury manometers 
attached to outlets on the circulation lines approximately 1 in. 
from the exchanger nozzles. 


else 
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Water was selected as one of the shell-side fluids because its 
properties are well known. Lubricating oil, 40 SAE, was chosen 
as a typical viscous oil, and glycerine was selected as a second 
viscous fluid with properties distinct from those of mineral oil. 
The viscosity and thermal conductivity of water were taken 
from McAdams (10), while the heat capacity and density were 
taken from steam tables (11). The densities of the oil and of the 
glycerine were determined in the laboratory at room tempera- 
ture. The changes in density with temperature were taken from 
the National Standard Petroleum Oil Tables (12) for the oil and 
from the International Critical Tables (13) for glycerine. Viscosi- 
ties of the oil and glycerine were determined in the laboratory by 
Fenske pipettes at five temperatures, as plotted in Fig. 8. The 
thermal conductivity of the lubricating oil was determined in the 
laboratory at 86 F. The value fell in the area expected for 
oils, The thermal conductivity of glycerine was taken from Smith 
(14). The specific heats of the lubricating oil and glycerine were 
taken from the literature (13, 15). The values of the physical 
properties of the fluids are tabulated in Table 2. 


Test Procepures AND OPERATION OF EQuirpMENT 


The six tube bundles were tested using, in turn, water, oil, 
and glycerine as the shell-side fluid, with cooling water inside 
the tubes. Four temperature levels for the fluids were used for 
some bundles and fluids, while three levels were used for others. 


BUNDLE 2 


Views SHowine INTERCHANGEABILITY OF FINNED AND Plain Tuses tn BUNDLES 


Most of the tests used a temperature difference between the 
shell-side fluid and the cooling water of around 25 deg F. For 
about 10 per cent of the data, temperature differences of 50 to 
55 deg F were employed. Table 3 is a summary of test conditions 
for all tube bundles. 

Approximately half of the individual determinations of out- 
side coefficients were obtained by the use of Wilson plots (17). 
The other points were calculated using inside coefficients deter- 
mined by the slope of the Wilson-plot lines. The equipment was 
operated until it reached a steady state, and then a series of read- 
ings were taken at about one-min intervals. Four sets of four 
readings were taken for Wilson plots while one set of ten readings 
was taken for the individual coefficients. The shell-side inlet 
and outlet temperatures were held constant during Wilson-plot 
runs, the tube-side water temperature being raised as the velocity 
through the tubes was increased. This procedure gives a true 
Wilson plot since the temperature drop through the shell-side 
liquid film remains constant as does the heat load. There are 208 
individual runs. 

The tests may be considered as applying to clean tubes. Water 
deposited a thin film removable by touch or washing. The in- 
sides of the tubes were cleaned with a stiff brush and dilute hydro- 
chloric acid at the beginning of a series of tests for each bundle 
with each fluid. The outsides of the tubes were cleaned after 
tests with water on the shell side. The tubes were rinsed by 
pumping through the shell side a dilute hydrochloric-acid solution 
containing a detergent. 


CALCULATION OF SHELL-Sripe 


Over-All Coefficients. Over-all coefficients were computed by 
Equation [1]. The quantity of heat transferred was measured 
for both the shell-side and the tube-side fluids. The hot shell- 
side fluid lost heat to the surroundings, and therefore the com- 
puted shell-side heat transfer might be expected to be greater 
than the actual transfer. Likewise, the cooling water lost heat 
to the air between the points of temperature measurement. It 
was found that a difference in heat transfer between the two 
streams was of the order of 100 Btu per degree temperature dif- 
ference between the shell fluid and the room. This difference rep- 
resented from 1 to 10 per cent of the total heat transfer. It ap- 


BUNDLE 2 


VISCOSITY CENTIPOISE 
+ +4 44 
VISCOSITY CENTIPOISE 


$ 

+ 

+ 


TEMP 


Fie. 8 


ared logical to average the heat transferred on the two sides to 
obtain q. 

The temperature difference used is the logarithmic-méan tem- 
perature difference corrected for the two passes on the cooling- 
water side,* or the temperature difference.* 

Wilson Plots. A plot of the reciprocal of the over-all coef- 

ient versus a function of the reciprocal of the water velocity to 

he 0.8 power, extrapolated to infinite water velocity, gives the 

sistance of the remainder of the heat-transfer path (17). Fig. 9 

an example of a set of these Wilson plots. After subtracting 

¢ metal resistance from the intercept, the reciprocal of the 
ell-side coefficient is obtained. The convection coefficient for 
ater may be expressed by a simplified equation as a function of 
mperature and velocity (10); this relationship has been used 
bring all the Wilson-plot water velocities to the same base 
mperature by plotting 1/U, versus N/V**, which should give 
raight lines of uniform slope for a given tube bundle. It was a 
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‘Fie. 7 Lonerrvuptnat Section or Finnep Tuses * Computed by equation 19, of McAdams (10), p. 145. 


TABLE 2 PHYSICAL PROPERTIES OF SHELL-SIDE FLUIDS 


SAE Motor Oil Glycerine 


Temperature 
140 180 


Deng ity 
prt d 0.88 


Viscosity 
Cent ipoise F 260 


Thermal 
Conductivity J 0.166 0.168 0.170 


Btu/hr °F ft 


Specific 
Heat 
Btu/lb °F 


| served se | FIG. 8 VISCOSITY OF FLUIDS | 
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SUMMARY OF TEST CONDITIONS 


Shell Side 


Water 


Glycerine 


Bundle 1 
3/4-in. plain tubee in 
6-in. shell 


Inlet Temp., °F 
aT, °F 

Flow Rate, 
Inlet Temp., °F 


finned tubes in aT, 
ehell Flow Rate, lbe/hr 


Bundle 2 
8-in. 


Bundle 3 
1/2-in. plain tubes in 
. shell Flow Rate, lbe/hr 
Inlet Temp., °F 
aT, °F 
Flow Rate, lbe/or 


. finned tubee in 
ehell 


Inlet Temp., °F 
Plain tubes in aT, °F 
. ehell Flow Rate, lbe/hr 


Inlet Temp., °F 
°F 
Flow Rate, lbe/hr 


. finned tubee in 
- shell 


177 223, 193, 
17.8 - 11.8 38. 
61,000 - 17,000 


177 227, 195, 
15.8 - 9.2 5. 5h .0 
61,000 - 17,100 


193, 158, 122 
22.0 - 11.2 30.3 - 18.1 29.3 
72,400 - 13,300 


193, 158, 122 
16.5 - 8.1 
77,000 15,200 


177 
32.3 - 10.4 
40,000 - 11,300 


177 
15.5 - 8.8 
49,600 - 12,100 


158, 122 
4 - 24.8 
73,000 - 15,400 


157, 131 
- 18.1 
78,300 - 13,400 
227, 194, 158, 122 
- 16.4 
70,500 - 15,600 
226, 195, 
27.2 
75,500 


227, 193, 

38.4 

52,000 
227, 19%, 1351 


53.2 = 16.1 
6,100 - 13,500 


FIG 9 WILSON PLOT OF DATA OBTAINED 
WITH WATER ON SHELL SIDE OF 6 
EXCHANGER WITH Se" FINNED TUBES 
BUNDLE No.6 
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valuable aid to correlation to know that all Wilson-plot lines for a 
bundle should be of the same slope. 

Fin Efficiency. During heat transfer in the finned-tube ex- 
changers, the temperature along the outside surface of the fin is 
higher than at the base of the fin. A procedure which has been 
found satisfactory for evaluating the effect of this temperature 
distribution is the use of a fin efficiency (18). The fin efficiency is 
defined as follows 


AT’ d(a,;) 


= 


An effective area A, is defined as the sum of the root area and 
the fin area times the fin efficiency. This effective area may be 
used in heat-transfer equations along with the temperature dif- 
ferences which apply for outside-surface temperatures at the 
root of the fin. Gardner (18) has computed the fin efficiency for 
several shapes; Fig. 6 of his paper, with a fin of constant cross 
section for heat flow, was used. These efficiencies depend upon 
the coefficient of heat transfer adjacent to the fin surface as well 
as the conductivity of the fin metal and fin dimensions. Eighty 
per cent of the total tube surface was considered finned area and 
20 per cent root area. 

Film Coefficients From Single Over-Ali Coefficients. After sev- 
eral Wilson plots had been obtained for each tube bundle, the 
inside coefficients listed in Table 4 were determined from the 
slope of the Wilson plot. The outside film coefficient could then 
be obtained from a single over-all coefficient by use of Equation 
{3}. 


TABLE 4 EQUATIONS FOR INSIDE COEFFICIENTS 
Shell and tube Equation 
8 in. */¢ in. 
8 in. in. finned 
8 in. '/2 in. plain 
8 in. '/: in. finned 


= 4 T) vo 

6 in. */s in. plain = 29 

6 in. in. finned = 


T) 
kAave 


T) ves 
CorRELATION OF Heat-TrRANSFER Data 


Bundle no 
T) Vos 
T) vo 
T) 


The data on the plain-tube bundles were correlated first, since 
they might be expected to follow correlations previously estab- 
lished by Donohue (19), Short (20), or Tinker (8). The data 
obtained did not permit a study of baffle spacing, baffle height, 
or tube arrangement; but they permitted a study of Reynolds 
number at constant Prandt] number and of Prandtl number at 


Tube Bundle — AE 40 Lube O11 
| 
| 
56,000 - 13,800 
195 - 113 7 
6- 42,000 - 8,600 
Bundle 6 196 - 11% 
6-1 39,3500 - 10, 800 ‘ 
i 
i 22 ' 
' A &g 
‘4 
« 
08 
o4 
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- constant Reynolds number. The correlations for the finned-tube 
data closely paralleled the correlation of the plain-tube data. 
Plcin Tubes. The shell-side coefficients were assumed to fol- 


low an equation of the following form 


(EY (2 
k k 
a The physical and thermal properties of the shell-side fluid are 
taken at the mean bulk temperature, with the exception of y,, 
- the viscosity at the tube wall. 
_ The velocity of the fluid as it passes through the bundle be- 
tween the tubes and baffles will vary and some mean value must 
be used. After due consideration of the procedures (8, 19, 20) it 
was decided to use one recommended by Donohue, as follows 
w 
A, 
follows 


A, = VAA. 


The mean flow area is defined as 


the baffle spacing. In these cases the A,, for this part of the ex- 

_ changer was calculated separately and a weighted average of this 

: A,, and the A,, for the baffled portion was used as the final A,,. 
& mean flow areas for all exchangers are listed in Table 1. 

; The Nusselt number was plotted against the Reynolds num- 

ber for several series of runs in which the temperature level, 

and hence the Prandt! number, was essentially constant for the 

% series. Fig. 10, for bundle 1, is an example of the plots obtained. 

a It may be observed that there is a lower slope for these curves at 

; “a low Reynolds numbers than at high Reynolds numbers. This 

ss means that Equation [4], with constant exponents, will not give 

= > . the best correlation of the data. However, a practical correlation 

is required for design procedures, and an average slope of the 

_ lines in figures similar to Fig. 10 was used as the exponent for the 

_ Reynolds number. To determine the exponent for the Prandtl 

number, it was plotted against the product of the Nusselt num- 
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ber, the Reynolds number to the 0.65 power, and the viscosity 
ratio to 0.14 power, with Fig. 11, for bundle 1, shown as an 
example of the final result. The slope of this curve was used as 
the exponent on the Prandt! number for the final correlation by 
Equation [4] and plotted for bundle 1 in Fig. 12; the final cor- 
relation for bundles 2 to 6 is plotted in Figs. 13, 14, 15, 16, 17. 
It seemed appropriate to arrive at the same values of the ex- 
ponents of each dimensionless group for all bundles when the 
data permitted. 

Finned Tubes. The data and correlations for finned tubes 
paralleled those for plain tubes. In Equation [4], D, the diame- 
ter of the tube, becomes D,, the equivalent outside diameter. 
It is defined as the outside diameter of a plain tube having the 
same inside diameter and the same weight of metal. The values 
of D, are given in Table 1. In computing crossflow area A,, D, 

.is used for tubes, but in computing the window area A,, the 
diameter over the fins, is used. 

The exponents for the Prandtl and Reynolds numbers have 
been taken as 0.375 and 0.65, respectively, as for the plain tubes 


AD _ ms (“) 
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The values of C for all bundles are given in Table 5. 


TABLES CONSTANTS IN CONVECTION COEFFICIENT 


EQUATION 
undle no. Cc’ in Equation [46] C in Equation [4a 
i 0.356 


0.200 
0.255 1 
0.302 1 
0.205 | 
0.400 
0.324 


B 
1 

2 
3 
4 
5 
6 


Correlation With Exponents From Literature. In order that 
comparisons might be made on the basis of the exponents used by 
Donohue, Tinker, and Short, the experimental data were plotted 
with these exponents according to Equation [4] 
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FIGURE 10 GRAPHICAL STUDY OF DATA TO DETERMINE 
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FIGURE (2 CORRELATION OF HEAT TRANSFER 
DATA FOR THREE FLUIDS ON SHELL SIDE OF 3" 
PLAIN TUBES IN 6" SHELL 


Fig. 12 


This changes the exponent for the Prandtl number from 0.375 
to 0.333 and the exponent for the Reynolds number from 0.65 
to 0.60. Fig. 18 is an example of the correlation with these 
exponents from the literature for bundle 1. It may be observed 
that the exponents derived in this study and used in Figs. 12 to 
17, vield a slightly better fit of the data to the line than do the 
exponents from the literature. 

A similar correlation for the other bundles gave the constants 
C’ shown in Table 5, 

The convection-coefficient equation recommended by Dono- 
hue for commercial exchangers with bored shells is of the form 
Equation [46], with C’ equal to 0.25. It may be observed that 
the poorest plain-tube performance for the test exchangers gave 
20 per cent higher shell-side coefficients than does the recom- 


mended literature value, while the best plain-tube exchanger in 
these tests gave coefficients 60 per cent higher than recom- 
mended by Donohue. 

A comparison of the performance of the plain-tube exchangers 
gives no clue as to the effects of tube-and-shell diameter beyond 
those observed in Equation [4], except that over the range of 
dimension used, they are not critical. 

Are Exponents for Dimensionless Groups Constants? As a prac- 
tical matter, the exponents in Equation [4] were considered to 
be constants. However, a better fit of the data would have been 
possible if the exponents for the Reynolds number, Prandtl 
number, and the viscosity ratio had been considered as variables. 

Curves have been drawn through the data for the plain-tube 
bundle in Fig. 12, and this curve represents the data better than 
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the straight line. Between Reynolds numbers of 50 and 50,000, 
the slope of the curve varies from 0.41 to 0.70. For the finned- 
tube bundles, the curvature at low Reynolds numbers is not 
observed, but the water data show a definitely higher slope than 
0.65. These observations would indicate that it may be expedi- 
ent to use one exponent for one range of Reynolds numbers and 
another for a different range. 

The viscosity ratio was studied by Gardner and Siller (21), 
who observed that the exponent increased with increasing Rey- 
nolds number. Scattering, which was observed in the water 
data at high Reynolds numbers, could be minimized by em- 


ploying an exponent of 0.8 for the viscosity ratio in this region. 
A similar argument could be advanced for a variable exponent of 
the Prandt] number. 
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RECOMMENDED Coerricients ror Finnep Tuses 


The data are not complete in the sense that they do not pro- 
vide coefficients for other exchanger designs with finned tubes. 

For plain-tube exchangers with known performance, the value 
of C’ is known for Equation [45], and the equation may be used 
to compute convection coefficients. For finned-tube exchangers 
of the same design and clearances, this same equation may be 
used with D,, the equivalent diameter, replacing D,, and with a 
new value for C’. It is recommended that 


C’ (finned tube) = C’ (plain tube) X 0.7 for Equation [45] 


C (finned tube) =C(plaintube) 0.7 for Equation [4a] 


= 
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due to the smaller clearance for flow between the tube bundle and 
shell. 


Owing to velocity and diameter changes with finned tubes as 
compared to plain tubes it is necessary to compute the convec- 
tion coefficient; one cannot apply the foregoing factor directly 
to the If the fin height were near the plain-end 
diameter as it is for bundle 6, the ratio of constants might well be 
taken as 0.8 or slightly higher 

As an aid in estimating the performance of exchangers, the 
constants, given in Table 6, are recommended for use in Equa- 
tions [4a] and {46}. The constants for the standard-design plain- 
tube exchangers were taken from Donohue (19), while the con- 
stants for the shell-circle design were determined from the data of 
this investigation. The finned-tube constants are taken as 70 


CONSTANTS SUGGESTED FOR USE IN EQUATIONS 
[4a] and [46] 


coefficient. TABLE 6 


C for Equation C’ for Equation 
Plain ‘inned 
0.34 
0.25 
0.22 


Plain “inned 
0.19 0.13 

0.14 0.098 
0.125 0.087 


Type of exchanger 
Shell-cirele design, bored shell 
Standard design, bored shell. 
Standard design, unbored shel! 


Heat Transfer Per Degree Temperature Difference. The heat 
transferred by the plain-tube bundle could be compared directly 


per cent of the plain-tube constants as suggested in the foregoing. 
The higher coefficient for the shell-circle design would seem to be 


with the heat transferred by the finned-tube bundle if the tempera- 
ture level and temperature differences were the same. Since 
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data are not available which have exactly the same temperature 
difference for the two exchangers, the heat transfer per degree 
temperature difference may be compared, provided the tempera- 
ture levels and hence the physical properties of the fluids are 
essentially the same. The comparisons with water would show 
the least increase in heat transfer for finned tubes owing to the 
high coefficients on the shell side, while the comparisons for oil 
will show the greatest benefit from the finned tubes. Bundles 3 
and 4 will show the least improvement for the finned tubes with 
oil, and bundles 5 and 6 the most improvement because of the 
nature of the clearances between the tube and the baffle. 

Fig. 19, for oil on the shell side of exchanger bundles 5 and 6, 
shows the maximum benefit found for the finned tubes. The 
finned tubes more than doubled the heat transfer at the higher 
tube-side water velocities. 

The reasons for the performance of the finned tubes have been 


indicated by Knudsen and Katz (22). Visual studies of fluids 
flowing parallel to the axis of finned tubes showed that they 
entered the space between the fins and formed eddies. These 
studies indicated that the fluid adjacent to the finned surface, 
even at the root of the fins, couid well be more turbulent than 
fluid adjacent to a plein tube. 


CoRRELATION OF Pressure-Drop Data 


Pressure-drop data were observed for the shell-side fluid on all 
runs. For the same fluid rate and temperatures, the pressure 
drop for the finned-tube bundle was less than for the plain-tube 
bundle. This statement applies for all three fluids and the three 
pairs of bundles. Typical pressure-drop data for the shell-side 
fluid are plotted in Fig. 20. It is appreciated that the flow rates in 
the exchangers under test exceeded flow rates normally used 
in commercial operation. Mass rates up to 1,500,000 lb per sq 
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ft per hr were obtained with pressure losses up to 12 psi. Flow 
rates in large exchangers with a pressure-drop limit of 12 psi 
a attain mass rates of 200,000 to 500,000 Ib per sq ft per hr. 
The friction loss of flow across tubes may be expected to follow 
a friction-factor curve such as was used by Donohue (19).* 
The friction factor is a function of the Reynolds number on the 
shell side and is related to pressure drop as follows 


The experimental data were used to evaluate f, the friction 
factor, in the following manner: The sum of the outlet-nozzle 


1.07 fn G2 
(P; P, = 1.07 fn 


kinetic energy and the total baffle loss were subtracted from the 


* Since writing the paper it was learned that Donohue counted the 
tubes between the centers of gtavity of the baffle cuts while this 


tubes counted them between the cuts. 


experimental pressure drop to obtain the pressure loss resulting 
from crossflow, (P; — P:),, This value was substituted in 
Equation [7] for (P, — P:),, and the friction factor f was com- 


puted for each run. Figs. 21, 22, 23 are plots of the calculated 
friction factors for the six bundles. 
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‘The ix important process factors which affect the applica- 
tion of automatic control are discussed under three head- 
| ings: (a) In the section for selection of criteria of process 

conditions, it is emphasized that the factors selected to 
represent process operating conditions must truly repre- 
sent the conditions and bear a substantially linear rela- 
tion to them. Discontinuities are to be avoided. (6) 
Self-regulation is a sustained reaction inherent in a proc- 
ess which assists or opposes the establishment of equilib- 
rium. Its presence or absence may determine whether 
or not automatic control is practical. Typical examples 
are given. (c) Process lag is classified under six different 
types of common time reactions. A qualitative discussion 
points out which types of lag and lag combinations assist 
and which oppose good automatic-control results. The 
effect of automatic-control arrang t and regulator 
performance are brought out. Hydraulic examples of 
process-lag combinations are presented, with the corre- 
sponding reaction curves. 


SELECTION oF CriTeRIA OF Process ConpITIONS 


products of definite specifications—physical, chemical, 
“ or both. It is rare, however, that it is possible to apply 
_ ~ measurement directly to these factors, and therefore it becomes 
necessary to select process variables for measurement and control 
which vary quantitatively with the desired properties. Even 
_ where analytical type measurements may be applied to the final 
product, it is frequently impractical to institute automatic 
control action from such measurement, owing to the time factors 
introduced by what are commonly called “process lags.”’ It is 
generally necessary to resort to the measurement and control 

7 _ of variables throughout a process to which the composition of 
the final product bears a significant relation and which are 
_ substantially linear within the operating range. Some physical 

ffect of chemical change such as temperature, pressure, conductiv- 


T purpose of applying automatic control is to produce 


ity, or pH may be used. Most other measurements and auto- 
_ matic control applications are made in order to maintain the physi- 
cal inventory throughout the process in balance, or for the pur- 
pose of providing time for chemical reactions or physical changes 
to take place. 

Without going into a complete discussion of the application 
of automatic control, it may be stated that “discontinuities” 
in operation, whether of measurement or automatic-control 
ae action, are about the most bothersome factors to deal with. 
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It is highly necessary, therefore, that the variables sele ted for 
measurement for automatic control purposes be truly representa- 
tive of changes in process conditions. Under constant operating 
conditions, some variables may become constant which do not 
vary quantitatively with changes in operating conditions. For 
instance, this is true of the temperature of pure liquids at boil- 
ing or freezing points, and of the temperature of steel at the de- 
calescence point. Curves of pH frequently show reversals and 
irregularities that may make the use of pH impractical as a 
measurement suitable for automatic-control purposes. The 
characteristic curve of a pump may be such that the discharge 
pressure does not vary with volume of flow, and is therefore not 
significant of process conditions 

Many such troublesome conditions may occur, and care should 
be exerted to see that they are avoided. It is frequently possible 
to select another process variable, to use some other type of 
pumping equipment, or to rearrange the process to avoid such 
effects. Where they are unavoidable, a great deal of thought 
should be given to the selection of automatic-contro! equipment 
and its action to overcome the difficulties caused by such ir- 
regularities. 

An example of the need for careful consideration and selection 
of the variables and points of measurement and control is shown 
by the evaporator application (illustrated in Fig. 24). The 
evaporator serves to concentrate a feed stock to desired value and 
to provide uniform rate of feed of vapors to a fractionating 
column. 

There are two feeds to the process—liquid feed and steam; 
and three drawoffs—vapor, process liquid, and steam condensate. 
This is a case where the determination of which measured value 
shall be used to regulate which process factor is not obvious 
Liquid level could be used to control steam, feed, or liquid drawoff, 
likewise with vapor flow and density The process as pictured 
was laid out to minimize unfavorable effects. Rate of vapor 
flow is the primary control. If the set point is increased, the 
resulting decrease in liquid level wil! increase feed flow and higher 
density of bottoms will increase drawoff. There might be a 
temporary instability of liquid level, owing to the increased 
ebullition, which would cause a temporary false increase in liquid 
level. If so, three-element control could be used which maintained 
feed flow in direct proportion to vapor flow, with correction from 
liquid level to account for variations in feed composition. 

Assume a different control hookup as shown by the dotted 
lines. In this case, the rate of flow regulator on the vapor manipu- 
lates the feed, and the liquid-level regulator the steam. Now, 
if the set point of the vapor-flow controller is raised, the first 
effect of the resulting feed increase is to decrease the rate of evapo- 
ration, and in all probability to decrease the liquid level, since 
the cold feed entering will reduce the ebullition in the evaporator, 
and consequently the liquid level. The decrease in vapor flow 
will cause the flow regulator to open the feed valve still farther, 
making the situation worse. The liquid-level regulator also will 
reduce the steam flow owing to the false liquid-level indication. 
Eventually the increased feed idw will increase the liquid level, 
and the liquid-level regulator will increase the steam flow; 
but in the meantime an excess quantity of liquid has accumulated 
in the evaporator, which will cause an excess vapor flow until 
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the excess liquid has boiled off, and this excess vapor flow will 
cause the vapor-flow regulator to shut down on the feed, leading 
to a diminishing cycle in the opposite direction. Such a control 
hookup would be extremely difficult to stabilize. It might be 
possible to do so, but only at the sacrifice of control precision. 

In actual operation, even the control hookup described as 
satisfactory proved impossible to stabilize, and resort was had to 
the “three-element” type of operation commonly used on high- 
pressure, high-capacity steam generators. In this combination 
feed flow is made proportional to vapor flow by means of a ratio 
flow regulator, with the ratio being changed as necessary by the 
liquid-level regulator, in order to maintain level. 

Similar reasoning applies to other combinations, such as hav- 
ing the density regulator manipulate the steam valve. It might 
be an improvement to have the density regulator manipulate 
the feed valve, and the level regulator the drawoff valve. Do- 
ing 80 might reduce some of the system time constants, but only 
experiment could determine this. 


Sei_r-REGULATION 


This factor may be the one which determines whether or not the 
application of automatic control is feasible in the presence of 
other difficulties, such as unsatisfactory measurements or process 
lags. Self-regulation is defined by the Society as “a sustained 
reaction inherent in the process which assists or opposes the estab- 
lishment of equilibrium.” It is probably best understood by 
considering some typical process examples. 

Fig. 1 illustrates a very simple case of self-regulation. In the 
section of pipe between the two restrictions, the pressure of 
liquid flowing will adjust itself practically instantaneously to 
equalize flow out with flow in. Liquid level in an open tank as 
shown in Fig. 2, will vary with the rates of flow in and out. 
Every rate of flow in will eventually produce a height of liquid 
sufficient to cause an equal flow out, up to the flow which is as 
great as will be produced through the outflow restriction by the 
maximum head possible. 

If, however, the tank is closed and subjected to an extraneous 


REGULATION—POSITIVE 


TIME 
FIG. 3 


SELF REGULATION—NEUTRAL 


oa 
SUPPLY 


Oe: 
35 ) 
Sel 


TIME 


FIG. 5 
SELF REGULATION—NEGATIVE 


pressure which is very high compared to the maximum possible 
variation in liquid head, such as a high-pressure boiler drum 
as illustrated in Fig. 3, the change in inflow produced by liquid- 
level changes will be insignificant, and comparatively small 
differences between flow in and flow out will cause the drum to 
flood or go dry. Such a case results also where constant rate 
of flow is imposed, such as removing the liquid by means of a 
constant-displacement pump, as in Fig. 4, or by using a constant 
rate of flow regulator on the outflow. In the case of steering a 
power-driven boat or an airplane, there is no effective self- 
regulation. 

In the case of Fig. 5, where an air lift is used to remove fluid 
coming into a vessel, any tendency toward disequilibrium be- 
comes progressively more so. If for any reason the column 
becomes more highly aerated than is necessary to maintain an 
equilibrium, the greater is the tendency to do so, since the pres- 
sure at the bottom of the vessel decreases, which tends to in- 
crease the air flow, which tends to cause more aeration, dropping 
the pressure further, and so on. 

Many cases are difficult to analyze and yet it is vital that this 
analysis be made, since the presence or absence of self-regulation 
in a process or piece of equipment may mean the difference be- 
tween an operable and inoperable plant whether the control is 
automatic or manual. 

Engine or turbine-driven pumps or compressors may or may 
not possess this feature in actual application, depending on the 
process. If the process is one where constant torque is required, 
regardless of speed (neglecting the relatively small change in 
torque requirement due to variation in friction with varying 
speed) then there is no self-regulation. Such might be the case 
where a steam engine-driven compressor discharges against a 
pressure held constant by other means, and it is desired to main- 
tain constant suction pressure. In many cases the full permis- 
sible speed variations would produce very small change in suc- 
tion pressure so that the torque change would be negligible. 
Therefore the compressor might run at any speed for any cutoff 
setting. If, however, the suction pressure varies definitely with 
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speed change, the resultant change in torque required might be 
suf. cient to produce appreciable self-regulation. 

Chemical reactions may or may not produce self-regulating 
effects. Generally speaking, endothermic reactions assist equi- _ 
librium, while exothermic reactions tend to produce disequilib- 
rium. This is because chemical-reaction speed usually increases 
with increasing temperature. If heat must be supplied to cause 
the reaction to proceed, then an increase in speed of reaction will 
not cause an increase in temperature, although it may permit 
a higher temperature. If, however, increased speed of reaction 
causes increased temperature, which further increases speed of 
reaction, the tendency toward disequilibrium is self-perpetuating. 

The tendency of processes to come to equilibrium, which may 
be termed “positive self-regulation,” is of great assistance in pro- 
ducing successful automatic control, while the tendency toward 
disequilibrium is very detrimental. Every process should be 
studied carefully while in the design state in an effort to deter- 
mine what tendencies exist and if at all possible, to assure positive 
self-regulation throughout. 


Process Lac 


Under balanced operating conditions, there-is no analyzable 
necessity for automatic contro! in the ordinary continuous proc- 
ess. Itis only because of interferences with or upsets to balanced 
conditions that automatic control becomes necessary. The 
function of automatic control is to prevent deviations from bal- 
ance, or effect restoration to balance as quickly as possible. 
Since the process affects the automatic control at the same time 
that the automatic control is affecting the process, the dynamic 
response of the process to the restorative action of the automatic 
control must be taken into account 

The dynamic response of the process, both to the upsets which 
necessitate automatic-control action, and to the restorative action 
of the automatic-control action, is governed by the capacity, 
capacitance, resistance to flow, and dead time in the process. 

In ASME “Automatic Control Terminology” is the following: 

“Delaying or retarding effects associated with industrial proc- 
ess control are caused by capacitance, resistance, and dead time 
(either separately or in combination) and have often been desig- 
nated as various forms of ‘lag.’ These three terms cover the basic 
concepts involved and, in the interest of clarity, should be used in 
place of the less exact term lag.” 

Capacity is a measure of the maximum quantity of energy or 
material which can be stored. It is measured in units of quantity. 

The volume capacity of an open tank, for example, is the 
maximum volume of liquid it will hold without overflowing 
The weight capacity of a compressed-air tank is the maximum 
weight of air which it will hold without exceeding safe pressure. 

Capacitance is the change in quantity contained per unit of 
change in some reference variable. It is measured in units 
of quantity, divided by the reference variable. 

The energy or material being contained and the reference 
variable determine the type of capacitance. Process capacitance 
may involve different quantities and reference variables, and 
several types may exist together in one process. 

The volume capacitance of an open tank with respect to head 
is the change of volume of stored liquid per unit change of head, 
which is equivalent in value to the area of the liquid surface. 
It should be noted that if the shape of the tank causes the liquid 
surface area to vary with change of head, the capacitance will 
vary likewise with head. 

The weight capacitance of a gas-filled tank with respect to 
pressure is the change of weight of stored gas per unit change of 
pressure 

Resistance is opposition to fiow. It is measured in units of 
a change required to produce unit change in flow. 


Dead time is any definite delay period between two 
actions. It is measured in units of time.” 
The foregoing may be summarized as follows: 


=f 


Capacity is a quantity term. 
Capacitance is a Giiifensional ratio. 
Resistance is a potential factor. 
Dead time is a finite delay. 


These process factors have been referred to in the technical 
literature on automatic control, but only in rare instances has 
the discussion considered process time reaction curves only, and 
where this has been done, it has been on a highly theoretical 
basis, or for a very limited range of conditions. From the stand- 
point of the nonspecialist in automatic control, the literature is 
difficult to grasp and apply. ; 

The time relation between deviation of the measured variable _ 
from the desired value and its response to corrective action deter-_ 
mines the ease or difficulty of either manual or automatic con- _ 
trol. It is worthy of note that manual and automatic control 
are not equally feasible. Automatic control properly selected 
and applied may easily take care of applications which are diffi- 
cult, if not impossible, to control manually; and many applica- 
tions may be handled with comparative ease on manual control 
which are very difficult for automatic control. 

The extremely large number of ways in which the time-delay 
factors can be combined makes it impossible to discuss all pos-- 

sible combinations of them. There are several combinations, 
however, which occur commonly and give rise to time sorry 
which may be classified as follows: 

Class 1, Fig. 6. The variable can change quickly, but response 


to corrective action is just as rapid. 


ECTION 


TIME 
FIG. 6 


The combination of rapid change of variable and rapid re- 
sponse to corrective action may produce an application almost 
impossible to handle with manual control, but fairly easy to 
handle with comparatively simple automatic-control equipment 
of the correct type. Such an application requires constant — 
attention and high speed of operation, both of which are diffi- 
cult for human operators, but which are comparatively easy for 
properly designed and selected automatic-control equipment. 

Class 2, Fig. 7. The variable can change quickly but response — 
to corrective action is slow. 

Where the variable can change quickly but responds slowly 
to corrective action, either manual or automatic control is con- 
fronted with extreme difficulty. Good control becomes diffi- — 
cult to achieve except under very uniform or very slowly chang- _ 
ing conditions. Where such process conditions occur, a very 
careful examination should be made to determine if it is not | 
possible to select some other variable which is not subject to 
such limitations, another point of measurement, or even to re- 
arrange the process or apparatus to reduce the delay. If none 7 
of these is possible, the process must be run at a very uniform rate 
in order to secure good control. 

Class 3, Fig. 8. The variable can change only slowly; response 
to corrective action starts immediately at maximum rate of 
— but equilibrium comes about slowly. 
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Where the variable can change only slowly, but starts to re- 
spond immediately to corrective action at maximum rate of change, 
end approaches equilibrium slowly, good automatic control is 
generally very easy to secure. 

Class 4, Fig. 9. The variable can change only slowly, and re- 
sponse to corrective action starts slowly, attains a maximum rate 
of change later, and equilibrium comes about slowly. 

Where the variable can change only slowly, but starts to respond 
immediately to corrective action at minimum rate of change, 
difficulty may be applying automatic control, 
although frequently manual control of such an application proves 
not too difficult. Here again the process design should be re- 
viewed carefully, to determine if some rearrangement may not 
produce a more favorable reaction time curve. 

Class 5, Fig. 10. The variable can change quickly, but re- 
sponse to the corrective action occurs only after finite time delay. 

Where the variable can change quickly but responds to correc- 
tive action only after a finite time delay, the difficulty of either 
manual or automatic control is great, and the same condition 
exists as under Class 2 

Class 6, Fig. 11. The variable can change only slowly, but 
response to corrective action begins only after a finite time delay. 

Where the variable can change only slowly, but responds to 
corrective action only after a finite time delay, difficulty is en- 
countered for either manual or automatic control. The finite 
time delay, which is characterized by the ASME as “dead time,”’ 
is the most difficult process factor to handle, and always should 
be eliminated or minimized to the utmost possible. 

Frequently, a rearrangement of automatic controls will suffice 
to overcome a great many of these difficulties. In Fig. 12 is 
illustrated a flow and liquid-level control problem. If the setup 
is made as illustrated in solid lines, the problem of liquid-level | 


TIME 


FIG. 10 


encountered in 


FIG. 12 


period. Note that if each tank is equipped with a level regula- 
tor which holds level very exactly, it is immaterial whether the 
flow regulator is installed ahead of or after the tanks. 

It is interesting also to note the effect of so-called “exact cor- 
rection” control on such a process. This type of control is ar- 
ranged so that some measurement of changing demand produces 
a simultaneous and corresponding change in supply. It is very 
useful where the delay in control is primarily due to the inability 
of the measuring element of the regulator to detect changes in 
the measured variable quickly enough, or where there is some 
irregularity in the response of the measured variable to change. 
It cannot be used, however, as a short circuit around process 
delays. In the case of Fig. 12, if the equipment were hooked 
up as shown in the dotted lines, an exact correction type of 
installation could be made as shown in Fig. 13. A flow-ratio 
regulator maintains correspondence as exact as possible between 
the flow in and the flow out, with a final correction from the level 
regulator, whose function is to correct the smal! inevitable dis- 
crepancy between the two flows. However, if the set point 
of the flow regulator on the outflow is changed, the level in the 
last tank will change in spite of the immediate exact correction 
change in the flow into the system. The intervening storage 
capacities of the first two tanks, and the resistance to flow be- 
tween them cause time-phase differences which cannot be cor- 
rected immediately. 

Irregularities or delays in regulator performance produce the 
same effects as process delays. Sticking and lost motion produce 
dead time. Sluggishness of response of the measuring element, 
such as that caused by using a heavy socket or wall on a tempera- 
ture element, produces the same effect as that of the introduction 


control is quite simple, as a good controller, free of friction and 


lost motion, will pass along to the outflow line the quantity enter- 
ing the tank on which it is installed. If the set point of the rate-_ 


of-flow controller is changed, the effect of the change will work 


through the tanks, being attenuated somewhat in doing so, and 
will result in the establishment of the new rate of flow out of 
the final tank. If, however, the layout is made as shown by the 
dotted lines, then the level controller is confronted with a very ; 
difficult task in maintaining level constant. To allow it to do so_ 
wil mean that the set point of the flow regulator can be changed — 
only in small increments, spread out over a considerable 
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of another capacity and resistance in the process. In fact, it 
may be worse, since the thermal capacity of the well, the lack 
of perfect contact between the well and the element, and the 
thermal! capacity of the element may have the effect of more’than 
one capacity-and-resistance combination. Sluggishness in the 
final control element may make a difficult application of an easy 
one. For instance, the type of application shown in Fig. 1 is 
handled easily by # regulator which responds instantly to the 
change in condition and is able to move the final control element 
faster than the process upset occurs. If it is not able to do this, 
hunting is apt to result. Hunting then can be eliminated only 
by using a considerably more complicated control mechanism 
than would be necessary if speed of the final-control-element 
traverse were sufficiently rapid. 

Arrangement and type of connection of process capacities and 
resistances have considerable to do with the ease or difficulty of 
control With experience in analysis, a great deal may be pre- 
dicted from studying the reaction curves of processes. Some 
typical reaction curves are shown in Figs. 14 to 23, inclusive. 

While these processes are represented as, and the reaction 
curves are based on fluid processes, the same type of analysis 
and representation may be applied to thermal, electrical, and 
mechanical processes. 

In making comparisons with equivalent processes, however, 
it should be remembered that there is no effect in thermal proc- 
esses which corresponds to that of induction in electrical circuits 
or to that of inertia in fluid or mechanical processes. 

In these illustrative examples, the effect of fluid inertia has been 
ignored. Inertia of process fluids is genera!!y small compared to 
other process effects. In the absence of inductance and inertia, 
none of the processes illustrated, considered as isolated systems, 
will oscillate. Oscillation of an isolated system requires the 
opportunity for the conversion of potential to kinetic energy, 
and vice versa. For this opportunity to exist, either induction 
or inertia must be present in a system simultaneously with capa- 
city. This follows from the law of conservation of energy 

KE + PE=C 

To permit mutual conversion of these energies into each other, 
the kinetic-energy factor KE must be present in the form of 
induction or inertia, and the potential energy factor PE must 
be present in the form of a capacity in which the potential energy 
may be stored. In the absenee of either of these factors, oscilla- 
tion is not possible. Oscillation would become possible if some 
end effect from the process were fed back into an earlier part, 
thereby setting up a closed loop. In this case, a resonant condi- 
tion might occur, which could produce sustained oscillation. 
None of the processes analyzed is so handled. 

This also means that if inertia is appreciable as compared 
with other process conditions, some of the processes described 
might be unstable and oscillate continuously under the influence 
of the energy of the entering fluids. Such cases are not consid- 
ered in this discussion. 
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The reaction curves show the reaction to a step change in one 
of the process functions. From a condition of equilibrium, 
an arbitrary instantaneous change is made in one or more of the 
factors affecting the measured variable, so that a new equilib- 
rium will result. For simple processes, the reaction curves will 
be nearly identical, regardless of which factors are changed; 
but for complicated processes, with multiple combinations of 
capacitance and resistance, the reaction curves differ greatly 
for disturbance of different factors 

Fig. 14 is the generalized prototype of a single-capacity process. 
It responds to an upset or correction at maximum rate of change, 
which attenuates to equilibrium on an exponential curve. As the 
ratio of capacity to throughput decreases, the slope of the initial 
curve of departure increases, until the limit would be found in an 
incompressible fluid. Depending on the steepness of this slope, 
this type of process falls in either Class 1 or 3, with respect to ease 
or difficulty of automatic control. 

Fig. 15 shows the hydraulic equivalent of Fig. 14 and the reac- 
tion curves are identical. The equivalent of the incompressible 
fluid case in Fig. 14 would be reached in Fig. 15 if the area of 
the tank became zero. Fig. 16 shows a process having prac- 
tically identical reactions, the difference being that the height of 
liquid in the tank has no effect on the rate of flow of liquid enter- 
ing. 

Figs. 17 and 18 show how the reaction curve becomes more 
complicated with process complication. The different reaction 
curves show that which class of process this example will fall in 
will depend on the source of upset. If the upset occurs in either 
the outlet resistance of the second tank or the interconnecting 
resistance, the process will fall in Class 3. If the upset occurs in 
the inflow, it will fallin Class 4. Note that if the interconnecting 
resistance is changed, equilibrium will come about at the initial 
value without any corrective action, although a serious transient 
deviation occurs. The comparison shown in Fig. 19 brings out 
these relations. 

Figs. 20 and 21 show how the complications of process reactions 
extend as the processes become more complicated. Fig. 21 
shows the effect of changing either of the interconnecting resist- 
ances, and of a disturbance in the intermediate tank. 

Top-fed tank combinations produce very nearly the same 
process effects as dead time, and a sufficiently large number of 
interconnected capacitances will have the same effect. 

Figs. 22 and 23 show the results of combining top-fed and inter- 
connected systems. 

Effects of dead time are closely approximated by the combina- 
tions shown in Figs. 20 to 23, inclusive. Oldenbourg and Sar- 
torius’ have shown this relation very clearly. 

The curves and remarks under each example are worthy of 
detailed study. 


Dynamics of Automatic Control,”’ by R. C. Oldenbourg 
and H. Sartorius, translated and edited by H. L. Mason, ASME 
Publication, 1948, 276 pp. 


A discussion of many of the air-flow instruments cur- 
rently used in compressor research is given. A history 
of the development of some of the instruments is pre- 
sented together with the reasons for adopting the present 
designs. Optimum dimensions, based on test data, are 
included for claw probes, cylindrical probes, spherical 
probes, and averaging probes. Errors encountered in 
temperature nt by of ther pl 
are reviewed, and methods for reducing these errors are 

suggested. A discussion of traversers is also included. 


INTRODUCTION 


HE matter of instrumentation for use in compressor re- 
search is as vital to the engineer as is the development of 
instrumentation to the medical doctor. One need only 
recall the great advance in medical science due to the use of such 
instruments as the stethoscope, the x ray or the electrocardio- 
gram. In fact, if one examines the history of science, he will 
find that real progress in any one science has awaited the develop- 
ment of sufficiently accurate instrumentation. Quite similarly, 
the speed of advancement in the understanding and development 
of compressors is closely tied to the rate with which suitable 
instruments are devised to probe within the compressor and to 
discover the details of its innermost fluid dynamics and thermo- 
dynamics. Lacking such detailed information, one would have 
to resort to a cut-and-try process to improve the compressor 
performance. 
For example, if a given axial compressor is known to have a 
low over-all efficiency, we can think of two possible courses for 
improvement: 


(a) Tocut and try, by assuming certain stages or blading are 
at fault, and then altering these stages until the efficiency is 
improved. 

(b) By test, with suitable instruments, to search out the 
cause of the inefficiency and to correct the faulty blading. 


Method (6) is much to be preferred since there is no assurance 
that the cut-and-try method will ever lead to improvement; 
however, it is not always possible to employ method (5) since this 
assumes we have suitable instrumentation at our disposal, 

For example, the measurement of the efficiency of individual 
stages in a multistage compressor, in order to locate an iiiefficient 
one, is difficult because the temperature rise per stage is of the 
order of 15 to 30 F.* This would require very accurate tem- 
perature measurements (+0.3 F) to determine the efficiency 
within 1 or 2 percent. Failing to measure the temperature with 


1 Thermodynamics Section, Engineer, Aviation Gas Turbine Divi- 
sion, Westinghouse Electric Corporation, Jun. ASME. 

* Develop t Engineer, Aviation Gas Turbine Division, Westing- 
house Electric C ‘orporation. 

Contributed by the Aviation , Industria! Instruments and Regulators, 
and the Gas Turbine Power Divisions and presented at the Semi- 
Annual Meeting, Cincinnati, Ohio, June 15-19, 1952, of Tae Ameri- 
can Soctety or MecHANICAL ENGINEERS. 

Nore: Statements and opinions advanced in papers are to be 
understood as individual expressions of their authors and not those 
of the Society. Manuscript received at ASME Headquarters, March 
11, 1952. Paper No. 52—-SA-18. 
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the desired accuracy, one could resort to other means such 
checking to see if the flow-incidence angles on the blading are Len 
excessive and, therefore, a possible cause for the inefficiency. 
Needless to say, the traversing between the rows of axial-com- 
pressor blading to determine flow velocities and angles requires 
considerable instrument development, if one is to obtain accurate 
results. 

Another ple where suitable instruments have not been 
forthcoming is the case of compressor-blade stalling. Generally, 
when a blade row stalls it induces cther blade rows to stall, and 
thus the weak or overloaded stage is difficult to find. Electric 
pickups to sense pressure or flow-angle fluctuations or strain 
gages attached to blades have been used to determine blade stall- 
ing. However, there is no assurance that any of these quanti- _ 
ties will fluctuate prior to stall, particularly if the blade has a 
sharp stall characteristic. In this case one often decides to plot 
the characteristic curve of each of the stages or groups of stages 
to determine which appears to be operating near its stall point. 
To plot such a curve one needs data on pressures, temperatures, 
and velocities between the rows of the compressor. _ 

The following discussion is based upon several years of work 
on instruments which has resulted in the development of anodes 
which, for instance, enable us to determine, in a period of about — 
two weeks, the radial variation of flow angles, pressures, veloci- 
ties, and temperatures in the twenty or more spaces between the 
blade rows of a compressor. These quantities also are measured ; 
at several rotational speeds and compressor pressure ratios while — 
the compressor is a part of a complete turbojet engine. 


Caw Prose (1)? 
Fig. 1(a) represents a rather well-known instrument having g 
the following characteristics: 


It gives simultaneous readings of total pressure, static pres- 
sure, flow angle, and total temperature, thus avoiding errors and 
saving considerable time because all four quantities are read at 
one setting. 

It is quite easily constructed by bending the three tubes and 
brazing them into the larger tube. Since the instrument is 
calibrated before use, great care is not required in its construction. 

The response rate is good, since for a given size, large tubing can 
be used. 

It is constructed so it can be inserted into a */).-in-diam hole 
and, therefore, does not need to be installed during the compressor 
build-up. It also can be removed for inspection. 

The claw probe, in its directional sense, is patterned after 
our ears. When pressures of the same magnitude are sensed in 
each of the static tubes, the instrument is said to be balanced. 
This balance point can be easily and quickly obtained by means 
of a “bubbler,” Fig. 2, connected across the static taps. When 
the instrument is rotated, to center the drop of red oil in the 
bubbler, a flag indicator on the instrument shank (set during 
calibration) gives flow direction. 

The static pressure readings of this probe are slightly influ- 
enced by turbulence as shown on the calibration curve, Fig. 3. 

The optimum angle setting of the static tube is shown in Fig. 3 
to be be approximately 20 deg. This angle can be set by eye since 
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Fie. 1 Dinectionar Pressure Proses 


the tube should be calibrated before use. Even if very accurately 
made, the probe should be calibrated to insure correctness of 
results 

The effect of cutoff angle on the total pressure tube is shown 
in Fig. 4 together with the optimum dimensions of this probe 

If the probe is to be used at some pitch angle other than 90 deg 
to the flow direction, the probe can be calibrated for this pitch 
angle. 

This probe has the disadvantage, like many other probes, of 
not giving values in a circumferential direction unless a cireum- 
ferential traverser is used together with a radial traverser. 

The flat-claw probe Fig. 1(b) enables one to traverse close to 
a wall such as in the throat of an inlet-flow nozzle. This probe 
does not have « thermocouple and, therefore, measures only total 
and static pressure and flow angle. 
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When the claw probe is used in a large transverse pressure 
gradient, an error in the flow-angle measurement is induced 
owing to the difference in pressure on the static taps. This error 
in flow angle can be estimated if one knows by test the rate of 
variation (dP,,/d@) of the probe static pressure P,, with yaw 
angle @ and the transverse pressure gradient (dp/dz) and the 


distance 6 between the static taps 


dé 


This formula has been derived by asking the question, ‘What 
change in yaw angle dé will compensate for the transverse pres- 
sure difference (dp/dz)d?” 


Cy.inpricaL Prose (2) 


The three-hole cylindrical probe, Fig. l(c), is used to measure 
the same quantities as the claw probe with the exception of the 
stream temperature. This probe is usually more difficult to 
construct than the claw probe owing to the required drilling of 
the three small holes parallel to the axis of the cylinder which 
connects to the three pressure taps. With sufficient care, this 
probe can be made to have smali flow blockage at the expense of 
a decrease in response rate. The response rate can be improved 
greatly by using small-diameter glass tubing in the manometer. 

Some optimum dimensions of this probe have been realized as 
a result of many development tests. If the static taps are located 
more than 130 deg apart, three or more directional balance points 
may be found. Multiple balance points occur when the static 
holes are located beyond the separation point. 
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Fig. 5 shows the tested variation of static pressure around the 
cylindrical probe. A suggested angle for the static taps is 50 
deg on either side of the stagpation point as indicated by the 
typical calibration curves shown in Fig. 6. The calibration 
curves are presented for ease in reducing test data giving the 
ratio of static pressure P, to the probe static pressure Pp as a 
function of the ratio of probe static (P.)) to probe total pressure 
Pw. If one desires, the true Mach number can be marked along 
the curve or a separate curve can be drawn versus (P.)/P). 

Notice that the static pressure reading of this probe is, like 
the claw probe, affected by turbulence. 

The hole diameter to tube-diameter ratio d/D should be 
0.12 to satisfy critical angle requirements, Fig. 7, and total 
pressure recovery, Fig. 8. The critical angle is defined as the 
angle between the static pressure point and the stagnation point. 
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The tip length measured from the pressure taps should be at 
least two probe diameters if errors in total pressure are to be 
avoided, Fig. 9. This requirement makes it impossible to use 
this probe close to walls. 


Prose (3) 

Fig. 1(d) is likewise a well-known type of probe for determining 
total and static pressure and flow angle. The particular probe 
shown in this figure is a single-hole probe. The use of a single- 
hole probe allows the use of a support having a minimum of 
flow blockage. However, one pays a price for this reduced 
support blockage by using the one hole to perform the function 
of three holes, thereby increasing the time and reducing the ac- 
curacy of the readings. 

The procedure for the use of this probe is as follows: 


1 To calibrate the probe obtaining a curve similar to Fig. 6, 
where Py is taken as the pressure with the hole at, for instance, 
an angle of +50 deg on either side of the stagnation point. 

2 When using the probe: 


(a) Estimate the flow angle by maximizing the total pres- 
sure reading. 

(b) Move the hole 50 deg to the right side of the estimated 
stagnation point and read the pressure. 
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(c) Move the hole back to the left side of the estimated stag- 
nation pressure until the pressure matches that found under 2 
and measure this angle. 

(d) Subtract the angles to find the correct flow direction. 

(e) Move the hole 50 deg to either the right or left of the 
true stagnation point to read the probe static pressure. 

(f) Use the calibration curve similar to Fig. 6 and calculate 
the true static pressure from the probe static and total pressure. 


This procedure is time-consuming and can introduce errors due 
to changes in flow conditions while taking the various readings. 

The spherical probe, as would be expected, gives static-pres- 
sure readings which are also influenced by the turbulence level. 

A three-hole spherical probe has been used; however, it evi- 
dently has little advantage over the claw or the cylindrical 
probes. 

Four or five-hole spherica! probes (4) have the advantage that 
flow angles in the plane of the probe can also be measured if the 
probe is calibrated properly. 


Disk Prose (5) 


The disk probe, Fig. 1(¢), is an instrument for measuring static 
pressure and flow ang'e. This probe, as constructed by W. N. 
Gilmer, has a single tube, giving low flow blockage, which leads 
to the center of the circular disk. Two holes are drilled into 
this tube at the center of each side of the disk. The regions 
surrounding the pressure holes are indented spherically by press- 
ing in a small ball bearing. 

As noted previously, the accuracy of the static-pressure read- 
ings of the claw probe, the cylindrical probe, and the spherical 
probe are all affected by turbulence level as is shown when 
the probes are placed behind a screen in an atmospheric jet. This 
effect is evidently due to the influence of turbulence on the bound- 
ary layer of the probes. The disk probe has been devised to 
give a static pressure which is independent of turbulence level. 
This has been accomplished by the spherical indentations on 
each side of the disk surrounding the pressure holes. 

The sensitivity in measuring flow angle using this probe is 
not very good since the angle is found by maximizing a single 
reading, and therefore the bubbler cannot be used. 

Although the disk probe gives an accurate reading of static 
pressure, independent of turbulence level, it does not read 
total pressure or temperature, and, therefore, requires separate 
traverses if these quantities also are to be measured. 


AVERAGING Propes 


Frequently during flight tests it is desired to obtain an average 
pressure at, for instance, the compressor inlet or outlet without 
using too large a number of instruments on the photo panel. 
Also, the laborious problem of averaging or integrating several 
probe readings is to be avoided. The probe shown in Fig. 10(a) 
can be used under these conditions, 

This probe is simply a tube with several holes drilled at various 
points along itslength. Extensive tests (6) have been made by H. 
Gladston with an enlarged ( '4-in-diam 12-in-long) tube having 
ten holes. A jet of air was directed from a nozzle pointed at 
each hole so that the total pressure at each hole could be varied 
independently by controlling the air-supply pressure before each 
nozzle. These tests showed that, for different pressure variations 
along the tube, the pressure read by the probe was very closely 
the average of the total pressure picked up by the holes. Also, 
the flow-weighed average total pressure could be estimated closely 
from the probe pressure P, and the specific flow (flow per unit 
area) along the probe (7). Quite frequentiy such corrections are 
not needed because the engine may be calibrated in the test cell 
using the averaging probes, and so long as the identical probes 
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"are used during the flight test, one can use the probe reading to 


determine correctly the engine or compressor operating condi- 
tions. 

The shielded probe, Fig. 10(6), was devised for use at the tur- 
bine outlet in order to reduce the probe sensitivity to flow- 
angle variations. The shield having a foil-shaped cross section 
enabled a correct reading of total pressure over a wide range of 
incidence angles. Unfortunately, the shields always fatigued 
off, even though they were strengthened several times. It was 
later found by E. F. Hammond (8) that chamfering the holes 
acted as effectively as the shield in extending the sensitivity of the 
probe to large flow-angle variations. Tests show that either 
enlarging the hole size or chamfering the holes has the same effect, 
with the maximum diameter Dee of the chamfer or the hole being 
the effective dimension. The influence of the Mach number and 
the hole effective diameter to tube-diameter ratio on the devia- 
tion angle is shown in Fig. 11. The deviation angle is defined 
as the angle range which will give a total pressure reading within 
one per cent of the true value. 

The chamfered holes later were found (9) by F. A. Gagliardi 
and G. A. Cederborg to give erroneous pressure readings owing to 
the rectifying effect caused by the flow coefficient of the cham- 
fered holes being larger for flow in than for flow out. This diffi- 
culty was eliminated by having the holes spherically countersunk 
rather than chamfered, Fig. 10(c). Thus the holes are small, 
giving a large flow resistance compared to the resistance between 
holes within the tube, and the countersink has a large diameter 
on the outer surface of the tube for accepting a large range of 
flow angles. 
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Wake Fincer Prope 


The wake finger probe, Fig. 12, has been devised for use after 
the straightening vanes of an axial-flow compressor. When the 
usual kind of finger probe is used after a stationary row of blades, 
the criticism is generally made that the rake may be in the wake 
of a blade or it may be between blades, the reading depending 
on the relative position between rake and blade. In order to 
avoid this error the wake probe, Fig. 12, has been devised. Six _ 
finger rakes made of small tubing are placed side by side to cover | 
& space equal to the pitch of the blade row. Actually, allowance _ 
can be made for the blockage by spacing the tubes at a greater 
distance than the blade pitch. 

The position of the tubes can be adjusted radially in this 
probe by loosening the clamping screws on the flange. Thus — 
the probe can be used for different blade heights. Later designs” 
(although Fig. 12 does not show this) have all tubes of the same 
length so that all tubes can be manifolded together to give a 
single average reading. The tubes at each radial position are 
manifolded together so that they can be read separately to give 
the radial total-pressure variation determined by averaging pitch- 
wise across the blades. This probe enables reading of com- 
pressor-outlet pressure with a mini of ma ter readings, 


Newton‘ Remore TRAVERSER 


Fig. 13 is an effective instrument for holding and moving any 
probe radially or rotationally and indie ating the exact position Us 
and angle very accurate sly. 


suitable of the controls. 
given within 0.002 in. and 0.1 deg. 


Manvuat Remore Traverser 


The manual remote traverser, shown installed in an engine 
in Fig. 15, consists essentially of a rod within a tube. The tube 
is connected to the engine while the rod is connected to the probe 
The tube and rod are of sufficient length to reach from the engine 
compressor in the test cell through a hole in the test-cell wall and 
into the control room where a combination protractor and depth 
gage is attached. Provision is made near the engine for inserting 
or changing the probe. An old (a) and a new model (b) of this 
type of traverser are shown in Fig. 14. One great advantage of 
this type of traverser is that any number of traversers can be 


* Manufactured by the Newton Company, Middletown, Conn. w 
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Fig. 12) Wake Frincer Prose 


Fie. Newton Traverser 
dey 
spaced closely together so as to cover a complete compressor at 
one time. Only a single hole needs to be drilled and tapped in 
the casing for each traverser. While operating, any binding of 
the probe can be felt easily by the operator. Each traverser 
ean have a bubbler for flow angle, total and static-pressure 
manometers, and a thermocouple. 


THERMOCOUPLES 
Fic. 14 Manvat Traversers 
There have been many excellent technical papers published on (a, old model; 6, new model.) 


of 
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(13, 14, 15) pointing out the possible errors in thermocouple 
readings due to the radiation, conduction, and stream velocity. 


However, many of the simple problems which occur from day to 


day scarcely receive attention. As an example, one seeks the 
answers to such questions as the following: 


What error can be caused by having the coupling in the thermo- 
couple leads at different temperatures? 

What is the error incurred due to the deviation from standard 
specification wire? 

What errors can occur due to the automatic cold-junction 
compensator in the recording instrument? 


It has been estimated (16) that errors, as much as 15 deg, 
can be caused by adverse conditions such as the wire being at the 
maximum tolerance within the standard specification, and the 
cold-junction compensator in the reading instrument not com- 
pensating exactly. 

If one is to calculate compressor efficiency within '/: per cent, 
the accumulated error resulting from all the temperature reading 
errors should not exceed about | to 2 deg. 

In an attempt to reduce errors of the kinds just mentioned, 
we have devised a ‘hot pot”’ for checking thermocouple readings. 
The hot pot, Fig. 15, is simply an electrically heated circulating 
oil bath containing one or more standard NBS mercury-in-glass 
thermometers. One or several thermocouples (up to 16) can be 
inserted in the pot as an over-all check on the thermocouple- 
measuring system. Traverses of the oil bath, while the motor- 
driven circulator is operating, show the temperature to be con- 
stant within about 0.1 F over a considerable portion of the hot 
pot. During compressor tests one can check continuously on 
the thermocouple readings and therefore on the compressor effi- 
ciency, by having two hot pots—one at about the compressor- 
inlet temperature, the other at about compressor-outlet tempera- 

ture. One or more thermocouples are maintained in each pot, 
and readings of these and the standard glass thermometers are 
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16 Hor Pot 


taken along with those of the thermocouples in the compressor. 
In this manner we have succeeded in reducing many errors due 


Ponds 


to improper leads, improper junction compensation, or, in fact, 
any errors connected with the thermocouple readings. 

A standard resistance thermometer (17) can be used in the oil 
bath in place of the mercury-in-glass thermometers, if one desires. 
This gives a more accurate, although more complicated, system. 


Trp-CLearaNnce Prope 


The tip-clearance probe, Fig. 17, is a rather simple device for 
measuring the running tip clearance of compressor or turbine 
The device consists of a pneumatic piston which, when 
air is supplied to the cylinder, for¢es a small sharpened copper 
tube into the path of the rotating blade tips. The copper tube 
is held by set screws so that it extends a distance slightly greater 
than the expected tip clearance. The blades wear off the copper 
tube, and the tube is then withdrawn by releasing air from the 
spring-loaded piston. The tip clearance can be read easily by 
removing the instrument from the compressor and measuring 
the distanc » the worn-off copper tube protrudes when air is again 
supplied to ibe piston. The dial gage shown in Fig. 18 aids in 
the clearance determination. The probe is inserted in the hole 
so that the tip clearance is recorded on the dial gage when air 
is supplied to the probe. The probe is easily removed from the 
compresser or turbine housing by disengaging the spring-loaded 
clips fron, the connecting plate which is attached to the com- 
pressor casing. 


blades. 


By means of the foregoing instrument it has been possible 
to measure tip clearances constantly within 0.001 or 0.002 in. 
while the turbojet engine is running. Changes in clearance dur- 
ing acceleration or shutdown also can be made by keeping the 
air pressure on during the maneuver. A large number of these 
rather simple probes can be placed to take a complete set of 
clearance measurements in the compressor and turbine while the 
engine is running. 


TuRBINE-Compressor Drive 


The dynamometer turbine-compressor drive shown in Fig. 19 
might be considered a large instrument. By means of this facil- 
ity, it is intended that the compressor efficiency be measured either 
by the dynamometer turbine or by means of a magnetic strain- 
gage coupling between turbine and compressor. This arrange- 
ment enables evaluation of compressors without the restrictions 
that are found in engine testing. The compressor operation 
is not limited to that required to match the turbine, and there- 
‘fore a wider range of the compressor map can be obtained. 
To date, accurate power measurements using the dynamometer 
turbine have not been obtained owing to the torques, of uneer- 
tain magnitude, associated with the thermal expansion of the 
steam-inlet and exhaust piping. 

In engine testing, variable turbine nozzles have been employed 


@ 
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Fic. Inpicator ror Use Wits Tip-CLearance Prope 
to allow engine operation which avoids the compressor-stall 
region. The turbine drive setup is not restricted in any way as 
is the engine test. Further, the compressor setup shown in 
Fig. 19 is arranged to operate in a closed circuit so that Reynolds 
number can be varied, and also high referred rotational speeds 
can be tested at reduced pressures. 


Orver INSTRUMENTS 


There are many other instruments which have been developed 
or are being developed for use in compressor research. Some of 
these instruments will be discussed. 

A novel-type static tap is shown in Fig. 20. This static tap 
has been devised for the purpose of measuring static pressure 
with little flow blockage. The tubes extending from the trailing | 
edge of the stator blade contain holes for sensing the static pres- 
sure. 

A device used by F. D. Werner (18) employs the corona effect 
to determine density. One application of this device by D. 
Weimer® consists of a barrel with a wire stretched along its axis. 
A given voltage is maintained between the wire and the barrel. 
The fluid density may be determined by a measurement of the — 
electrical current flowing between the wire and the barrel. The 
authors are presently constructing a claw probe which incorpo- 
rates this principle. The static tubes are connected into the sides _ 
of the barrel to form wall taps inside the barrel. A total-pressure 
tube replaces the high-voltage wire. Tests have shown the static- 
pressure readings to be relatively unaffected by turbulence level, 


§ Princeton University, Palmer Physical Laboratory. 
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while the tota] tube has the desirable property inherent in Kiel- 
type probes, i.e., insensitivity to large yaw angles. The density 
measurement eliminates the need for a temperature measurement. 

A hot-wire anemometer has been employed by C. E. Pearson 
(19) to traverse behind a rotating row of blades to determine the 
air velocities. This technique has the great advantage of giving 
data in a pitchwise or circumferential direction. Most of the 
probes discussed in the foregoing are limited to point readings 
and therefore a circumferential traverser is required if one is 
to obtain a pitchwise variation of velocity. The authors are 
employing Dr. Pearson’s technique and taking Land-camera 
pictures of the oscillograph screen. This technique avoids the 
considerable time that would be required for a step-by-step 
circumferential traverse. 


Streamline Mapping. The helium-tracer technique has been 
employed by C. F. Seglem (20), as suggested by D. Rush and 
W. Forstall of M.1.T. (21), in which helium is injected into the 
air stream, and its path is traced downstream by noting the 
change in conductivity caused by the presence of helium. 

Wedge. A wedge-type probe (22, 23) has been employed as a 
lirectional probe. The static pressure as measured by this probe 
is reputably unaffected by turbulence level. 

Lampblock. A mixture of an oil, kerosene, and powdered 
lampblack has been injected (24) inte compressors for the pur- 
pose of revealing, in a visual way, the behavior of the boundary- 
flow pattern on stator blades, and on the casing. Deposits of 
lampblack indicate flow separation. This method is useless 
in indicating flow patterns on rotating blades because the centrifu- 
gal force prevents the lampblack from adhering to the blades. 

Wind Mill. Wind mills have been employed (25) for determin- 
ing vorticity behind blade rows. Under these circumstances a 
wind mill having zero pitch is employed. A wind mill having 
a blade pitch of 45 deg can be employed to find stream velocity 
directly. This avoids the usual inaccuracy associated with 
velocity determination from the total and static pressures. 


ConcLusION 


It has been the authors’ intent to supply some information 
and ideas which may be of use. It is further hoped that the 
reader will be stimulated to devise or invent new and more use- 
ful primary sensing instruments associated with flowing gas 
measurements. 

A word of caution should be given to the effect that our interest 
lies in the practical rather than the novel instrument. 

A check list, which might be used to evaluate the worth of any 
instrument, is as follows: 


1 The instrument should be small enough to allow its in- 
sertion between the rows of an axial compressor, and at the same 
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time meet the necessary strength requirements while offering 
minimum disturbance of the flow. 

2 Installation should be possible after the compressor is 
assembled. This makes the instrument more valuable since it 
can be positioned for use in any compressor, and may be easily 
removed for inspection, 

3 Simplicity of design with accompanying ease of manufac- 
ture and maintenance must always be a consideration. 

4 The instrument should be able to operate near boundary 
walls, 

5 Probe indications should be accurate and reproducible, 
and preferably, insensitive to turbulence effects, since this effect 
is not easily determined in the compressor. 

6 A minimum number of secondary instruments (manome- 
ters, temperature indicators, black boxes) should be required, 


Compressor research and instrument developmentare partners— 
as one progresses, so mast the other. 
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Radial-Flow Compressors and Turbines 
the Simple Small Gas Turbine 
By L. R. WOSIKA,' SAN DIEGO, CALIF 


This paper describes the procedure followed in develop- 
ing an acceptable radial-flow turbine for use with a 
lightweight gas-turbine-driven fire pump for the Navy 
Bureau of Ships. In the course of this work considerable 
data were accumulated on general design information and 
practice on radial compressors and turbines. A review is 
given of these data as well as the current design approach 
for a simple cycle radial-flow gas turbine. A discussion of 
the factors and variables which affect the performance of 
radial turbomachines is included. 


compressor outlet. 
turbine inlet 
turbine outlet 
adiabatic 
compressor 
diffuser 
inlet 

sonic 

turbine 
theoretical 

exit 


The following nomenclature is used inthe paper; INTRODUCTION 


flow area, in. ined 1948 the Bureau of Ships asked the author's company to de- 


rotor-outlet axial width 5 Ania) velop a compact, lightweight, 45-hp, Diesel-fuel-burning, porta- 
diffuser-inlet axial width ‘seein toe oe ble gas-turbine-driven fire pump. The Navy climaxed its speci- 
a ei a. fication with a demand that the unit be started by hand-cranking. 
This was an entirely new engineering problem on top of several 
other difficult specifications, such as low weight, small dimen- 
sional cubic package for portability, and compressor-inlet tem- 
peratures above 120 F. The two-man power selected for start- 
ing the machine appeared to dictate a rather low pressure ratio 
and indicated that a very high specific fuel consumption would 
result if the small-size components should give poor efficiency. 
After a careful consideration of component arrangement, it was 
decided that the configuration required would not allow the use of 

the axial-flow compressor and turbine; and, if we were to develop 
shaft speed, rpm i - an acceptable aon we must go to radial flow. A perusal of rad 
literature and NACA reports gave us considerable information 
gas constant 


on the radial compressor, but practically no data on the radial- 
: ! A was several weeks before we were directed to a paper (1)* 
compressor-tip speed, fps on radial turbines which had just been released at Wright Field. 
velocity, fps . : : : From the information gleaned from this paper along with what 
eeretien spouting velocity for turbine pressure ratio was obtained from studying British and German radial-machine 
Ps/Ps, fps practices, and from long consultations with authorities on the 
Gow rate, pps Te subject, we reached an acceptable design which has equaled or 
turbine flow wate, Pps 7 bettered the BuShips specifications in most instances. (Pig. 14 
number of impeller vanes hows this completed gas-turbine-driven fire pump as it appears 
number of diffuser in the process of being hand-cranked during a start.) 
Scenes pe tener gras fess Even limited experience in the design of axial and radial com- 
VE 


ted inlet tio, P1470 _ pressors and turbines leads to the very evident fact that desp:t» 
compressor pressure ratio, the mechanical simplicity of the radial machine, it presents as 
ee Tee ae vas Ceenparatens ratio, - 618.7 many, if not more, design factors and variables to achieve an op- 
flow factor = (inlet axial velocity /tip speed ) — Compres- timum design, as does its axial counterpart. 
sor = (outlet axial velocity pteroianlit — Tw To explain this paradox we must examine the geometry of the 
Subscripts: a an bay radial unit and absorb some nomenclature. We shall look at 


1 Senior Aerodynamicist, Solar Aircraft Company. Tue Raptat Compressor 
Contributed by the Gas Turbine Power Division and presented 
at the Spring Meeting, Seattle, Wash., March 24-26, 1952, of Tur Radial-Compressor Variables. Referring to Fig. 1, which shows 
AMERICAN Society oF MECHANICAL ENGINEERS. a typical single-sided radial compressor, it will be noted that vari- 
Nore: Statements and opinions advanced in papers are to be ; 
understood as individual expressions of their authors and not those of 
the Society. Manuscript received at ASME Headquarters, January ? Numbers in parentheses refer to the Bibliography at the end of 
31, 1952. Paper No. 52—S-13. the paper. 
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A 


diffuser-outlet axial width 
nozzle flow coefficient 
inlet axial velocity to impeller eye ree 
impeller-eye diameter 

impeller-tip diameter, in. 

diffuser-vane inlet diameter 

diffuser-vane outlet diameter 

= acceleration of gravity 

ratio of specific heats, C,/C, 

impeller-tip Mach number 

inducer relative approach Mach number at tip 
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axial dimension than the formed or curled type. 


VANED DIFFUSER 


PASSAGE MEDIAN “d 
FLOW LINE - 


INLET AXIAL 
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Fic. | Compressor Notation 


ous diameters and geometric features have been illustrated 
From these the following possible design variations in compressor 
flow and geometry become apparent: 


1 Inlet axial-velocity or flow factor: The inlet axial-velocity 
vector (,, to the rotor eye may be varied relative to the rotor 
design tip speed. This ratio of C,,/U’, here called the flow factor 
¢, is probably one of the most important nondimensional varia- 
bles in the centrifugal radial, since the optimum over-all compres- 
sor efficieney occurs at a nearly constant value of g for the com- 
plete range of pressure ratios achieved with this type compressor— 
the best range being of the order of g = 0.25 — 0.30. 

2 Inducer angle of attack: The inducer portion of the im- 
peller, generally called the compressor eye, may be designed to 
accept the entering flow relative to the inducer elements either 
shock-free or with a positive or negative angle of attack, depend- 
ing on whether the end purpose of the machine is for bleed air, 
pure jet thrust, or for shaft power. In any ease, the form of the 
inducer should resemble that of the leading-edge portion of a good, 
low-drag airfoil. 

3. The preswirl inducer: For high-pressure-ratio machinery 
where inducer choke becomes imminent at the design speed, a 
This preswirl inducer 
decreases the relative entering Mach number at the tip of the 
impeller eye by inducing rotation with the impeller, and also has 
the advantage of eliminating local curling at the root, where the 
inducer is curled from the parent vane, thus eliminating the re- 
quirement for an undercut which is an added source of stress con- 
centration and fatigue cracking at that point. 

4 Inducer axial length: The inducer may blend with the sub- 
stantially radial portion of the vanes in a short or long axial di- 
mension, depending on the method of fabrication, the design 
channel velocity schedule, the number of vanes, and the de- 


stationary preswirl inducer is indicated 


NOVEMBER, 1952 


_ sign flow factor g. A separate inducer, in general, has a longer 
Some designers 
apparently have found that staggering the blades in the inducer 


and long inducer axial dimensions. This is especially helpful in 
achieving large mass flow per unit frontal area, as demonstrated 
by tests at NACA, 

5 Radial vanes or sweep: Although the vanes on the rotor 
may be exactly radial, or swept forward, or swept backward, de- 
pending on certain desirable matching characteristics, we have 
found that the radial and backward sloping vanes are slightly 
better in efficiency than the forward-swept vanes, 

6 Number of impeller vanes: The choice of the optimum 
number of impeller vanes Z is for the most part a controversial 
subject. If we consider only the losses as a function of passage 
Reynolds number, it is apparent that the smaller the compressor 
impeller, the fewer the number of vanes; and, conversely, the 
larger the compressor impeller, the larger the number of vanes. 
However, in the smaller machines this effect is considerably offset 
when one considers the increased losses in the diffuser resulting 
from the higher pulsation level. This pulsation loss is more evi- 
dent with a vaned diffuser than with a simple unvaned diffuser- 
scroll combination. Thus it becomes desirable in the smaller 
compressors to design around more impeller vanes where a vaned 
diffuser is incorporated, and fewer impeller vanes where the sim- 
ple, unvaned diffuser-scroll combination is required. 

In general, where a vaned diffuser is used, the optimum impel- 
ler-vane number follows the empirical equation 


- i fi results in somewhat better efficiency, thus utilizing alternate short 


No. of impeller vanes: Z = 10 + 0.75 D(in.)..... [1] 

7 Impeller tip-to-eye diameter ratio: The tip-to-eye diameter 
of the impeller (D/d) may vary according to mass flow per unit 
area required, but the optimum range apparently occurs between 
a (D/d) value of 1.4 and 1.8. 

8 Impeller channel-velocity schedule: Computation of mean 
channel velocities from the impeller inlet to the tip at the design 
point may be varied to any of several schedules. Some designers 
prefer constant velocity, while some favor deceleration, and others 
select acceleration. In general, it may be stated that British 
and American practice has been to design for a decelerating sched- 
ule, whereas German supercharger practice adopted the constant- 
or accelerated-velocity schedules. This choice of channel-velocity 
schedule also explains why the diffuser inlet angles used by the 
British and the United States are of the order of 12 to 14 deg, 
whereas the inlet angles employed by the Germans are of the or- 
der of 18 to 20 deg. It is felt that the respective choices of chan- 
nel-velocity schedule have resulted in considerably more empha- 
sis by the British and American designers on the importance of 
inducer curvature, as compared with the German designers who 
seem to minimize the importance of the inducer losses in the ra- 
dial-flow compressor. This is due to the extremely adverse ef- 
fect of a stalled inducer on the rotor exit-velocity profiles if a de- 
celerating schedule is emploved, thus giving lower diffuser ef- 
ficiency. 

9 Rotor channel median flow line: For the best efficiency, the 
rotor passage design-median flow line should be made to match 
the design value of the flow factor g. At the design point this 
specific-speed phenomenon can be visualized easily if one consid- 
ers what the locus of a ball would be entering the impeller at 
the same axial-velocity conditions as the air and maintaining the 
same channel air-velocity schedules, but having its lateral devia- 
tion controlled only by the centrifugal forces imposed by its roll- 
ing alonga vane. If the channel mean line is chosen as this locus, 
then the air particles in negotiating the turn from the axial direc- 
tion will require but a minimum pressure effect from the fore-and- 
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aft walls of the impeiler. Thus it is argued that the three-dimen- 
sional flow that is normally present in a turn due to these pressure 
gradients act'>7 on the boundary layer will be at a minimum, and 
we may expe 't (he lowest losses to be achieved. 

10 |): Tuser-vane inlet angle: As mentioned under “Impeller 
chaune!-ve) ity schedule,” the design diffuser inlet-flow angles 
are largely ileuble, but depend to a great extent on the choice of 
design flow ixector yg, and on the impeller channel-velocity sched- 
ule. At least, these two variables set up the design angle of ap- 
proach to the diffuser. We then have the choice of designing the 
diffuser vane-mean line inlet angle at a zero, positive, or negative 
angle of attack to the approach vector. For a first try, the dif- 
fuser-inlet angle is normally designed around shock-free condi- 
tions and the inlet form of the diffuser vanes is made similar to 
that of the leading edge of a thin, low-drag airfoil having a modi- 
fied form of logarithmic spiral for its mean camber line. 

11 Number of diffuser vanes: The number of vanes in the 
diffuser may vary from none to as many as 18 or 20; however, 
nine vanes apparently give as good peak efficiency as do a greater 
number, and allow for somewhat larger range in flow. Actually, 
the choice of diffuser-diameter ratio dictates the minimum num- 
ber of diffuser vanes according to the following empirical equa- 
tion: 


12 Vaned diffuser-diameter ratio: In Fig. 1 the diffuser-di- 
ameter ratio D,/D,, used by the majority of designers, varies little 
from a value of 1.3. In general it is somewhat smaller in German 
supercharger practice and somewhat larger in American and Brit- 
ish practice. Apparently there is little gain in efficiency by going 
to a larger value of diffuser-diameter ratio, while the size and bulk 
of the compressor, using a scroll diffuser, increase rapidly for val- 
ues of D,/D, greater than 1.3 because of the increasing scroll area 
required. However, if annular combustion is employed and the 
scroll is eliminated, larger values of D,/D, seem to be required in 
order to achieve a reasonable approach velocity to the burner. 

13 Diffuser-vane tip-clearance space: The free space between 
the impeller tip and the diffuser vanes denoted by the ratio D,/D, 
is anything but standard practice throughout the industry. On 
the one hand, it has proved best to limit the relative Mach num- 
ber at the diffuser-vane inlet to a maximum of 0.9; on the other, 
there is the desire to minimize the excitation of the impeller vanes 
caused by the pulsating pressure field set up by the interaction 
between the vanes of the rotor and the diffuser. In general, a 
good compromise value of D,/D is 1.1, up to pressure ratios of 3.0. 
Larger D,/D values are required above this pressure ratio in order 
that inlet Mach numbers to the diffuser may be kept below the 
maximum allowable value of 0.9. 

14. Vaned-diffuser axial-width schedule: The ratio of the 
vaned diffuser exit-to-inlet axial widths b,/b,, Fig. 1, may vary 
upward from a value of 1.0, depending on the maximum allowable 
diameter and the maximum efficiency required. For simplicity 
of fabrication, a value of 1.0 is very desirable because it allows 
use of parallel plane walls. A large majority of present-day high- 
performance radial compressors employ this simple schedule of 
constant width. A reduction in diameter at pressure ratios be- 
low a value of 2.5 may be achieved with little loss in performance, 
by expanding the diffuser axially at an angle of approximately 7 
deg, as shown by the angle a, in Fig. 1. Although German su- 
percharger practice has used the divergent vaned diffuser passage 
up to pressure ratios of 3.0 with excellent efficiency performance, 
American and British experience has been that, at design pres- 
sure ratios higher than 2.5, this divergence apparently must be 
reduced in order to achieve best diffuser efficiency. 

15 Single-scroll or multiple-scroll diffuser: The scroll-diffuser 
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efficiency, and consequently the compressor efficiency, may - er: 
improved if more than one combustor is employed, thus requiring a i im 

a number of shorter scroll diffusers which afford lower friction = 
losses. However, for the small gas turbine this is usually a poor 
choice because the small fuel nozzle already necessary with one oe 
combustor would have to be reduced further with a multiplicity of oy: - a 
burners. If reliability can be assured by use of proper hardware, han 
the multiple scroll obviously is more desirable. From this jwe ce 
can argue that the annular-type burner allows for the equivalent =» 
of an infinity of scrolls, and is therefore the optimum aerodynam- 
ically if the burner problem can be solved in a reliable fashion, 
which the French apparently have done. e 
16 The straight versus modified logarithmic spiral-vaned dif- 
fuser: The British and Swiss claim that where diameter or com- 
bustor arrangement allows, the straight diffuser downstream from 
the diffuser throat gives considerably better diffuser efficiency 
than does the continuation of the vanes in a logarithmic spiral- . 


type configuration. 

Fig. 2 shows the comparison betwyen these two types of dif- 
fusers. The scroll diffuser in the Swiss design replaces the log 
spiral in the British design. For the most part these designs are 
out of bounds to the simple small gas turbine, where considera- 
tions must be made for combining them with the combustor and 
turbine. 

17 Vaned-diffuser-throat area: At pressure ratios of 3.0 and 
greater, the diffuser-throat area, as seen in Fig. 2, usually is de- 
signed 10 to 15 per cent greater than the theoretical area dictated 
by flow at this point. As the pressure ratio decreases, it is well 
to apply somewhat larger values up to 20 per cent greater than 
theoretical. 

Tendency of Radial Compressor Losses. While many are un- 
doubtedly familiar with the German nondimensional concept of 
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1340 
compressor work losses, it is well to devote a little space to the 
subject at this point, since subsequent explanations are depend- 
ent thereon 

Fig. 3 shows the various losses and useful work factors for the 
compressor versus compressor-flow coefficient ¢g, assuming radial 
rotor vanes. The theoretical energy addition to the air is, for all 
intents and purposes, a constant regardless of flow coefficient. 
This work factor has been shown as qu, and may be defined as the 
ratio of the frictionless head addition, with a finite number of 
vanes, over the frictionless head addition with an infinite number 
of vanes. The theoretical work factor is also called the slippage 
factor, because it represents the ratio of the leaving tangential 
velocity, at the rotor tip, to the tip speed, for impellers having 
zero preswirl, 

Fig. 4 shows the general variation of the theoretical work fac- 
tor, qu» Versus tip-to-eye diameter ratio €, for various vane num- 
hers. It will be noted that for very small compressors handling 
weight flows less than 0.1 pps, the optimum vane number is proba- 
bly of the order of 8 to 10, depending on the type of diffuser, 
with the vaneless diffuser having the lower number. For larger 
radials, such as on the J33, the vane number may reach 35. 
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In general, we maz;state that for the smaller compressors having 
radial vanes to ac hieve the pressure ratios of their larger brothers 
it is necessary for them to have higher tip speeds to make up for 
the lower theoretical work and poorer attainable adiabatic ef- 
ficiencies. 

Referring again to Fig. 3, note that in addition to this theoreti- 
cal work factor, the scrubbing loss of the impeller must be added. 
This is denoted by the dimensionless factor q. This scrubbing 
loss is not a contributor to the pressure losses in a compressor as 
normally considered from skin friction, because the tangential di- 
rection of the scrubbing force is such as to require greater shaft 
torque than would be required from the Euler consideration, rep- 
resented nondimensionally as the work or slippage factor qi 
Therefore the shaft work is increased to a value denoted by q in 
Fig. 3. Thus 


t 


It is in reducing this loss q, that the shrouded impeller makes its 
saving. However, no published significant gain has been shown 
to exist in the really high performance compressor using a 
shrouded wheel. 

Now, whereas the scrubbing loss is not an actual loss in availa- 
ble pressure aft of the compressor outlet, the losses in the diffuser 
and the friction losses in the impeller channels actually do repre- 
sent a loss in final pressure. Therefore these two losses may be 
represented as dimensionle.s factors that subtract from the theo- 
retical work factor, resulting in the adiabatic work factor as indi- 
cated in Fig. 3. Thus 


Gad = — (Ga + Q)---- 


Adiabatic efficiency may be obtained by dividing the adiabatic 
work factor qaa by the total work factor g. Thus ’ 


Note that the optimum over-all efficiency occurs in the range of a 
flow coefficient of 0.25 to 0.30, It is well to point out that this 
method of pure addition and subtraction of the various loss and 
work factors is not mathematically rigorous as concerns the tem- 
perature-entropy pressure diagram, but the errors involved have 
been shown in reference (2) to be easily within the accuracy of 
the assumptions, and, certainly for this presentation, show the 
relative trends of the losses for the various components of the ra- 
dial compressor versus flow factor. Note that as the flow factor 
is reduced to zero, the serubbing loss gq; approaches infinity. Also 
note that after reaching a flow factor of 0.25, the over-all work fac- 
tor q becomes practically constant. This in actuality is very well 
borne out on the test stand by’the fact that at a constant rpm 
the radial-compressor temperature rise is essentially constant for 
a large range of flow factors. Note also that the impeller fric- 
tion-loss factor q tends to inerease as the approximate square of 
the flow coefficient. 

Optimum Design Speed and Diameter. The optimum diameter 
of the radial compressor is a function of the correeted weight flow, 
the tip-to-eye diameter ratio €, the flow factor yg, and the design 
pressure ratio required. Using best practice values of these varia- 
bles as already has been indicated, optimum design speed and 
diameter may be computed as a function of the corrected mass- 
flow rate. 

Reference to Fig. 5 shows that as pressure ratio is increased, 
optimum wheel diameter decreases, as would be expected. At 
any one pressure ratio the optimum diameter increases as the 
square root of the corrected flow rate w+/0/5. This chart is 
based on a tip-to-eve diameter ratio of 1.6 and a flow factor ¢ = 
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0.3. In addition to the foregoing variables, the optimum speed 
is a function of optimum impeller vane number from Equation 
{1] and the obtainable efficiency shown in Fig. 7. Fig. 6 shows 
the corrected compressor speed versus weight flow for various de- 
sign pressure ratios, when we use Figs. 4 and 7 in the computa- 
tion. It will be noted that as the pressure ratio is increased at 
any one flow rate, the rpm also must increase, and that at a con- 
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FOR SIMPLE SMALL GAS TURBINE 1341 
stant pressure ratio the corrected speed varies approximately in- 
versely as the square root of the mass flow. If the design allows 
the values of diameter and speed shown in Figs. 5 and 6 to be 
chosen for the design flow rates shown and good practice is ad- 
hered to for the other variables, a nearly optimum radial-com- 
pressor design will result. 

Requirement for Preswirl and Preswirl Limitations. A station- 
ary preswirl inducer at the inlet to the centrifugal compressor, as 
has been mentioned, is usually indicated when the pressure ratio 
approaches a value of 3.5 or the Mach number approaches a value 
of 1.4. Under these conditions the relative approach vectors at 
the tip of the inlet inducer become excessive if a rotor tip-to-eye 
diameter ratio of 1.6 has been chosen. Fig. 9 of reference (3) is 
included to show the hypothetical conditions existing in the in 
ducer at these conditions if preswirl has not been ine punted 
Note the supersonic region and normal shock with a resultant 
breakaway and turbulent-flow region. ited 

Mach number is here defined asthe equation 


The denominator is the critical sonic speed. 

This Mach number is a somewhat hypothetical relationship — 
chosen because its use makes for ease of calculation of other varia- 
bles throughout the machine, such as pressure ratio and density 
ratio. With 60 F inlet temperature, a Mach number of 1.4_ 
means a tip speed between 1400 and 1500 fps, and leads to an op- a 
erating regime where intensity of excitation from interaction ~ 
tween the impeller vanes and the diffuser can be expected to 
cause impeller failures. The preswirl inducer allows the designer 
to help this situation by designing the inlet swirl at the hub of the 
eye equal to, or near, the local hub tangential velocity, thus elim 
inating the blade curl usually required for the rotor inducer at 
the hub. In general, if the inducer is curled, a stress-raising 
notch is required which definitely enhances the possibility of fa- 
tigue cracks. The elimination of this notch by the elimination of 
local blade curling at the hub is therefore a very definite advan- 
tage of the stationary preswirl inducer. A good maximum allowa- 
ble value for the relative approach Mach number at the tip of 
the impeller eye is 0.9. Using this value, and other optimum 
constant values that have been mentioned, the preswirl limita- 
tions are presented versus flow factor and impeller Mach number — 
in Fig. 8. 

In the upper half of Fig. 8 note that, without recourse to pre- 
swirl, the maximum impeller-tip Mach number ean with an- 
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inducer tip Mach number of 0.9 decreases from a value of approxi- 
mately 1.4 at a flow factor of 0.1 to a Mach number near 1.0 at a 
tlow factor of 0.5. The regime above this line is the area that re- 
quires preswirl ahead of the inducer in order to limit the relative 
tip Mach number of the inducer to a value of 0.9. Note in the 
upper half of the figure that there is a limiting line where it is im- 
possible to exceed the impeller-tip Mach numbers shown without 
exceeding the limiting value of 0.9 at the inducer tip using opti- 
mum preswirl. 

Note also, in the lower half, the effect of preswirl on the theo- 
retical work factor qu, remembering that, for radial vanes without 
preswirl, the theoretical work factor is a constant value versus 
flow factor. Thus for a constant impeller tip Mach number, 
where preswirl is necessary in order to limit the relative inducer- 
tip Mach number to a value of 0.9, the theoretical work factor is 
decreased approximately as shown. Note that for a relatively 
small drop in ge in the low-range values of flow factor, a tremen- 
dous increase in impeller Mach number is permissible. This indi- 
cates that there are significant gains to be made in the allowable 
maximum pressure ratio by use of preswirl without exceeding the 
prescribed maximum value of Mach number at the tip of the in- 
ducer. 

The problem then becomes one of proper diffuser design be- 
cause of the near-sonic or supersonic velocities prevailing at the 
rotor outlet. 

Effect of Rotor-Channel Mach Number on Performance. The 
velocities and Mach numbers in impeller channels can be calcu- 
lated but it should be remembered that the values obtained are 
nominal and should be used only for comparison between similar 

The flow in the impeller channels is not uniform at any 
section and the actual maximum velocities are considerably higher 
than those calculated. It is desirable therefore to limit the cal- 
culated Mach numbers to values below 0.65 if possible. 

Even when a design is tested and found to give excellent aero- 
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dynamic performance, the ugly problem of critical vibration fail- 
ure may eventually dictate several successive changes in the 
vane thickness and height schedules, to eliminate the failure, and 
each change will affect the channel Mach number schedule. Fig. 
10 from reference (3) shows the evolution of calculated channel 
Mach numbers in order to arrive at an acceptable design from 
both the mechanical and aerodynamic viewpoints. Note the 
effect of high Mach numbers on performance in modification B. 

In general, if a constant or slightly accelerating channel-veloc- 
ity schedule can be maintained, starting with the initial value of 
the flow factor g = 0.25 to 0.30, there will be little trouble from 
excessive rotor losses or their adverse effect on diffuser perform- 
ance due to poor velocity distribution entering the diffuser. 


Tue Raptat TurBINE 


Since such a small amount of test data on the radial flow tur- 
bine has been published, it is impossible to present a very positive 
general design picture. The radial turbine at its optimum veloc- 
ity ratio has practically identical flow conditions to those pre- 
vailing in the centrifugal compressor at the same total pressure 
ratio, except for flow direction and better total-to-total pres- 
sure efficiency. Tests by the author’s company have shown maxi- 
mum total-to-total efficiencies of the small radial turbine are of 
the order of 86 per cent, but the total-to-static efficiency, for 
a flow factor of 0.45, is of the order of 78 per cent. If we add a 
diffuser having a large area ratio following the turbine, it is pos- 
sible to increase the over-all turbine efficiency as much as five 
points, thus increasing the maximum efficiency to a value of 83 
percent. Normally, for the smal] gas turbine using a radial tur- 
bine wheel, the diffuser may be charged with a 3 to 5 point loss in 
turbine efficiency, the amount being determined mainly by the 
available space for diffusion. 

Optimum Radial-Flow-Turbine Geometry. From our experience 
and what has been published in several recent papers on the radial 
turbine, it may be concluded that the following design factors 
represent good design values: 


1 The flow factor based on exit velocity ratio C,,/V, (same as 
compressor ¢ = C,,/U) of approximately 0.3 to 0.5 is recom- 
mended. The value that actually must be chosen is dependent 
upon the matching considerations between the compressor and 
turbine. 

2 The tip-to-exducer diameter ratio should be in the range of 
1.4 to 1.7. The value that must actually be selected is depend- 
ent on the flow factor, the diffuser, and the maximum allowable 
design tip speed. 

3 The number of impeller vanes may be less than that recom- 
mended for the compressor without loss in efficiency. 

4 The nozzle angle for a design around constant channel veloc- 


10 i 


_ ity will vary from a value of near 17 deg for a flow factor of 0.3, 
up to approximately 30 deg for a flow factor of 0.5. 


a . 5 The practice of selecting the channel median flow line here 


again should follow that used in determining the radial-compres- 
_ sor median-flow line, so that the turning losses will be minimized. 
>». However, this probably is not as critical in the turbine with its 
accelerating pressure gradients as in the compressor. 
6 The exducer portion of the impeller, which is essentially the 
same as the inducer portion of the compressor, should be designed 
to give zero absolute exit swirl in order to achieve best efficiency ; 
however, when expedient, little loss in efficiency is incurred by 
incorporating absolute swirl in the opposite direction of rotation, 
up to values of 20 deg from the axis of rotation. This swirl also 
will allow for rapid diffusion and thus achieve a shorter machine 
for the same amount of diffusion. 
7 For a radially bladed impeller the best efficiency occurs at 
a velocity ratio of 0.7, the velocity ratio being defined as 


___Impeller-tip speed_ 
V, Theoretical spouting velocity 


Fig. 11, showing typical radial turbine efficiency versus veloc- 

_ ity ratio, indicates, for example, a maximum efficiency of 81 per 

cent at this velocity ratio. Note also that the maximum over- 
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running speed occurs at a velocity ratio of 0.98. At this point 
the tip speed is nearly equal to the theoretical spouting velocity, 
resulting in the rotor developing a back pressure on the turbine 
nozzle approaching the inlet pressure to the nozzle, and, therefore, 
the flow rate through the turbine is considerably reduced at this 
unique point. The flow that does pass is just enough to drive the 
impeller at the over-running speed. 

Further explanation on this interrelationship of flow rate, veloc- 
ity ratio, and pressure ratio should be presented at this point. 

Effect of Velocity Ratio on Turbine-Flow Parameter. At sonic 
pressure ratio of 1.85 or greater across a nozzle, the gas mass flow 
passing may be computed from the following well-known equa- 
tion 


Sonic nozzle flow = W, = oe at 


where 
A noazle area, sq in. (at temp 7) 
Cc nozzle flow coefficient 
P, turbine-inlet total pressure, psia 


Ts turbine-inlet total temperature, deg R eae 
Any deviation from this equation due to the presence of a ro-_ 
tating impeller or a nozzle pressure ratio lower than 1.85 can be 


accounted for by a factor Rw called the “turbine relative flow 
parameter” 


Then if we have a plot of R.»« versus certain variables such as 
turbine pressure ratio P;/P,, for various values of velocity ratio 
V,/V., we may compute the turbine mass-flow rate under any 
condition of these variables by the equation 


0. 0.521* Ai AC 


Such a chart is shown in Fig. 12. Note that as pressure ratio in- 
creases, the relative flow parameter Rw: increases, eventually 
reaching a value of 1.0 when the actual pressure ratio across the 
nozzle becomes the sonic value of 1.85. Also note that at any one 
pressure ratio, as velocity ratio (tip speed) is increased the rela- 
tive flow parameter decreases and at a velocity ratio of 1,00 is 
substantially reduced for the range of pressure ratios shown. 

The effect of velocity ratio on relative flow parameter in the 
radial turbine is considerably greater than in its axial brother, 
and hence, for matching considerations, a chart of this type is 
an absolute requirement in predicting the expected performance. 

Optimum Diameter and Speed. For the small gas turbine using 
radia] components, the compressor is usually chosen using opti- 
mum considerations, and the resultant rpm largely determines 
what the turbine configuration must be. Therefore turbine op- 
timum design charts, such as Figs. 5 and 6, for the compressor, 
will not be included. Usually, having determined the compres- 
sor speed and hence the turbine speed, the tip speed of the turbine 
is then a matter of stress analysis, best efficiency occurring at the 


R (turbine flow rate) 
, (sonic nozzle flow rate) 
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highest allowable tip speed. Invariably this maximum allowable 
tip speed will be somewhat below the speed for best efficiency, but 
the flat characteristic of efficiency versus velocity ratio, as shown 
in Fig. 11, results in actual efficiencies that are equal! to or better 
than those possible with an axial turbine for this size unit, and are 
less expensive to mamifacture, 

Expected Net Cycle Performance. Net cycle performance is af- 
tected for the most part by compressor pressure ratio and turbine- 
inlet temperature, Assuming a compressor efficiency of 78 per 
cent, a turbine total-to-total efficien¢y of 83 per cent, a combustor 
pressure loss of 3 per cent, a combustor efficiency of 95 per cent, 
and a diffuser efficiency of 60 per cent, calculations were carried 
out for different pressure ratios for turbine-inlet temperatures of 
1300 and 1500 F. The results are presented in Fig. 13. Note 
the large change in SFC for the change from P;/P, of 2.0 to 3.0. 
Little gain in SFC is shown for pressure ratios higher than 4.0, 
but a significant gain is made by a turbine-inlet temperature in- 
crease from 1300 F to 1500 F 
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Arrangement of Components, Having chosen the best combina- 
tion of compressor and turbine geometry for a particular design, 
the relative arrangement of these components is largely depend- 
ent upon the type of burner or burners chosen. Combustors may 
be selected from three classifications 


1 The straight-through type. 
2 The reverse-flow type. 
3. The ninety-degree type. 


With a compressor having a single scroll, the 90-deg type ob- 
viously is the most advantageous. Its choice enables the de- 
signer to use a back-to-back rotor design that is overhung from a 
single shaft located on the inlet side of the compressor. Fig. 15 
shows this rotor configuration in a typical application. A quar- 
ter section view of the complete assembly of the compressor and 
turbine along with the 90-deg burner is shown in Fig. 16. Note 
the compact form of the complete power plant which makes it 
ideal for use in an auxiliary power package such as the portable 
fire pump shown in Fig. 17. This Diesel-fuel-burning radial gas- 
turbine-driven fire pump is self-priming, air bleed from the com- 
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pressor being used in an ejector pump to lift water up to the fire 
pump. This pump delivers 500 gpm at 100 psig with a 16-ft lift 
with compressor-inlet temperatures up to 120 F. 


CONCLUSION 
Our experience with design and development of the small ra- 
dial gas turbine has demonstrated that even with the present 


state of the art it is a simple and practical means of obtaining 
power to drive auxiliary equipment. We have tried to present, 
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in brief, a number of its component design problems, their solu- 
tions and their limitations in the light of our experience and 
what is considered good practice in the available literature. 

We shall not say that the future of the radial gas turbine is un- 
limited in the higher horsepower class of equipment but it cer- 
tainly will be difficult to remove from its present place below 250 
hp. 
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Discussion 


P. F. Martinvzzi.* The author is to be congratulated on a 
really excellent paper, of a type all too rarely seen, It shows 
clearly the logical foundations on which a very successful design 
has been based. 

As regards acceleration or deceleration in the rotor passages, 
for the very small machine deceleration is better because it gives 
a larger channel width at the rotor tip. Has the author any data 
on the influence of this width on losses; also on the influence of 
the axial clearance between rotor vanes and fixed casing? 

It would be of the greatest interest if the author could give 
some experimental data on the effect of size or Reynolds number 
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on both compressor and turbine performance. The published 
data differ considerably on this point, and any practical tests 
would be of great value. 

The radial turbine used is, in effect, an inverted centrifugal 
compressor. Has the possibility been examined of using a radial 
inflow wheel with a larger number of blades of smaller 
radial extension; and of using larger deflections in the turbine 
blades? Jt also would be very interesting to obtain some data 
on the material used for the turbine roter and on the principles on 
which the stressing of the turbine rotor is based. Are there 
any reliable data on the bursting velocities of cast rotors at 
high temperatures? 

A final point of interest is the following: The author states that 
the radial compressor and turbine has proved its worth for powers 
below 250 hp. Why this sharp limitation? Would the combina- 
tion of centrifugal compressor and inflow turbine, with suitable 
modifications, not be suitable for much higher powers? The 
author's firm has built a 250-kw turbine using an axial compressor 
and turbine. It would be most interesting to obtain the author's 
opinion on the two types of machine. What would have been 
the results if the 250-kw machine had also been designed for 
centrifugal compressor and inflow turbine? 


H. E. Sueers.‘ This paper presents an interesting and com- 
plete survey of existing practices in the design of radial-flow 
turbomachinery. The data presented are primarily empirical 
and cover the complete design of both compressor and turbine. 
In addition, there are many theoretical studies published on the 
same subject that may not have been included in this survey. 

Any analysis of this type which is broad in seope and limited « 
length invites questions relating to certain ¢etails. The paper 
presents in Fig. 3 the nondimensional concept of compressor 
work losses. Analyses of this type have been published at various 
times in the older literature. It has been the writer's experience 
that for impellers with blades of high solidity the impeller and 
diffuser losses are not in as simple a relation as indicated 
At flow quantities other than the design value, three-dimensional 
flow occurs in the impeller, which also results in rotational com- 
ponents changing the flow pattern. The total impeller efficiency, 
however, remains at a reasonably high value over a wide range of 
the flow coefficient whereas the diffuser efficiency has a very dis- 
tinct maximum value. Such data have been published.** 

Fig. 4 of the paper shows curves of the theoretical work factor 
versus tip-te-eye diameter ratio for various vane numbers. It 
should be pointed out that the values presented are very nearly 
correct but differ somewhat from the classical presentation and 
analytical exact data as presented by Busemann and Wislicenus,’ 
It should particularly be pointed out that there is an influence 
of the blade solidity, and « simple representation of the type 
shown in Fig. 4 is valid only for blades of high enough solidity. 

The writer also would like to raise the question why the concept 
of specific speed has not been used by the author. It is believed 
that the statements indicating that the optimum efficiency oceurs 
at a flow coefficient on the order between 0.25 and 0.30 are correct 
for a certain range of specific speed. However, it is believed that 
an equally high maximum efficiency may be obtained for higher 
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flow coefficients if compressors of higher specific speed are con- 
sidered. 

The writer also notes that in the final analysis a diffuser effi- 
ciency is specified. It might be worth while to define the diffuser 
efficiency referred to more clearly. 


J.D. Sranirz.* The general arrangement and design features 
of the portable gas turbine are attractive, and if the design horse- 
power was achieved at the design turbine-inlet temperature, the 
author's company is to be congratulated on the development of a 
useful gas turbine. It is unfortunate that some of the test 
results could not be included in the paper. 

Without discussing the aerodynamic design in detail, a few 
comments should be made concerning the philosophy behind the 
design methods, In general, the paper consists of a compilation 
of design “rules of thumb.” Although such rules are often 
helpful in the initial development of a machine, their continued 
use is not to be encouraged because they tend to limit progress 
in the development of better machines. These rules limit 
progress because they often focus the designer's attention on what 
is considered good practice rather than why it is good. On the 
other hand, some rules of thumb limit progress because they are 
based on a misunderstanding of the phenomenon involved. A 
number of years ago, for example, a popular rule of thumb stated 
that the tip speed of the impeller was limited to subsonic veloci- 
ties. Another popular rule is that the inlet relative Mach number 
at the inducer tip should be 0.9 or less. This rule has been 
adepted in the present paper, but later practice indicates that, 
Sy pret) design, the inlet relative Mach number can be at least 
20 jx cont higher without serious loss in efficiency. 

li is suggested therefore that if rules of thumb are to be used, 
these rules be continually reappraised in the light of the most 
recent theoretical and experimental developments, Preferably, 
however, the design of compressors and turbines should be based 
upon fundamental knowledge of the boundary layer, secondary 
flow, the equations of motion and continuity, and so on. 

It is observed that the inlet ducting ahead of the impeller in 
this paper appears to be especially well designed, Figs. 1 and 16. 
In any engine the shape of the inlet ducting bas an important 
effect on the axial-velocity distribution and therefore on the 
variation in angle of attack from hub to shroud at the impeller 
inlet. If, in the plane of Fig. 1, the ducting is sharply curved 
immediately upstream of the impeller inlet, the axial velocity 
decreases rapidly from shroud to hub and serious losses can result 
from bad angles of attack. As indicated in Figs. 1 and 16, the 
inlet ducting of the engine in this paper is well shaped to avoid 
this difficulty. 


AvuTuor’s 


The author wishes to thank Professor Martinuzzi, and Messrs. 
Sheets and Stanitz for their discussions of his paper, especially 
since each is so well known in the field of radial-flow machinery. 

The author agrees with Professor Martinuzzi that, for very 
small compressors, deceleration in the rotor-channel-velocity 
schedule gives better efficiency because of the overshadowing 
effect that diffuser Reynolds number plays in the loss picture. 
However, for a gas turbine above 10 hp, such a condition prob- 
ably would not exist. The fact that diffuser efficiency is so 
critically affected by impeller-exit conditions is another reason 
for choosing the constant velocity, or accelerating rotor-velocity 
schedules. These tend to give a more homogenous flow entering 
the diffuser for both velocity and angle and, therefore, insure 
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, better performance over a larger range of off-design mass flows. 
References (2) and (4) of the paper contain information on the 
optimum clearance in the single-sided centrifugal compressor. 
Doubling this clearance will usually cause about a 2 per cent loss 
in efficiency from that given by the optimum clearance value, 

4 ye. based on available energy. 

“a The limited experience of the author to date, with effect of 
Reynolds number on the compressor, has shown the efficiency 
trends indicated in Fig. 7 of the paper, to be substantially correct 
at the lower pressure ratios. The effect of Reynolds number on 
the turbine is much less than on the compressor. The author of 
reference (1) has repeatedly mentioned that reducing the number 
of turbine vanes has little effect on centripetal turbine efficiency. 
However, this would hold true only at near best velocity ratio. 

_ Undoubtedly some gains can be made in efficiency at the inevi- 
tably lower velocity ratios required by stress, by increasing the 
number of vanes, or tending toward an impulse design by means 
of designing some curvature into the blade at the tips. This 

i would allow a smaller tip diameter, but would make fabrication 
Piel more difficult, unless a cast rotor is considered. 

— The material used to date is a cast Hastelloy B. Some strength 

data on this material have been published.® Stress-rupture data 

ae _ at the operating temperatures for cast Hastelloy B are practically 

nonexistent at this time. The turbine rotor was stressed, using 

the methods of references (17) and (18), applied to symmetrical 

a Be wheels. Thermal effects are included and the disk local density 

is increased to account for the weight of the vanes supported. 

_ Hot-burst data are generally not available for this type of rotor. 

Cold spin tests show the rotor bursts at stress values some 2.5 
Obviously the maximum 


In general, above 250 hp, fuel consumption becomes a major 


consideration in the gas-turbine picture; therefore, this figure 
was chosen because, above this power the axial compressor with 
its higher pressure ratio and efficiency allows a turbine design 
that is more competitive with the reciprocating engine on a fuel- 
4 consumption basis. Where fuel consumption is not important 
above 250 hp, the radial design is certainly the least expensive to 
produce. 
 - If a single, centrifugal compressor and inflow turbine had been 


7 chosen for the 250-kw gas-turbine generator, it would have 


_ been a much more chunky machine, having approximately 20 per 

cent higher fuel and air consumption than the axial unit, and 50 
_ per cent higher rotative speed. 

In regard to Mr. Sheets’ comments on Fig. 3 of the paper, the 

_ title of the figure should be interpreted to indicate an infinite num- 

ber of optimum compressor designs. Therefore, any flow factor 

_ in Fig. 3, represents a design point. However, if a particular de- 

sign condition has been selected, the comments of Mr. Sheets cer- 

- tainly hold true. It is in this regard that the author has specified 

constant or accelerating rotor-channel-velocity schedules as being 
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more optimum, as argued in the text of the paper, and in the 
reply to Professor Martinuzzi's discussion. Such a condition 
compared to decelerating rotor conditions has the same beneticial 
effect on diffuser loss as increasing the diffuser design flow factor, 
but without as much additional impeller loss, hence a more effi- 
cient compressor. It also minimizes the adverse effect of three- 
dimensional flow produced by the rotor on the diffuser at off- 
design conditions. 

Mr. Sheets comments on slight deviation of Fig. 4, from the 
classical presentation ‘sy Buseman and the fact that the values 
are valid only for blades of relatively high solidity, which is true, 
but the author feels that, for the limitations necessarily imposed 
by the title of his paper, Fig. 4 accurately defines the theoretical 
work factor, or slippage factor which may be expected for the 
simple radial-flow compressor. 

The author has refrained from using the term “specific speed,” 
because the data presented in his paper pertain to a very limited 
low specific-speed regime determined by specifying radial vanes, 
the small spread in flow factor ¢ of 0.25 — 0.3, and tip-to-eye 
diameter ratios € of 1.4 — 1.8, as being optimum. 

The author begs forgiveness for not stating clearly that tur- 
bine-diffuser efficiency is the ratio of available velocity head leav- 
ing the turbine that is recovered in terms of reduced static pres- 
sure relative to ambient conditions at the turbine-rotor outlet, 
assuming the diffuser to exhaust directly to ambient. 

The author appreciates Mr. Stanitz’s points of view on empiri- 
cal or design rules of thumb, and would be the last to de-emphasize 
the application of rigorous theoretical solution to a problem. The 
present paper was never intended to replace the refinements in 
design that come only from proper use of applied theory and a 
good development test program based upon the conclusions of 
the theory. The answer from such tests wil] refute automatically 
any empirical misconceptions that may creep into one’s thinking 
from time to time, and eventually will provide invaluable design 
methods for layout of turbine designs. 

It would be the author's comment that, whereas use by indus- 
try of the empirical approach is necessary for establishing and 
predicting practical design, the importance of this procedure is 
given secondary consideratian in most pure research projects, 
where the object is more to isolate the individual aerodynamic 
parameters to confirm theory, rather than to arrive at a better 
over-all design. Consequently, most theoretical research in the 
aerodynamics of centrifugal compressors is of little value to in- 
dustry because the basic geometry of the test components dis- 
regards practical design considerations. 

The author says this in due consideration of the comments 
received, but based on perusal of a good percentage of the avail- 
able published research reports on centrifugal compressors, he 
finds little significant improvement in over-all centrifugal- 
compressor performance in spite of the elaborate theories that 
have been developed. Industry can afford some trial and error 
but must eventually arrive at consistent design methods, leaning 
on past performance for predicting future performance of its 
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The Free-Piston Engine Development— 


Present Status and Design Aspects 


By A. L. LONDON! ano A. K. OPPENHEIM? 


Three of -piston engines are considered: 
(a) An internal-combustion engine air compressor com- 
- bination where the useful output is compressed air for 
pneumatic purposes. (6) An air compressor combustion- 
_ chamber combination for the production of hot gases 
under pressure for use in a turbine to produce shaft work. 
_(c) The compressor system as described in (a) together 
with a combustion chamber for internal-combustion 
heating of the compressed air and then a turbine to 
utilize the hot gases for the production of shaft work. 
_ Performance data for several existing free-piston systems 
are presented together with the results of cycle studies. 
q The thermodynamic-dynamic design aspects are con- 
_ sidered relative to the conventional crank-type recipro- 
_ cating internal-combustion-engine system. The general 
conclusion reached is that the free-piston system has the 
prime advantages of excellent thermodynamic perform- 
ance combined with mechanical simplicity. Conse- 
quently, a major development effort appears to be well 
used in the paper: 


NOMENCLATURE 
The following nomenclature is 


= piston diameter, ft 

frequency of operation, cycles per second (eps) 

resultant force acting on piston assembly, # 

proportionality factor in Newton's second law, 
(Ib /#)(ft /sec?) 

gas specific-heat ratio 

length of piston assembly, ft 

mass of piston assembly, Ib 

over-all mass of system, Ib 

gas pressure 

compressor pressure ratio, discharge to delivery 

piston stroke, ft 

gas temperature, deg R (deg F abs) 

piston velocity at position z, fps 

piston-stroke work quantities as defined by subscripts, 
ft #/cycle or Btu/cycle 

piston position measured either from innermost or outer- 
most positions, ft 

piston bulk density based on piston assembly silhouette 
volume, pef 

over-all system bulk density based on system silhouette 
volume, pef 

time of piston travel from 0 to z, sec 

= gas flow rate to turbine, lb per hr 


32.2 
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# = pounds force in distinction to lb = pound mass. 


INTRODUCTION 

A free-piston machine consists of an opposed-piston two-stroke 
Diese! driving a reciprocating air compressor. The recipro- 
cating work of the engine piston is supplied directly to the 
compressor piston, without the intermediary of two crank sys- 
tems, as employed in the conventional internal-combustion en- 
gine reciprocating compressor combinations. The most notable 
features of the free-piston system are (a) constructional simplicity 
arising from the absence of cranks and associated bearings; (6) 
the essentially vibration-free operation provided by the opposed- 
piston crankless design; and (c) the absence of piston-cylinder 
thrust as introduced by crank-connecting-rod systems. 
These advantages are gained with no sacrifice of thermodynamic 
performance within the cylinders and, in principle, with a sub- 
stantial gain in mechanical efficiency as a result of fewer moving 
parts and lower loadings on the remaining bearing surfaces. 

The free-piston system has two main applications: 

(a) An internal combustion-engine air compressor combina- 
tion, where the useful output is compressed air for pneumatic 
purposes. 

(b) An air compressor combustion-chamber combination for 
the production of hot gases under pressure for use in a turbine to 
derive shaft work. 

A third application is a modification of (a) and (b) as follows: 

(c) The compressed-air output of system (a) is fed to a com- 
bustion chamber for heating prior to use in a turbine to produce 
shaft work. 

For the compressed-air application, the Diesel engine may 
operate with only a nominal supercharge pressure—say, 2 to 5 
psig —sufficient for scavenging of the two-stroke cycle. However, 
for the power gas generator application, the engine cylinder oper- 
ates with a high supercharge—of the order of 3 to 6 atm gage 
derived from the compressor discharge, and exhausts at a high 
back pressure just slightly less than the supercharge pressure. 
These three fundamental applications of the free-piston principle 
are described schematically in Fig. 1. 

The gas-generator application, like any highly supercharged 
engine, involves very high heat-transfer rates per unit area at the 
cylinder walls. This condition results from combustion rates per 
unit cylinder volume being 4 to 6 times those of conventional 
Diesel practice. Consequently, cylinder-wall lubrication and 
ring-wear problems which are introduced may require a laborious 
development for their successful solution. Apparently efforts 
in solution of these problems have been successful to a considera- 
ble degree, as evidenced by the commercial availability of gas 
generator-turbine systems from the French SIGMA organization 
(Société Industrielle Générale de Mécanique Appliquée) (1, 2).* 
On the other hand, the compressor application involves no such 
heat-transfer difficulties as, with the nominal supercharge em- 
ployed, combustion rates per unit cylinder volume are quite con- 
ventional. Moreover, the compressor application already has 
been convincingly demonstrated as a military and a commercial 
reality in Germany and France. The Junkers organization pro- 
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vided free-piston compressors as standard units to the German 
Navy (submarines and destroyers) for torpedo-launching air. 
The SIGMA organization in France have over 1000 compressors 
in commercial use, not only in Europe, but also in Africa, South 
America, Central America, and Mexico. The Allan Muntz 
organization in England has license agreements with SIGMA for 
manufacture of this type of compressor (2). The Japanese 
Army Engineers Corps also was interested in military applica- 
tions of Junkers-t ype units (3) 

In spite of this impetus no major effort has been devoted to the 
comoressor development in this country, and only one United 
Staies manufacturer, under Navy Bureau of Ships sponsorship, 
has made any progress on the gas-generator application (4). 
This lack of effort may result in part from conservatism, but it 
also may be due to the fact that the design procedure, based on 
the thermodynamic-dynamic analysis of free-piston engines, is 
sufficiently complex and different from that for the conventional 
crank system as to inhibit preliminary thinking on the subject by 
most of the engine and compressor manufacturers in this country. 
In the conventional crank engine, by virtue of the mechanical 
constraints imposed by the crank, engine speed and compression 
ratio are independent variables for the designer. This allows a 
complete separation of the thermodynamic and dynamic con- 
siderations. In most cases the only thermodynamics that the 
internal-combustion-engine designer will use is a selection of 
mean effective pressure to establish the necessary piston displace- 
ment. The remainder of the design is established primarily from 
mechanical considerations. In contrast, for the free-piston sys- 
tem, the absence of the crank results in a “‘spring-mass’’ system 
which operates at a “natural frequency” established by the mass 
of the piston assemblies and the nature of the “gas springs” 
within the cylinders. Consequently the thermodynamic and 
dynamic considerations cannot be separated. 

A further reason for the evident inertia of the manufacturers in 
this country toward this revolutionary development may arise 
from the lack of dependable performance data demonstrating 
what has been accomplished by the present European designs. 
Since SIGMA has reached a stage of commercial exploitation of 
its gas-generator unit, limited performance information for the 


gas-generator system has been made available (1). No such 
results for the compressor application have appeared. More- 
over, the limited information at hand has lacked sufficient detail 
to permit analysis from a design point of view. The work re- 
ported by the authors (5, 6) represents an effort to fill this gap 
However, as these references are not generally available it is the 
purpose of this paper to present their high lights. 

More specifically, the objectives of this paper are as follows: 

(a) To present actual performance data for existing free-piston 
machines which may be considered as commercially available 
systems. 

(b) To outline briefly the thermodynamic-dynamic design 
aspects as compared to the conventional crank-type engine. 

(c) To present the results of cycle studies for the two prime- 
mover applications described in Fig. 1(b and c). 


Free-Piston Gas-GENERATOR PERFORMANCE 


Fig. 2 shows a recent central-station plant gas-generator 
turbine installation at Rheims, France. Two 1000-hp gas gen- 
erators are paralleled to provide hot gas at 945 F to a single gas 
turbine driving an electrical generator. This system is conser- 
vatively rated at 1250 kw (1680 hp) at the bus bars, with a maxi- 
mum load rating of 1400 kw (1880 hp). 


Fie. 2. Cenrrat Station Gas-Generator Tursine System 


(See Table 1 for system characteristic; Fig. 3 for free-piston cross-section 
drawings, and Fig. 4 for plant part-load performance. Courtesy of SIGMA.) 


| ro 
‘ere wi tothe 
4 a — 86 
| 


LONDON, OPPENHEIM - 


THE FREE-PISTON ENGINE 


DEVELOPMENT 


Casing re 
Compressor cylinder 
Bounce-cylinder head 
Engine cylinder 
Scavenge chamber 


Intake valves 
Discharge valves 
Pressure-equalizing pipe 
Cooling-water i 
Cooling-water outlet 


Stuffing box 

Starting mechanism 
Stabilizer 

Synchronizing mechanism 


Fie. SIGMA Type G-34 Free-Piston Gas Generator 


(Longitudinal elevation cross section, 


The gas generator, known as the GS-34 Type, manufactured 
by SIGMA, is described in the section drawings, Fig. 3, obtained 
from reference (1). The functions of the ~ylinder spaces are 
shown schematically in Fig. 1(6). Pari :cularly noteworthy 
points of comparison relative to a heavy-duty crankshaft Diesel 
are as follows: 

(a) The mechanical simplicity arising from the reduction of 
the number of parts and the absence of the crankshaft. 

(b) Compactness, smal] floor-space requirements, and low 
weight. 

As of this date, five of these units have been constructed and 
more than 45 additional units are on order for both naval and com- 
mercial marine applications, for a locomotive system under 
development by the Renault automotive concern, and for central 
stations. 

The guaranteed performance and other characteristics of the 


verse elevation cross section, and view of piston-synchroaizing mechani P both extreme positions. & 
Over-all Roe = 14 ft; over-all width = 4.62 ft; over-all height = 5.8 ft. 


From reference 1 


The test data for the first GS-34 unit reported by Eichelberg 
(1) were analyzed and reported in references (5) and (7). Addi- 
tional information recently obtained from SIGMA necessitated 
some modifications to these first estimates with the results shown, 
Table 2. The following interesting comparisons, relative to the 
modern Diesel and the conventional continuous-flow gas-turbine 
system may be noted: 

(a) With respect to fuel economy the free-piston system is 
competitive with the Diesel and has the same desirable flat part- 
load characteristic. The free-piston system has 80-100 per cent 
better fuel economy than the simple gas-turbine plant (com- 
pressor, combustion chamber, turbine) at its full-load design point 
and even bet‘er relative performance at light load. Compared 
to the gas-turbine plant operating on a more complex cycle, in- 
cluding intercooling and regeneration, the free-piston system 
still possesses a 20 to 25 per cent advantage. 

(b) With respect to operating temperatures, the turbine for 
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the free-piston system has less stringent requirements than even 
the exhaust-gas supercharger-turbine drive of the modern Diese!. 
Compared to the 1300-1600 F temperature requirements for the 
conventional gas-turbine plant, the less than 1000 F operation of 
the free-piston system turbine is most attractive. 

(ce) The gas specific flow rate of the free-piston system at full 
load is about 25 lb per shphr. This is more than twice that of 
the Diesel but only one half that of the gas-turbine system. 

(d) Weightwise it appears that the free-piston system occupies 
& position between the low specific weight of the simple gas- 
turbine plant and the relatively high specific weight of the Diesel. 
It should be emphasized however, that the GS-34 unit does not 
a lightweight design. All wall sections are conserva- 
tively heavy and no low-density alloys are employed. 
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Free-PistoNn Compressor PERFORMANCE 


A Junkers 4-stage compressor as reported in reference (6) will 
be used to illustrate this application of the free-piston principle 
Fig. 5 shows this system on the test stand. Fig. 6, showing con- 
struction details, illustrates the essential mechanical simplicity 
attained when the crank mechanism is eliminated. Table 3 lists 
the specifications of the system, 

Compressors of this type were standard equipment for both 
submarines and destroyers in the German Navy, where they were 
used to provide 3000-psi air for torpedo Jaunching. 

A single-cylinder opposed-piston Diesel engine is located in the 
central section of the system, Fig. 5. Both intake and exhaust 
valves are of the port type located at opposite ends of the Diese 
cylinder and uniflow scavenging is provided thereby. At the 
left end of the unit the first and fourth compressor stages are 
located, while the second and third stages are at the right end. 
Water-cooled tubular intercoolers reduce the air temperature 
between —— stages, and also serve as air ducts from one 
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TABLE 1 GENERAL CHARACTERISTIC FREE-PISTON 


CENTRAL-STATION UNIT, 


No. of free-piston gas generators 
Rating at bus bars, k 
load rating, kw 


2 
1250 
1400 
0 570 
0 390 
1 


_ fuel consumption at rated load.* Ib per net kwhr 
Te ine shaft specific fuel consumption at rated load, Ib per were 
consumption, gph. 
Cooling-water requirements, gpn 
Weight of system including Ib (51 Ib per kw ... 64,000 
Weight of two gas generators, Ib (28.2 lb per kw rating)... . 35,300 


® Including electrical generator losses. 


_ TABLE 2 SUMMARY OF SIG MA Gene DESIGN AND 


PERFORMANC 


Gas Tursine 


Power output, shp J 

Gas flow rate, ib per hr 

Gas pressure at turbine inlet, peia 

Gas temperature at turbine inlet, deg Fabs. . 


Gas Generaron 
Operating Conditions 

Compressor: 

Pressure ratio 

Stroke, in. 

Volumetric efficiency 

Clearance, per cent 
Engine: 

ompression ratio 

“Effective” stroke, in 

Air-fuel ratio. . 

Indicated mep, psi 
Bounce Cylinder: 

Pressure level, 

Temperature ee deg F abs 

Clearance, per cent 

Stroke, in aes 


Geometrical Data 
Length of piston assembly, 
Engine: 
Piston area, sq ft 
Piston length, in 
Cylinder bore, in. 
Doves ce cylinder: 
flective 
Piston length, 
Cylinder bore, x 
Compressor: 
“Effective” piston area, sq ft. . 
Ratio of compressor piston area to engine piston area... 
“Silhouette” piston volume, cu ft. . 


per cent 


Dynamical Data: 
Piston average bulk solidity 
Piston mass, 
Cycle frequency, epm 


Thermodynamic Data: 
Air delivered per compressor cylinder per pte, Ib 
Ratio of engine air to compressor air 
Friction work, per cent of work. . 
Heat transferred to cooling w: per cent of LHV 
Engine indicated thermal P= rl LHV basis. . 


Gas System 


Fuel flow rate, lb 
cone 
ey, LHV basis 


Fic. 58 Junkers Free-Piston Compressor on Test Stanp 


15-hp opposed-piston Diesel, four-stage compressor; intercooled and after- 
cooled; 70.5 cfm of free air; delivery at 2950 psi.) 
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stage to the next. These, together with an aftercooler for the 
fourth-stage delivery, are suspended below the cylinders as 
shown. 

Fig. 6 shows the two piston assemblies. The left assembly 
of the engine cylinder, together with the first compressor stage 
and the fourth compressor-stage pistons. The right-hand assem- 
bly consists of the exhaust-port-end Diesel piston, together with 
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FREE-PISTON ENGINE DEVELOPMENT 


9.3" STROKE (Variable with load) 


Junkers Unit Piston anp CyLinper ARRANGEMENT 
(Insert shows valve arrangement in first-stage cylinder from reference 3.) 


the second- and third-stage compressor pistons. Both assemblies 
are of identical mass, 65.4 + 0.05 lb. Each of the two power 
pistons is solidly connected to the first- and second-stage compres- 
sor pistons, respectively. However, the third- and fourth-stage 
compressor pistons are secured by articulated joints. This de- 
sign is for the purpose of allowing for any chance misalignment 
of the cylinders. 

Exactly opposed-piston kinematic action is essential for opera- 
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TABLE 3 SPECIFICATIONS OF JUNKERS UNIT 
General 
Rated capavity (free bo efm 
Discharge reassure, 
Operating 
Equivalent shp 
Weight of piston assem 
First ead comp. stage end, lb 
Second ee one comp. stage end, Ib 
Bhipping weight, Ib 
Engine Section 
Two-stroke opposed-piston Diesel bore K stroke* 
dicated engine power 
». of piston rings 
rt-type intake and discharge valves, uniflow scavenging. 
vech injector, open noaszle (pintle-shaped jet) 
‘orce-feed lubrication; no scavenge oi! return. 


Compressor and Scavenge Pump 
No. of compressor 
Pressure ratio ger 
Intercooled and aftercooled by circulating water 
Cylinder bore dimensions, in. 
let stage and pump 
2nd stage mr 
3rd stage 
4th stage. . 
o. of piston ri 
Ist stage and seavenge pump 
2nd stage 
ard stage 
4th stage 
No. of compressor-intake and discharge valves 
tended disk pressure-actuated type) 
lst stage 
2nd stage 
3rd stage. . 
4th stage... 
Scavenge pump. . 
Scavenge-air « ischarge valves on lat stage 
Force-feed lubrication; no scavenge oil return 


* Piston stroke is a variable in operation ranging from ome in. at full load 
to 7.8 in. at light load, Maximum possible travel, 
contact to compressor ey against copper cr ing plu 
Three */s-in-diam in. long, are 
second-stage cyli between the intake valves. 


oth the first and 


tion. The two pairs of synchronizing racks, tied to the piston 
assemblies as shown in Fig. 6, are for this purpose. Each pair, 
consisting of one rack from each piston assembly, acts on a 32- 
tooth pinion, about 3°/, in. diam. The pinion bearings in the 
casing are located at the central section diametrically opposite 
each other, with their axes normal to the longitudinal axis of the 
casing. One pinion shaft serves as a power take-off for the fuel 
pump. The second pinion located diametrically opposite, on the 
other side of the casing, provides the power take-off for a lubri- 
eator and coolant pump. 

The semischematic section drawing, Fig. 6, describes the cyl- 
inder arrangement. Note that the fourth-stage cylinder nests 
within the recess of the first-stage piston, and the third-stage 
cylinder is recessed within the second-stage piston. This design 
substantially reduces the over-all length of the unit with but a 
small cost in increased diameter. Cylinder-bore dimensions are 
shown. The Diesel cylinder has a separate wet liner shown in 
Fig. 6. The intake ports at the left are arranged to provide a 
scavenge-air swirl, making for improved charging and causing 
turbulence during fuel injection for better combustion. The 
Diesel injection nozzle penetrates the cylinder at the center sec- 
tion (the injector hole on the liner is hidden from view in Fig. 6). 

The back face of the first-stage compressor piston serves as a 
scavenge pump supplying roughly 80 per cent of the engine air to 
the seavenge-air space indicated in Fig. 6. The remaining 20 per 
cent of the engine air is furnished during the initial portion of the 
first-stage compressor stroke through a circumferential belt of 
cylinder-wall valves located approximately 35 per cent of the 
stroke length up the cylinder. The seavenge-box pressure is kept 
at about 5 in. Hg gage by this means. 

All compressor and scavenge-pump intake and discharge valves 
are 0.55 in. in diam with spring-loaded pressure-actuated circular 
disks. Total flow area is controlled by the number of valves in 
parallel. The valve plate for the scavenge-cylinder discharge is 
shown on the piston assembly, Fig. 6. The scavenge-cylinder 
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intake valves are shown in the insert, together with the five chan- 
nels for the passage to the scavenge box of the air provided 
directly from the first-stage cylinder. The first compressor stage 
intake and discharge valves are also visible at the head end of the 
cylinder. 

The air intakes to the system are evident in Fig. 5 leading from 
the flow meter at the left of the illustration. The first-stage com- 
pressor air comes in the left-hand branch and the scavenge-pump 
air comes in the right-hand branch. 

The Diesel cylinder is completely water-jacketed, while the 
compressor cylinders, with the exception of the fourth stage, are 
only partially jacketed. A single cooling-water circuit was used, 
with flow in sequence from the second-stage intercooler, to the 
first-stage intercooler, the second and third-stage cylinders, the 
third-stage intercooler, the fourth and first-stage cylinders, the 
power cylinder, and finally to the aftercooler. 

The fuel system consists of a Bosch-type jerk pump and an 
open nozzle with a pintle used only for shaping the jet. Com- 
pressed-air delivery rate is controlled by the fuel injection per 
cycle which in turn is regulated manually by a rack adjustment 
of the pump-plunger helix position which regulates the effective 
delivery stroke. The plunger is of the “helix-up” type which 
characteristically ends injection for all loads at the same point 
but advances the start of injection for the greater loads. 

Starting of the unit is accomplished by compressed air. The 
piston assemblies are locked in an outward position. Then, 
starting air, supplied at 250 psig, is admitted manually to the 
first and second-stage cylinders through pressure-regulator 
valves. When the cylinder pressures reach 175 psig in the 
second stage and 60 psig in the first stage, the lock is tripped auto- 
matically, the power pistons are “kicked” together with a volu- 
metric compression ratio of about 40:1, and fuel is injected simul- 
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taneously. With this high compression ratio no ignition failure 
results, except if malfunctioning of the fuel system prevents in- 
jection. A back-pressure regulator on the aftercooler air dis- 
charge prevents delivery to the receiver until the back pres- 
sure on the fourth stage reaches 750 psig. This is necessary to 
insure sufficient clearance-air energy in the compressor cylinders 
to provide the return bounce for engine compression. 

The over-all performance of the unit is described in Fig. 7 
where the characteristics of system frequency, isentropic compres- 
sor power, thermal efficiency, and compressed-air delivery rate 
are plotted versus the engine fuel rate. Interesting character- 
istics to note are as follows: 

Operating Frequency. At any given compressed-air delivery 
pressure, the operating frequency is almost independent of load 
(fuel rate), rising but slightly at light loads; e.g., for 2950 psia 
delivery the speed is 880 cycles per min (cpm) at maximum load 
(73 cfm) and 905 epm at minimum load (41 cfm). The effect of 
increasing the delivery pressure is to increase the speed of opera- 
tion—800 cpm at 1800 psia and 880 cpm at 2950 psia discharge 
pressure. This behavior is in accordance with the spring-mass 
nature of free-piston systems. The lower discharge pressures 
correspond to “softer springs’’ for the air in the clearance spaces 
of the four compressor cylinders, and consequently lower 
natural frequency of operation. At the light loads, the 
softer springs of the engine-cylinder gases are more than com- 
pensated for by a shorter stroke and more clearance space air 
energy (‘‘stiffer springs”), resulting in a slight increase of operat- 
ing frequency. 

Compressed-Air Delivery. Increasing the fuel rate results in 
more energy for the outward or air-delivery strokes of the com- 
pressor cylinders, greater stroke lengths, and consequently 
greater delivery. At the rated discharge pressure, Pp = 2950 
psia, for instance, the delivery is increased from 41 cfm at 14 Ib 
per hr fuel rate to 71 cfm at 24 lb per hr fuel rate. Higher fuel 
rates cause excessive engine-exhaust smoke, and below this range 
the engine stops owing to incomplete opening of the Diesel 
intake-port valve and inadequate scavenging of the engine cylin- 
der. The narrow range of delivery of this unit—from 73 to 41 
efm—is net characteristic of free-piston compressors in general, 
but only of the particular design of the Junkers unit. The com- 
mercially available SIGMA free-piston compressors (rated 220 
cfm at 85 psig), operate from maximum to zero delivery. 

Decreasing the delivery pressure at a given fuel rate increases 
the delivery rate even though the operating frequency is de- 
creased. As an example, at a fuel rate of 22 lb per hr for 2950 
psig, the delivery rate is 68 cfm at 885 cpm, while for 1800 psig 
the delivery rate is 78 cfm at 800 cpm. This behavior is directly 
associated with the increased compressed-air delivery-stroke 
length with reduced back pressure. 

Isentropic Power and Thermal Efficiency. As shown in Fig. 7, 
the isentropic work of compression versus engine fuel rate is 
independent of compressed-air delivery pressure in the range P, 
= 1800 to 2950 psia. Apparently the reduced work of com- 
pression per pound of flow at the lower delivery pressures is just 
compensated for by a higher flow rate to give the same power re- 
quirement. 

At 100 per cent of full load (24 lb per hr of fuel) the isentropic 
power is 30 hp, calculated for four stages, starting each compres- 
sion with air at room temperatures and a pressure ratio per stage 
equal to the fourth root of the over-all pressure ratio. 

The system thermal efficiency, based on this isentropic power 
and the LHV of the fuel input, is quite constant over the load 
range, being between 18 and 20 per cent.‘ 

The isentropic compressor requirement of 30 hp indicates that 


*LHV = 18,300 Btu per Ib. To convert to thermal efficiency on 
an HHV basis divide by (HHV) /(LHV) = 1.066. 
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Fie. 8 Enoie Section 
(Indicated mean effective pressure, indicated thermal efficiency, ‘‘effective 
shaft” specific fuel consumption, scavenge-box pressure, and compression 
ratio as a function of fuel charge per cycle.) 


the equivalent shaft horsepower rating of the Diesel engine would 
be in the range 40 to 45 hp. On this basis the specific weight of 
engine plus compressor is less than 30 lb per hp, including heat 
exchangers. 

The performance of the Diesel-engine section is presented in 
Fig. 8 where the conventional engine parameters—indicated 
mean effective pressure (imep), indicated thermal efficiency, and 
specific fuel consumption—are plotted versus the fuel injection 
per cycle. Additionally, unique to the free-piston system, the 
variable engine-compression ratio is presented. 

An examination of Fig. 8 reveals the following noteworthy 
points: 

Indicated Mean Effective Pressure. The imep at full load is 
106 psi. Over the load range it is not influenced by the air-com- 
pressor processes, depending only on the fuel charge per cycle. 

Engine Compression Ratio. Small variations of innermost 
stroke position have a large effect on engine-compression ratio, 
based on the effective stroke length starting at the position where 
the exhaust port is just closed. The innermost position varies 
from 0.16 in. at a light load to 0.30 in. at full load giving a varia- 
tion of engine-compression ratio of 40:1 at light load and only 
22:1 at full load. The higher compression ratio at light load is 
due to a greater mass of clearance air in the compressor cylinders 
at the outermost position and consequently, more return-bounce 
energy for the engine-compression stroke. The amount of air 
per cycle trapped within the engine cylinder is fairly constant in 
spite of load changes. The effect of lower discharge air pressure 
is also evident in that the compressed-air “springs’’ in the clear- 
ance space are less stiff and the return energy for the engine-com- 
pression process is reduced with a resulting lower compression 
ratio. 

Indicated Thermal Efficiency and Effective Specific Fuel Con- 
sumption. Based on the lower heating value, the indicated ther- 
mal efficiency is about 38 to 40 per cent until the fuel charge is in- 
creased to the point of significant incomplete combustion. The 
equivalent shaft specific fuel consumption is based on the energy 
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absorbed by the compressor which is approximately 42 hp at a 
fuel rate of 24 lb per hr for 71 cfm at 2450 psi. This economy is 
quite satisfactory when compared to conventional crankshaft 
Diesels of the same rating. However, it is not remarkably good 
considering the high compression ratios as compared to 16:1 for 
the conventional Diesel. A study of test indicator cards points 
out the large amount of afterburning in the Junkers engine 
cylinder, resulting in almost an isothermal expansion. This 
afterburning is, of course, less efficient than combustion close to 
the innermost piston position. 


TuermopyNnamic-DyNamic Design 
Fig. 9 illustrates schematically the spring-mass nature of a free- 
piston engine system. The speed of operation in cycles per min- 
ute is determined by the mass of the piston assembly and the 
character of the nonlinear gas springs. Because of this non- 
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illustration of relation between indicator cards and character of 
Compare with Fig. 10 which gives specific example of spring 
force versus piston position.) 


linearity, the speed must be established from successive numerical 

or graphical integrations starting from the differential equation 

of motion and a resultant force versus piston displacement charac- 
teristic established from the indicator cards for each cylinder. 

Thus for a given piston-assembly geometry which fixes the mass, 

the delivery rate, pressure, and temperature of the turbine gas 

are determined, and the turbine power then can be calculated. 

In general this turbine output will not correspond to the de- 
sired plant rating However, by the use of “affinity relations” 
it is possible to scale the gas-generator geometry up or down to 
provide the necessary delivery rate. 

This design procedure wil! be outlined briefly, as follows: 

Piston-Cylinder Arrangement. The first step in the design 
procedure is to select a general piston-cylinder arrangement such 
as, for instance, the configuration shown in Fig. 1(6) for the gas 
generator. 

Independent Variables. The next step involves a specification 
of the following independent variables: 

(a) Stroke length (common to all pistons), 
(6) Piston lengths. 
(c) Piston average bulk density (or alternatively density of 

material of construction and the “solidity” of the piston). 

2 Compressor. 

(a) Pressure ratio. 
(b) Clearance 
(ec) Air- intalke state. 

Engine. 

(a) Air-fuel ratio. 
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(b) “Effective” stroke (specifying intake and exhaust ports, 
geometry and location). 

(c) Volumetric compression ratio. 

(d) Lower heating value of the fuel. 
4 Bounce Cylinder. 

(a) Pressure and temperature at the start of compression. 

(6) Piston area relative to compressor area, e.g., for the case 
of the configuration in Fig. 1(6) Abounce = Acomp + Aecngine- 

Idealizations. Asa third step, certain basic idealizations have 
to be made to permit the construction of the indicator cards. 
These are as follows: 

1 Nature of working substance, e.g., air and perfect-gas be- 
havior ‘ 

2. Friction force as a function of stroke. 

3 Details of engine cycle specifying compression, combustion, 
power stroke, and exhaust blowdown processes. 

4 Character of change of state in flow through the scavenge 
chamber. 

5 Character of compressor processes, e.g., magnitudes of the 
polytropic exponents. 

6 Valve pressure-drop allowance. 

7 Leakage allowance. 

8 Degree of internal reversiblity of the bounce-cylinder proc- 
ess. 

9 Magnitude of the turbine isentropic efficiency. 


The foregoing specifications must be such as to give a reasona- 
ble result for the percentage heat transfer to the engine coolant 
and the surroundings as deduced from separate energy-balance 
analyses for the Diesel cylinder, the compressor and bounce 
cylinders, and the over-all system. 

Basic Relations. Along with the foregoing information the 
following basic relations must be introduced: 

1 The equation of state of the working substance. Here the 
usual perfect-gas relations may be employed. The additional 
refinement of temperature-dependent specific heats can be in- 
cluded readily, using available gas tables. 

2 Work balances, expressing the fact that the component 
work terms have to balance for each half cycle, as the kinetic 
energy in the piston mass is nil at the zero piston-velocity condi- 
tions corresponding to the innermost and outermost piston 
positions. For the piston cylinder configuration shown in Fig. 
1(b) and Fig 9 
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3 Newton’s Second Law, relating piston resultant force Fz, 
and the piston rate of change of momentum, may alternatively be 
expressed as a relation between work done by the resultant force 
acting on the piston and the gain of piston kinetic energy. Ex- 
pressed in differential form 4 
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where the resultant force F, may be evaluated as a function of 
piston position z, from 

Prout stroke) = Feng 


+ Feompr — Foounce — 


stroke) = Fhounce — F compr Feng Fr 


From the definition of velocity V, = dz/dr, it follows that 


— * dz 
Then introducing V, from Equation [4] 
- 
4 Energy-balance analysis of an idealized engine blowdown 


process yielding the average engine exhaust-gas temperature 
prior to mixing with the excess scavenge air 


Ty P 
Teng gas = 


where 4’ and 5 denote states of the combustion gases within the 
engine cylinder at the beginning and the end of the blowdown 
process, respectively 

5 Energy balances of Diesel and compressor and bounce 
cylinders: While these analyses are not directly used, they pro- 
vide a useful verification of the validity of the idealizations pre- 
viously listed, particularly with respect to the reasonableness of 
the resulting magnitude for the fraction of the fuel-energy input 
which appears as heat transfer to the coolant. 

Detailed calculations employing these ideas can be set up in a 
computing form (5) using the following sequence: 

(a) Compressor characteristics. 

(b) Engine characteristics. 

(c) Bounce-cylinder characteristics. 

These calculations (a, b, and c) based on the work balances 
Equations [1], [2], and [3], must be made on some sort of a 
“unit” basis, as for instance, the “delivery of 1 lb of air per cylin- 
der for each cycle.” The end result is a set of indicator cards 
expressed as force-displacement diagrams (instead of the usual 
pressure-volume diagrams) as shown in Fig. 10 (a, 6, and c). 
Also obtained are the temperature and pressure of the gas de- 
livered to the turbine. 

(d) Dynamical analysis: This procedure initially requires the 
extraction of the resultant force versus piston-position charac- 
teristic from the foregoing indicator cards using Equations [5], 
with the resuit shown in Fig. 10(d). Then application of Equa- 
tion [4] yields the piston-velocity characteristic shown in Fig. 
10(e). The next integration, Equation [6], yields the time-dis- 
placement characteristic of Fig. 10(f), from which the time re- 
quired for one cycle can be deduced (e.g., 95 millisee). This 
result determines the delivery rate to the turbine, based on 1 Ib 
of air per compressor cylinder for each cycle. 

(e) Application of affinity relations: The purpose of this pro- 
cedure is to scale up or down the unit design to give the gas- 
delivery rate to the turbine necessary for the desired shaft power. 
It will be postulated here that the thermodynamic processes per 
pound of working substance remain unchanged. Thus engine 
piston to compressor piston area ratio remains unchanged as well 
as the plant fuel economy. : 

Piston mass 


(7] 
where / is the piston assembly length, D is any one cylinder bore, 
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and p the bulk average density of the piston, as related to the 
piston material and bulk solidity. 
Piston resultant force at any position in the cycle 


F, « 
velocity from Equation [4] 


from Equation 
Introducing Equation {7] for M results in 


Vv 
Vo 


where the last expression results from introducing Equation (96). 
For the horsepower-rating extrapolation, the gas-delivery rate 
varies as the piston-displacement rate so that 


hp « Wgas « D*sf, 


Introducing Equation [10] yields 

~ 

Over-all system mass per unit of power output may be ex- 
trapolated based on the assumption that the gas-generator 

volume varies directly with piston volume. Then, letting p, 

characterize the over-all bulk density of the system (related to 

materials of construction and solidity), the system mass 


M, « DU p, 


Is 


Introducing Equation yields 


Me. 
hp 


Po 
& 
This equation emphasizes the importance of reducing the length 


of the piston assembly as much as possible, consistent with the 
length of the stroke, in order to obtain a low specific-weight ratio. 


Srupies 

While the details of the thermodynamic-dynamic design as 
previously outlined are strikingly different from the conventional 
crank-engine system, cycle studies involving only the thermo- 
dynamic considerations may be accomplished as readily as for 
any compound reciprocating engine turbine system. 

To illustrate possible trends in the free piston-engine develop- 
ment, the results of two cycle studies are summarized, Figs. 11 
and 12. Fig. 11 applies to a gas generator-turbine system of the 
type described in Figs. 1(b), 2, and 3. Conservative estimates 
were made for turbine efficiency, coolant heat loss, and valve 
pressure drops as shown by the figure caption. Fig. 12 applies 
to the free piston compressor, combustion chamber, turbine sys- 
tem as described in Fig. 1(c). Such a system might be considered 
as suited to a portable power plant or for a truck drive. Here 
again conservative estimates were made for losses. 

To emphasize the degree of reality of these performance esti- 
mates “actual performance” as quoted by Eichelberg (1) for the 
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From Equation [6] it is evident that the “operating frequency” : 
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teristic, piston time-position history. 


gas generator, and from SIGMA advertising literature for a 
commercial P-13-type compressor, applied to the combustion- 
chamber turbine system, are superimposed on Figs. 11 and 12, 
respectively. 

Main observations from these results follow: 

1 Actual performance demonstrates that the results of Figs. 
11 and 12 are on the conservative side. 

2 For the gas-generator turbine system a definite advantage 
in fuel economy arises from designs for higher compression pres- 
sures. However, for a pressure ratio greater than 8:1, turbine- 
inlet temperatures start to exceed current gas-turbine practice 
(approximately 1500 F). Moreover, heat-transfer problems in 


(Gas-generator-system indicator cards, piston resultant force-position characteristic, piston velocity-position charac- 
Caleulated operating frequency 60/[97.8 K 10~*] 
position history curve.) 
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the Diesel cylinder, as a result of high supercharge, may accentu- 
ate ring- and liner-wear problems. 

3 The free piston compressor combustion-chamber turbine 
system, while it does not have as attractive a specific fuel con- 
sumption (owing in part to the assumption of only a 75 per cent 
isentropic turbine efficiency), does compete with a carbureted 
gasoline engine. Moreover, assuming a full-load design point of 
8:1 for P* (SFC = 0.67 lb per shphr), the part-load fuel-economy 
characteristic is quite flat, and a P* = 3:1, corresponding to 
approximately one fifth of full load, still has a specific fuel con- 
sumption of better than 0.85 Ib per shphr. This is substantially 
better performance than the simple gas-turbine system which 
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ioe Fig. 1(a). Actual performance point for GS-34 unit from Table 2. 
300 R ratio, engine t 
R; po me tad assumed to yield an isothermal engine power-stroke 
turbine efficiency, 85 per cent; valve 
ene = 5 per cent for event; energy lost to cooling water 
L of fuel; system efficiency based on LHV of fuel of 18,200 


cent of 
per Ib.) 


has been proposed for this application (8). The foregoing 
advantages are gained with a very moderate turbine temperature 
(1040 F). Further, to compensate for the poorer thermody- 
namic performance relative to the gas-generator cycle, the Diesel 
engine operates with conventional combustion rates per unit of 
volume, and as a consequence the heat-transfer and wear prob- 
; Jeme associated with high engine supercharge are absent. 
CONCLUSIONS 
_ The foregoing discussion presents actual performance data for 
existing free-piston machines which may be considered as com- 
mercially available. Also, the thermodynamic-dynamic design 
aspects of free-piston are presented briefly, as compared to crank- 
type engines, along with the results of cycle studies for the two 
prime-mover applications described in Figs. 1(b) and (c). The 
following ec ts ize the main conclusions of this 
study: 

1 An &ppraisal-of the performance of the SIGMA unit de- 
scribed in Figs. 2, 3, and 4 leads to the conclusion that for the 
operating pressure ratio the efficiency is excellent, indicating that 
the fuel injection and combustion problems have been solved 
adequately and that the valve losses are moderate. 

2 Efficiency and output can be increased in the gas-generator 
system by operating with a higher compression-pressure ratio as 
revealed by Fig. 11. However, this results in higher engine com- 
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Engine volumetric com tio, 30:1; maximum engine temperature, 
2500 R; isothermal pore eielies turbine-inlet temperature, 1500 R; 
turbine isentropic efficiency, 75 per cent; valve yey loss, Ap/p = 8 
cent for each event; burner pressure loss 4 = 3 per cent; energy 

it to cooling water = 20 of fuel LHV air pressure, 
psig; scavenge-air flow, 1.25 lb per lb engine air; a an efficiency based on 

LHV of ma of 18,2 260 Btu per lb.) 
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bustion temperature and gas density with the attendant heat- 
transfer problems characteristic of all highly supercharged en- 
gines. Possibly a large measure of the success of the current 
SIGMA development is due to the selection of a relatively 
moderate compressor-pressure ratio and the use of considerable 
excess of combustion air to limit temperatures. Nevertheless, it 
is self-evident that after the free-piston gas generator is estab- 
lished, the trend of the development will be in the direction of 
higher pressure levels as the possible improvement in specific fuel 
consumption is substantial. 

3 Ahigh supercharge crank-engine compounded with a turbine 
possesses the same thermodynamic advantages as a free-piston 
system. In addition to the limitations on high supercharge im- 
posed by engine heat-transfer problems, there is, however, the 
serious restriction on crank-bearing loadings. The SIGMA free- 
piston gas generator, Table 2, operates with imep up to 230 psi. 
The same loadings in a crank system may be difficult to achieve. 

4 With respect to the compressor applications, commercial 
units covering the range from pressure ratios of 6:1 up to 200:1 
have been developed already. The compressor does not involve 
the difficulties associated with the gas-generator development 
because the absence of high supercharge does not result in out of 
the ordinary heat-transfer and the associated wear problems. 
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5 The possibility lity should not be overlooked of introducing the 
compressed-air output from a simple free-piston compressor (one 
or two stages of compression) into a combustion chamber for 
further heating and thence into a gas turbine to drive shaft work. 
A fuel economy of the order of 0.65 lb per shphr, with a flat part 
load characteristic, could be realized in a relatively low-cost 
Such a system, while preserving the desirable torque- 
speed characteristic of a simple-cycle gas-turbine plant with a 
separate power turbine, possesses substantial advantages in terms 
of lower turbine operating temperatures and better fuel economy. 
This free-piston application may be attractive as a truck 
power plant, especially in view of the apparently serious con- 
sideration given to the use of the simple gas-turbine plant for this 
service (8). 

6 The compressor development, Figs. 1(a) and (¢), is sub- 
stantially less difficult than the gas-generator development, Fig. 
1(b), because of the absence of high engine supercharge. Never- 
theless, the thermodynamic-dynamic design aspects (as outlined 
in thix paper specifically for the gas-generator system) are essenti- 
Much other design experience is also more or less 
directly applicable to the gas-generator system. This suggests 
that the compressor development should be undertaken first by 
any organization interested in the commercial exploitation of free- 
piston machines. 

7 It appears from the available evidence that the free-piston 
engine is sound in concept and possesses many technical advan- 
tages. American industry, then, should devote a major effort to 
its development, not only because of the many possible military 
applications, but also because of its commercial importance. 
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Discussion 


Fenpatt Marsury, Free-piston engines have been 
built in various forms and designed, or at least conceived, in yet 
other forms. However, one particular application of the free- 
piston system, the burning of light fuels ignited by compression, 
appears to have been missed. In fact, all the free-piston engines 
built to date have been Diesel types in which combustion occurs 
when fuel is injected into the engine cylinder when the pistons 
are at inner dead center. 

A two-stroke free-piston air compressor, scavenged by a car- 
bureted gasoline-air mixture, for instance, has great advantages 
in both first cost and reliability over conventional gasoline- 
engine-driven air compressors. A free-piston engine scavenged 
by a fuel-air mixture will fire by compression and requires neither 
an electrical ignition system nor an expensive high-pressure fuel 
injector. The carburetor would remain as a necessary evil; but 
the coil, the distributor, and the spark plugs, the most trouble- 
some components of conventional gasoline engines, are not needed 
in this type of engine. 

Of course a conventional gasoline engine can be made to fire 
by compression. Some of the older automobile engines, for in- 
stance, occasionally would become overheated and run quite well 
after the ignition was turned off, although they would not start 
cold as compression-ignition engines, 

To make a conventional gasoline engine start as a compression- 
ignition engine, it is necessary only to give the engine a suffi- 
ciently high compression ratio to fire the fuel-air mixture in spite 
of the low temperature in the cylinder before compression. Of 
course such an engine would develop severe knocks quite soon 
after being started and would run very badly. 

In a free-piston gasoline engine, however, compression ignition 
is perfectly feasible, because the compression ratio of the engine is 
variable. Referring to Fig. 8 of the paper, it is seen that the 
compression ratio of a free-piston air compressor is variable and 
depends primarily on the discharge-air pressure of the compres- 
sor. 

This characteristic makes it possible to obtain enough com- 
pression to start the engine cold by increasing the discharge-air 
pressure temporarily until the engine warms up enough to run at 
its normal discharge pressure. One method of raising the dis- 
charge pressure is to close the discharge-air valve. 

In all cases, whether starting cold oy running under load, the 
free-piston gasoline engine will require a higher compression ratio 
than conventional gasoline engines can tolerate, though lower than 
conventional Diesel compression ratios. 

A free-piston gasoline engine, having no crank and flywheel, 
will not knock in the usual sense of the word. However, if igni- 
tion of the charge should occur at too great a distance before 
inner dead center, that is to say, while the pistons still possess 
considerable kinetic energy, there would be a loss in efficiency 
owing to the chemical energy of the fuel being used to stop the 
pistons prematurely. This effect would show on an indicator 
sard as an unusually abrupt rise of the compression curve and a 
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slight shortening of the stroke, both of which reduce the area of 
the card and the indicated horsepower. 

For most economical operation, therefore, a free-piston com- 
pressor should be designed to have sufficient compression to 
ignite the fuel at the designed discharge pressure of the engine, 
and no more. Actually, of course, some extra compression is 
necessary to take care of fluctuations in the discharge pressure, 
the load, and the cylinder temperature. 

The free-piston gasoline air compressor described would be both 
cheaper and more reliable than a conventional gasoline-engine- 
driven compressor and would show equal or better fuel rates. 
Its design is inherently lighter than that of the usual crank-and- 
shaft engine-compressor set, and it requires no electrical system 
whatever. Such a compressor would fit readily into the cycle 
shown diagrammatically in Fig. 1(c) of the paper, in which system 
it could be used as a prime mover, probably in the 30- to 100-hp 
range 

At present, the ignition system of gasoline engines is their least 
reliable part. More engines quit because of trouble in their elec- 
trical ignition systems than for any other reason, in spite of the 
tremendous arnount of work which has gone into the development 
of ignition systems. Also, Diesel fuel pumps and injectors are 
quite expensive for their size, and, in smaller engines, constitute 
from 7 to 10 per cent of the cost of the engine. F 

It is now possible to eliminate the “gadgets” mentioned which 
give trouble in our internal-combustion engines by making use of 
compression ignition in free-piston gasoline engines. 


R. Tom Sawyer.* Why are separate base values used for 
Fig. 11, as compared to Fig. 12? For example, Fig. 11 shows a 
maximum engine temperature of 3000 R, while Fig. 12 shows 2500 
R. Also, the turbine-inlet air temperature in Fig. 12, is given 
at 1500 R, which is a low value, and no value has been given for 
the actual inlet-air temperature into the turbine for Fig. 11. 

One of the authors has stated that the figures used in Fig. 12 
were for a more reliable and cheaper job, which, of course, is not 
only a good answer but also a sound one. However, the authors 
are requested to set up a comparison between Fig. 11 and Fig. 12, 
using comparable figures in both cases to show the relative effi- 
cieney and practicability between the two types of turbine drive 


* Manager, Research Department, American’ Locomotive Com- 
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Avuruors’ CLosuRE 


The authors agree with Ensign Marbury’s comments that a 
free-piston engine system can be designed for carburetion instead 
of fuel injection. However, in such a system about 30 per cent 
poorer specific fuel consumption can be anticipated at full load 
and an increasingly greater deficiency at part load. This con- 
dition arises from (a) large fuel losses in the scavenge air, and 
(b) pumping losses characteristic of throttie load control. 

The following comments are in answer to Mr. Sawyer’s ques- 
tions: 

The reason for specification of different top engine temper- 
atures, in the cycle studies summarized in Figs. 11 and 12 of the 
paper, is that with high engine supercharge, as for the gas gen- 
erator, about 500 deg F higher top combustion temperatures can 
be anticipated. 

Different turbine-inlet temperatures obtain for the two cycle 
studies, because in the gas-generator turbine system this param- 
eter is a dependent variable as revealed in Fig. 11 (lower set of 
curves, right-hand scale); whereas, for the system of Fig. 12, it is 
an independent variable, controllable (within limits) to the de- 
sired magnitude, by the amount of fuel introduced into the com- 
bustion chamber. The arbitrary selection of 1500 R turbine- 
inlet temperature was suggested by the authors’ objective to 
consider a prime-mover system of low cost, i.e., no high-alloy tur- 
bine; and requiring a small effort for successful development. 
Such a system is believed to be strongly competitive with the small 
gas-turbine plant (less than 500 bp) which is being considered 
seriously for boat, truck, and portable power-plant applications. 

The results shown in Fig. 12 may be simply extrapolated to ob- 
tain the comparison requested by Mr. Sawyer, for instance: 


Compressor, 


bustion chamber. turbine 


Gas-@ 
turbine system® 
Pressure ratio 
Turbine inlet, Tr, deg R. 
Turbine efficiency, per cent. 
Ib fuel 
shphr 0.0 


0.58 
19 19 (turb,) 


7.4 (engine) 


Specific fuel consumption, 


— Ib air 
Specific flow, 


* Directly from fig. 11, for P* = 6.5. 

+ Extrapolated from Fig. 12, for ?* = 6.5 and TTurb = 1800 R consider- 
ing (1) the additional fuel required to heat the turbine gas up to 1800 R, and 
(2) the additional shaft work because of both increased turbine efficiency 
and temperature. 
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A General Theory of Three-Dimens ea 
Flow in Subsonic and Supersonic Turbo- 


>, By CHUNG-HUA WU,' BROOKLYN, N. Y. 


A general theory of steady three-dimensional flow of 
nonviscous fluid in subsonic and supersonic turbomachines 
having arbitrary hub and casing shapes and a finite num- 
ber of thick blades is presented. The solution of the three- 
dimensional direct and inverse problem is obtained by in- 
vestigating an appropriate combination of flows on rela- 
tive stream surfaces whose intersection with a z-plane 
either upstream of or somewhere inside the blade row 
forms a circular arc or a radial line. The equations ob- 
tained to describe the fluid flow on these stream surfaces 
show clearly the approximations involved in ordinary two- 
dimensional treatments, assuming flow surfaces of revolu- 
tion or an infinite number of blades. They also lead to a 
correct solution of the three-dimensional flow in a mathe- 
matically two-dimensional manner. A general procedure 
to solve the direct or inverse three-dimensional problem is 
described for both subsonic and supersonic flow. The 
theory is applicable to both irrotational and rotational 
absolute flow at the inlet of the blade row and at both de- 
sign and off-design operations. 


NOMENCLATURE 


The following nomenclature is used in the paper and is illus- 
trated in part in Figs. 1 to 12: 


€ a = velocity of sound 
= 


" BS = differentiation coefficient used to multiply function 
value at point j to give the mth derivative at point i 
based on nth-deg polynomial 

b = integrating factor in the continuity equation 
¢ = nonzero term on the right-hand side of the continuity 
equation 

_ D/Dt = differentiation with respect to time following relative 

motion of fluid particle 

f, F = vectors having the unit of force per unit mass of fluid 

H = total enthalpy per unit mass of fluid 
h = static enthalpy per unit mass of fluid 
I = modified total enthalpy for relative flow in rotor, 
1 
h+ 


1 
w?— or H—w(V,r) 


N = number of blades 
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and 


unit vector normal! to relative stream surface S 

static pressure 

heat added to fluid particle along its path per unit mass 
per unit time 

gas constant 

radius vector 

relative stream surface passing through fluid particles 
lying on a circular are upstream of or somewhere in- 
side blade row 

relative stream surface passing through fluid particles 
lying on a radial line upstream of or somewhere inside 
blade row 

velocity of blade at radius r "> 

internal energy per unit mass of fluid 

absolute velocity of fluid 

velocity of fluid relative to blade, V-U 

twe 

independent variables 

distance along turbomachine axis 

ratio of specific heats 

equal to 1 and r for S, and S; surfaces, respectively 

independent variable z or r for S, surface and z for S; 
surface 

independent variable g and r for S,; and S; surfaces, 
respectively 

angular distance of fluid particle measured with respect 
to stationary radial line 


d 
slope of characteristic curves, 
tan 


equal to r and 1 for S; and S; surfaces, respectively 


absolute vorticity, V X V 

fluid density 

angle between tangent of streamline or boundary wall 
in meridional plane and axial direction 

radial, axial, or angular thickness of stream sheet 

velocity potential 

angular distance of fluid particle measured with respect 
to radial line on rotating blade 

angle between w and axial direction 

stream functions defined on relative stream surface 


angular velocity of blade 
partial derivative following stream surface = 


Subscripts: 


c= 


e¢= 


4 fay 


casing 
exit 
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mean stream surface 
lower limit of integration 
pressure surface of blade 
radial, circumferential, and axial components 
.= suction surface of blade 
= total state 
tip 
= components in 9- and ¢-direction, respectively 
= in front of rotor 
2 = behind rotor 
Superscripts: 
* = dimensionless quantities 
a,b...k refer to points a,6.. 
INTRODUCTION 
The fluid flow in an axial and radial turbomachine was usually 
investigated in the past for blade-to-blade flow variation on the 
basis of two-dimensional flow on a cylindrical surface and on a 
radial plane, respectively. For a turbomachine of the mixed- 
flow type, investigation was usually made to obtain the meridional 
flow from hub to casing, assuming an infinite number of blades. 
In the modern turbomachine, especially those used in aircraft 
power plants, the configurations of the blades and of the hub and 
casing walls and the use of high Mach number of flow call for a 
more general three-dimensional flow theory for an understanding 
of the flow in and the design of these machines. Following the 
work done earlier in this century on hydraulic turbomachines 
(1 to 4),? considerable progress has been made during the last 
15 years on various aspects of this general problem (5 to 22). 
This paper presents a general theory of three-dimensional flow 
in subsonic and supersonic turbomachines having arbitrary hub 
and casing shapes and a finite number of thick blades. Both the 
direct and inverse problems are considered. The theory is applica- 
ble to either irrotational or rotational absolute flow at the inlet 
of a blade row, and to both design and off-design operations. 


Bastc AEROTHERMODYNAMIC RELATIONS 


The three-dimensional flow of a nonviscous, compressible fluid 
through a turbomachine is governed by the following set of basic 
laws of aerothermodynamics. Equations are first formulated in 
terms of the relative cylindrical co-ordinate system r, yg, and z 
moving with the same angular speed w about the z-axis as the 
rotor-blade, Fig. 1. From these equations, similar relations 
governing the absolute flow in the:stators are readily deduced by 
letting w equal to zero. 

From the principle of conservation of matter, the equation of 
continuity is 

op Dinp 
+V¥-(pW) =0 or De 

For the blade rotating at a constant angular speed w about the 

c-axis, second law of motion gives 


The first law of thermodynamics can be written for fluid in re- 
versible motion 

Du Dp) 

4 = 3 

(3) 


For the range of temperature and pressure encountered in 


? Numbers in parentheses refer to the Bibliography at the end of 
the paper. 
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Fic. Re.ative Srream Surrace S; 
(In this figure and in Figs. 7, 8, and 9, the partial derivatives following the 
stream surface are de ated by bold face symbols, whereas in the text, they 
are printed with a bar over the usual partial derivative sign.) 


ordinary turbomachines, the following equation of state holds 
p = ReT 


It is found convenient in references (15) and (21) to express the 
state of the gas in terms of the entropy and the total enthalpy H 
or a similar quantity J (for relative flow in rotor) of the gas beside 
its velocity components. These quantities are defined as fol- 
lows 


T ds = du + pdp-' = dh— p-'dp..........[5] 


1 
H=h 


l 


1 
w? — 
+ 2 
Using these relations, the equations of continuity and motion 
can be written, respectively, as follows (see reference 21 for deri- 
vation) 
Dh 
Dt 
ow 
Wx(V W) + W = —VI + [9] 
ow 


XV) = + TV8....... 19a) 


Also, by the use of Equations [2], [5], [7] and the relation he- 
tween h and u, we obtain 


The change of entropy is related to heat addition in reversible 
flow by Equations [5] and [3] 
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The foregoing equations lead to several important general con- 
siderations. If the fluid velocity at a fixed point relative to the 
blade can be taken as constant with respect to time, Equation 
[9a] then shows that when either gradient J and gradient s both 
vanish or the difference between gradient 7 and the product of 
T and gradient s vanishes, the absolute vorticity either vanishes 
or is parallel to the relative velocity of fluid, i.e., absolute vortex 
line coincides with relative streamline. 

When the static pressure of fluid is constant at any fixed point 
relative to the blade, Equations [10] and [11] show that for re- 
versible adiabatic flow, both the fluid properties s and J remain 
constant along the relative streamline. The invariancy of J 
means that the change of total enthalpy along the streamline is 
equal to the angular speed of the blade multiplied by the change 
in angular momentum (about z-axis) of the fluid particle along its 
streamline, which is the well-known Euler turbine equation 
usually derived under less general conditions. 

For the flow through a stationary blade row, w = 0, W be- 
comes V, ] becomes H, and Equations [9] and [10] become 


DH Ds 


Dt 


which agree with similar or less general relations given previ- 
ously in references (23 to 27) and (15). It is interesting to note 
that generalization from absolute flow past stationary object to 
the relative flow past rotating blade changes V X (V X V) and 
H to, respectively, W X (V XK V) and J. 

When the fluid enters a stator or rotor of a turbomachine 
with uniform s and zero absolute vorticity, and the flow is 
reversible adiabatic, s does not vary in the blade row and p 
is then a function of p only. Consequently, according to the 
Kelvin’s circulation theorem, the absolute vorticity remains 
zero in passing through the blade row. The steady or unsteady 
flow in the stator or rotor can then be treated on the basis of the 
following two equations 


In cases where there is considerable gradient in the fluid property 
/ (such as caused by a non-vortex type of tangential velocity or 
by a radially nonuniform increase in H in the compressor or 
combustion chamber) or in the entropy of the fluid (such as 
exists behind shocks in a supersonic compressor, in later stages 
of a multistage compressor due to viscous effects, or downstream 
of the combustion chamber due to nonuniform combustion), 
the absolute flow is rotational and the variations of J and s 
entering the blade row should be determined and Equation 
{9] or {12} should be used for the determination of the flow. 


Equation ror Sreapy Turee-Diwensionat PorentiaL Flow 
Consider first the simplest case where the flow in the rotor can 
be treated on the basis of Equation [14] or [15]. These two 


equations imply the existence of a velocity potential ®, which 
is related to the absolute and relative velocity components by 
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By the use of Equations [7] and [16], the continuity Equation 
[8] for steady relative flow can be put into the form 


(1-3) 


7 r or de r dp de dz Or 


1 (: us) ob 
r a’ or 
This is the three-dimensional potential equation for isentropic ; 
flow in a rotating blade row. For absolute flow in a stator, w 
equals zero, W becomes V, and Equation [17] reduces to the 
usual potential equation for three-dimensional flow past non- 
rotating objects. In either stator or rotor, the real difficulty in 
solving this equation lies in the fact that all the velocity com- 
ponents change greatly in passing through a turbomachine and, 
consequently, the equation cannot be linearized and yet gives a 
good approximate answer. For supersonic relative velocity, the 
method of characteristic surfaces (28, 29) can be used. For 
subsonic relative flow, the equation is more conveniently written 
in the form 
ob 


r or 


+ (w, 


and can be solved by the relaxation method (30, 25, 31) or other 
numerical methods using the differentiation formulas obtained in 
reference (31) to take care of the unequal grid spacings near the 
blade surfaces and the curved hub and casing walls. (The last 
term in Equation [18] is kept as constant during each improve- 
ment of ® values and successive corrections are made until the 
desired accuracy is reached. ) 

In both the subsonic and supersonic cases, the solution is ex- 
tremely time-consuming. Furthermore, this direct approach to 
the three-dimensional problem requires that the absolute velocity 
at the inlet to the blade row be irrotational and the tangential 
velocity be of the “free-vortex” type. In actual machines, the 
flow entering a blade row usually does not satisfy the foregoing 
conditions. Some other approach to the steady three-dimen- 
sional flow problem, which is more convenient to handle and is 
also applicable to rotational flow inlet to a blade row, is there- 
fore desirable. One approach is suggested in the following sec- 
tions. 


ob 
or? 


a® a? a? 


=0... {17] 
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Fiow on Reiative SrrReAM SURFACES 


In order to solve the steady three-dimensional flow in a rotor 
or stator, with either an irrotational or rotational absolute flow 
at the inlet to the blade row, in a relatively simple manner, an 
approach is taken to obtain the three-dimensional solution by an 
appropriate combination of mathematically two-dimensional 
flows on essentially two different kinds of relative stream sur- 
face, Figs. 1 to 5. The first kind of relative stream surface is one 
whose intersection with a z-plane either upstream of the blade 
row or about midway in the blade row forms a circular arc, Figs. 
land3. The second kind of relative stream surface is one whose 
intersection with a 2-plane either upstream of the blade row or 
somewhere inside the blade row forms a radial line, Figs. 2, 3, 4, 
and 5. These two kinds of relative stream surface hereinafter 
will be designated stream surfaces S, and S,, respectively 

For both surfaces, the co-ordinates of the stream surface Re 
their differentials are related by ad 


ev V) = —VH + TVs (1 
( = 


= 


S(r, g,z) = 0 
ndr +nyrdp +ndz=0 


In Equation [20] n is the unit normal vector of the stream sur- 
face and is perpendicular to W 


n,W, +nW, +n,W, =0 (21) 


In the following three sections the foregoing relations are used 
to eliminate each one of the three co-ordinates from the equa- 
tions governing the flow on these surfaces. After this is done, a 
stream function is obtained on each stream surface and is used to 
form a principal equation for the solution of the flow on the stream 
surface. A general method of solving this principal equation and 
steps of complete three-dimensional direct and inverse solutions 
are given in the last two sections. 


Equations GoverNING FLurp Fiow on S, SuRFACE FOR AXIAL- 
anv Axiat-Discuarce Mrixep-Frow TurRBoMACHINES 


Flow Along a General S, Surface. For axial-flow, Figs. 6(a) 
to 6(c), and axial-discharge mixed-flow, Fig. 6 (d), turbomachines 
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INLET GUIDE VANE ROTOR STATOR 


Fic. 5 Mean Stream Surraces ror Stace or Ax1tat-FLow 
COMPRESSOR 


any quantity q on the S,-surface is considered a function of ¢ 
and 2. We then have the partial derivatives following the 
surface S, (which are denoted by the usual partial derivative 
sign with a bar over it) given by (see Fig. 1). 


1 1 
r Oy 


r d¢ dz 


ny oq 
n, or dz 
Also 


[23] 
r deg 
Equations of Continuity and Motion. Using Equations [21] 
and [22], the continuity equation for steady flow becomes 
1 
p e(¢, 2) 


ow, 
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(>) Two-stage turbine. 


(a) Single-stage 
turbine. 
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(c) Seven-stage axial-flow compressor. 


(4) Axial-discharge 
mixed-flow impeller. 


(e) Radial-discharge 
mixed-flow impeller. 


(f) Centrifuga) 
compressor. 


Fie.6 Axrat, Rapiat, anp Mrxep-FLow TursomMacHines 


For general steady rotational motion, the equation of motion 
Equation (9] in the radial, circumferential, and axial directions 


ow 
+ W, (° ‘ — 2wW, 
oz or 
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+ 2wW, 
{266} 


WwW 


[26c] 


Following the motion along the relative stream surface S,, 
Equations [26] reduce to the following by using Equations [7], 
- {21}, [22], and the relation between relative and absolute ve- 


Ww , 


[27b} 


[27a] 
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. 


and has a dimension of force per unit mass of fluid. 
Now 


IW. =0 


Combining Equations [29] and [27], one obtains for steady rela- 
tive flow 


[30] 


which agrees with Equation [10]. Hence, this relation between 
I and s on the stream surface can be taken either as one of the 
three equations of motion or to represent the orthogonal relation 
between f and W. 

Principal Equation. For convenience of solution, the equation 
of continuity, Equation [24], and the equation of motion in the 
circumferential direction, Equation [276], can be combined into 
a single equation through the use of a stream function W as fol- 

lows: Ifa variable is introduced, such that 


wide 
r 


n, 
dr 
r 


in which the integration is performed along a streamline, the 
continuity Equation [24] can be written 
XbpW,)  HbpW,r) 
dz 


Dinb 


This equation is a necessary and sufficient condition that there 
exists a stream function pW with 


The difference in ¥ at any two points j and k on the surface is 


-f bp(W,r dg — W, dz). . [34] 
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] where 
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This equation indicates that, physically, the integrating factor b at (W.? + wr?) ny \ a? — + W,?) 
can be interpreted as proportional to the local radial thickness of i ) T 

a thin stream sheet whose mean surface is the stream surface con- a ; 
sidered here. The continuity Equation [32] can indeed be ob- ol + 1 +f,+W ( oF, 
tained by equating to zero the mass flow going into and out of the . 5 p . "\r Oy 7 >) 
‘ement (defined by two axial planes dg apart and two normal 

planes dz apart) as shown in Fig. 7, and letting dg and dz ap- 


r 


wr? + 
rs) XrpW,r) + ) 

+ - = r n./ 
The equation of the characteristics of the differentis] Equation 
[38] is (reference 32) 


Ww, dg \* WW, de 
(: a’ ) dz ) a’ dz 


from which 
WwW, + — a?) 
+ 
at — W,? 


{40} 


Equation [39] shows that the characteristics are real when 
V W.2 + W, > a, in which case the method of characteristics 
Catal aiden : for two independent variables (32 to 35) can be applied. When 
VW + We < a, the characteristics are imaginary and it is 
more convenient to solve the equation by the relaxation method 
(30, 25, 36,37, 31, 38), and matrix method (31, 38) in the fellowing 

form 


oy 1 (5 in bp 
r? dy? dz? o¢ n, dz 
Fic. 7 S;-Surrace Wrra ¢ anv as INDEPENDENT VARIABLES (bp)? ol 4 ds +h + W, ow, 
1 oy r o¢ r oy r 

where rf is the radial thickness of the stream sheet. From Equa- fae. ay 

tions [32] and [35] it is apparent that 6 is proportional to 7, and J i W 

the differences in at two points and k, as given by Equation —W, ( 2) | = 0. 

[34], is proportional to the mass flow across any line joining the — r 

two points. In actual computation, only the ratio b to b; or rt to 

T, is important (a different initial value amounts to a different 

constant multiplier of the relation between ¥ and mass flow), 
Differentiating Equation [33] with respect to the co-ordinates, 

using the relations 


[41] 


For reversible adiabatic flow, p in the continuity equation may 
be replaced by h'/7~! so that the resulting principal equation will 
not contain derivatives of s and J with respect to z (35). If, 
furthermore, s and J are uniform at the inlet, their g-derivatives 
also will drop out of the equations. 

Flow Along a Surface of Revolution. Considerable simplifica- 
tion of the preceding equations results when the flow surface can 
be approximated by a surface of revolution. Let 


we 4 (1 (ov) 


1 
bp = dinb 4 dh — ds* [36] 
a 


and combining with Equation [276] results in the following prin- 


cival equation which is a given function of z. (For a conical surface, \ is a con- 
inal tion 


>. w stant). Using this relation, Equation [276] is written 


Loy low, ow 


W,\r r o¢ 


where - To save space, the principal equation based on this equation 

; and other pertinent relations for flow on a surface of revolution are 

given in Tables 1 and 2. The principal equation is hyperbolic 

and elliptic when the resultant velocity is supersonic and sub- 

sonic, respectively. An alternate formulation of the basic equa- 

+ a — (W,* + W,*) W, tions assuming 6 a function of z only is given in references (38) 
r W, and (35) for subsonic and supersonic flow, respectively. 
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Flow Along a Cylindrical Surface. The further simplified rela- 

_ tions, when the stream surface can be approximated by a cylin- 

_ drical surface, are also given in Tables 1 and 2. In addition, 
Equation [30} now reduces to 


where Hy =h + ; W*. It may be noted that a radial variation 


_ in J at the inlet to the blade row (due to nonuniform H, tangential 

_ velocity not equal to zero, or tangential velocity not varying in- 
versely with radius) affects the solution through a nonzero value 
_ of cor the variable b. 


Equations GoverNING Fu on S, Surrace ror Rapiat- 
Frow Raprat-Discuarce Mixep-FLow TvuRBOMACHINES 


Flow Along a General S, Surface. For turbomachine with 
radial discharge velocity, Equations [20] and [21] are used to 
eliminate the co-ordinate z. Any quantity g on the surface is 

considered a function of r and ¢. We then have, along the sur- 
face 


Da 

Dt or 

: - Equations [22] and [45], the equations of continuity and 
motion become 
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1 XpW,r) 1 
pW) 


& 147] 


= pe 
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150) 
& 
Equation [30] aise holds ia the present syste: 

In a manne; similar to the previous ¢-z system, a variable b is 


defined by 
L 
Dinb b c 
—c or In =— wt (51) 


A stream function is then defined, and a principal equation ob- 
tained. These relations are given in Tables 1 and 2. The 


principal equation is hyperbolic when 1/ W,? + W,? >a. 


4 1 (2 ol 
{ W,\r 
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Also, by considering an element of a stream sheet as shown in 
Fig. 8, the following continuity equation is obtained 
 &rpW,) 


Fic. 8 Si-Surrace Wirn r anp ¢ as INDEPENDENT VARIABLES 
In this case, b is seen to be proportional to the thickness in the 2- 
direction of the stream sheet. 

Flow Along a Surface of Revolution or on a Radial Plane. Simi- 
lar simplification results when the stream surface can be approxi- 
mated by a surface of revolution or by a plane perpendicular to 
the z-axis. Relations obtained for these two cases are shown in 
Tables 1 and 2. In the former case, Equation [42] also holds, 
and A is considered as a function of r. Using A, Equation [276] 
is written 


(+55) 


1 ow, 

Equations GoveRNING FLurp FLow on S; SuRFACES 
Following the steady flow along a relative stream surface of 

the second kind, Figs. 2, 3, 4, 5, Equations [21] and [22] are used 


to eliminate g. Any quantity q on S, is considered as a function 
ofrandz. We have, accordingly, along S; 


nm, 1 og 

r dz  2d2 ny, 
Dt or 


, og 
+ W, (55) 
Using Equations [21] and [54], the continuity Equation [1] 
and the equations of motion, Equation» [9] can be put into the 
following forms 
1 X(pW,r) 
r Oo dz 


e(r, z) (. 
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and combining Equations [60] and [58] gives 
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t= r(Aq) 
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In & manner analogous to that on the S,-surface a variable b is 
introduced so that a stream function can be defined. These rela- 
tions are given in Table 1. In the present case 6 is seen to be 
proportional to the angular thickness of a thin stream sheet whose 
mean surface is the stream surface S, considered herein, because 
a consideration of mass flow into and out of an element of such a 
stream sheet, Fig. 9, gives 
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With this interpretation, the 
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ae to be obtained from calculations on the general S,-surfaces. 


variation of 6 is seen to be closely _ 
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CIRCUMFERENTIAL VARIATION OF FLUID Properties BY Use or 
Power Series 


In general, the blade-to-blade variations of fluid properties are 
For 
subsonic flow with zero absolute vorticity, this information can be 
obtained more readily by extending the solution obtained on the 
mean stream surface in the circumferential direction by the use 
of power series (without the need of following the shape of the 
general twisted S,-surfaces). The various derivatives involved 
in the series are obtained from the flow condition on the mean 
stream surface and the equations of continuity and absolute 
vorticity. The higher the solidity, the thinner the blade sections, 
and the smaller the blade camber the fewer are the terms required 
for a given accuracy. Results obtained in references (38, 39, 40) 
indicate that only three terms in the series will be required 
to give sufficient accuracy for high-solidity turbines and centrifu- 
gal compressors. 

The series method also will be used in one of the two methods 
of the inverse solution in which the flow obtained on the mean 
stream surface is extended out circumferentially. 

Using Equations [54] and [59], the three components of the 


absolute vorticity — can be written 


ow, 


10W, 1 
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1 ow, 
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related to the variation of the angular distance between two _ 


adjacent lades. 
Table 2 gives the principal equation for two cases where the 
following equations are considered given on the S; surface 


The former (case 7 in Table 2) is intended for use with free- 
vortex design (in which G is a function of only z), the more gen- 
eral “solid-body-rotation” design, the “symmetrical velocity 
diagram at all radii’ design and others (for example, see refer- 
ences 15 and 21). The latter (case 8 in Table 2) is intended for 
blades with all radial elements (for which g(r, z) = r gi(z)), un- 
twisted blades (for which g(r, z) = go(z)) and others. 


From Equation [7] 
1 ol W, ow, W, ow, W, ow, 
( + + ) {69] 
r r r oOo 
With dh/O¢ known, 0p/d¢ can be obtained by the equation 
1 Olnp 1 1 Oh 1 Os* 


r r 


The second derivatives of the fluid properties with respect to ¢ 
can be obtained in a similar manner. Differentiating the con- 
tinuity Equation [1] and Equations [65a], [656], and [65c] with 
respect to ¢ and combining gives 
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F2) F, 3 &V,r) F, 3 &V,r) : radius. Solve the principal equation given in Table 2 under case 
F? LFyrt dr Fy dz 3, assuming constant 6/b, and uniform s and H,. Alternately, 
13 13 2c In p (b) From the data obtained on the three S,-surfaces, calculation 
dy prdz r can be made for one or more S,-surfaces located between two ad- 
F, dé, F, dé, . jacent blades, Fig. 3, by using either of the two principal equa- 
Fre Pre)” (71) tions listed under cases 7 and 8 in Table 2. If the second one is 
> 5 used, we first join the corresponding streamlines on the three | 
1 O%Vyr) | 1 &, 1 3 &V,r) S,-surfaces to obtain the shape of S: We then compute W, by 
r? dy r r? dz: de Equation [21], F, by Equation [585], F, from F, and S-shape, 
. and solve for ¥ from the principal equation with the use of b/b; | 
F, OW, {72} obtained in step (a) (with interpolation). If the first one is used, ie 
rt 


the following consideration: Because F is perpendicular to the S;- 
surface, F-Y F = 0 (reference 44). Using Equations [21] and 
[54], we obtain 


1 1 o€, 

1 5 F, ow, 
r? or F, 


1 O*%h 1 oF 1 ow? ” Integrating along a constant-r line 
(3 
r? og? a? r? If F, =0O at 20, 
Similar formulas can be obtained for higher-order derivatives. 
At a fixed value of r and z, the velocity components, h, and p at a 


short angular distance away from the mean stream surface S; can 
then be obtained by a Taylor series 


F, = Fyr 
Sr 
Aiter F, is computed by Equation [756], solve for y from the 
principal equation. The shape of the S,-surfaces and the flow 
¢. , on them are thus determined. For bladings with small F,, F, 
2 Vm) & can be neglected until the later stage of calculation. (c) From 
the data obtained in step (6), calculation can now be made for 
+ (e— Pu) MD + (74) general (twisted) S,-surfaces. Two alternate steps are again 
3! ™ available. In the first one, we join the corresponding stream- 
lines on the S,-surfaces to obtain the shape of the S,-surfaces, 
(An alternative way to obtain density is to use Equation [94] (to compute f, by Equation [266] and solve for ¥ from the principal 
be given subsequently) after the other fluid properties are deter- Equation [38] or [41]. In the second one, we compute f, and 
mined.) Obviously, the foregoing equations are most useful f. by Equations [26a] and [26c], and f, by the following equation 
when the flow is isentropic with absolute vorticity equal to zero obtained by the same reasoning as Equation [75] 
everywhere. Otherwise, the variation of vorticity on the mean 


stream surface has to be determined first along the approach 
given in references (41) and (42). f= ds 


(¢e 
Ke) = Ken) — + 


. 176) 


Sreps ror ComPLete or Direct 


= Oatz). Then solve ¥ by the principal equation, and the 
AND INVERSE PROBLEMS Se by 


shape of the surface is determined after the solution is obtained. 
In general, the solution of the three-dimensional problem re- (For irrotational flow inlet te bladings of high solidity, the blade- 
quires the use of both S, and S; surfaces. The correct solution of — to-blade flow variation can be obtained more easily by using the 
one surface usually requires some data obtainable from the other, series method based on data obtained on one S,;surface located 
and consequently, successive solutions between these two are in- about midway between two adjacent blades). (d) Repeat the 
volved. Yet, the solution of each surface is manageable with the preceding two steps until the desired accuracy is reached. 
present mathematical technique and high-speed digital compu- If the S,-surface is expected to deviate very much from a sur- 
tors. Furthermore, this iteration often can be avoided in face of revolution, the S,-surfaces at the hub and the casing 
many practical cases if only an approximate solution is required — should be chosen a short distance away from them. 
in the direct problem for a given blade geometry or if the pre- Arial Turbomachine With Noncylindrical Walls, Figs. 6(b, c). 
scribed values lead to a satisfactory blade shape and pressure dis- | When the inner and/or outer walls of an axial turbomachine are 
tribution in the inverse problem. tapered or curved, the steps involved are the same as the preced- 
Suitable procedure is suggested in the following for the solu- ing one except in step (a) the set of equations op a cylindrical sur- 
tions of direct and inverse problems with either irrotational or face should be replaced by those for a surface of revolution (case 
rotational inlet absolute motion, at design or off-design flow con- 2 of Tables 1 and 2). (Alternately, the equations [13’| to [23’] 
ditions, for turbomachines having various wall configurations, given in reference (39) can be used for an approximate solution in 
Fig. 6. the manner given in reference (43). 
Radial and Mized-Flow Turbomachine With Curved Walls, 
Figs. 6(d, e, f). In this type of machine because the solidity of 
Axial Turbomachine With Cylindrical Walls, Fig. 6(a). (a) the blade is high and the blade section is uniformly thin, it is 
Assume cylindrical stream surfaces at hub, casing, and mean desirable to start the calculation on the S,,.-surface, using the 
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principal equation listed under case 8 of Tables 1 and 2. For 
subsonic irrotational (absolute) inlet flow, the solution can be 
extended out circumferentially by Equations [66] to [74]. The 
approximate method given in reference (45) also can be used in 
the initial calculation. 

For subsonic flow with rotational inlet profile and for super- 
sonic flow, it again may be more desirable to compute two or 
more S,;surfaces between the blades. The data obtained are 
used to make calculations for three or more S,-surfaces between 
hub and casing walls. In the early stage, approximate solution 
can be obtained by using equation [13’] to [23’] of reference (39) 
in the manner given in reference (43). These two processes are 
repeated until the desired accuracy is reached. RLS rg 

Conditions Prescribed on Mean Stream Surface. In the inverse 
or design problem it is most convenient to consider a mean stream 
surface of the S; kind about midway between two neighboring 
blades to be designed, Figs. 3 to 5. From the results developed 
previously for such surfaces, it is seen that in addition to the fac- 
tor b, the designer can specify only one relation among the fluid 
properties on that surface, which can be either a velocity com- 
ponent, a relation between two velocity components, or one other 
reasonable condition. The factor 6 essentially controls the blade- 
thickness distribution, whereas the relation specified on the sur- 
face essentially controls the mean camber surface of the blade. 
From a consideration of strength and Mach number, in general, 
and the requirement of coolant passage in the case of cooled tur- 
bine blades, the designer always has a very good idea of what 
kind of blade thickness distribution (three-dimensionally) he 
wants. With this thickness distribution, the ratio of pitch 
minus circumferential thickness of blade to pitch are calculated. 
After correcting this ratio with some known relations between 
this ratio and b (such as those given in references 35, 38, 39) es- 
pecially near the leading and trailing edges, it can be taken as the 
factor b. Then from the type of velocity diagram or a certain 
feature of blade shape desired, a relation (such as Equation 
{63} and [64]) along the mean stream surface S),, is pre- 
scribed, and the flow on the surface solved. It may be noted 
that in this process the designer still has, in general, some free- 
dom in choosing the ar % in Equation [755]. For a rotating 
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blade, ze is usually taken somewhere near the center of gravity of 
the blade sections; while for the stationary blade, the position of 
z» can be utilized to control the magnitude and distribution of F, ; 
in the most favorable manner. 

Determination of Blade Shape. For subsonic irrotational flow, 
the solution obtained on the mean stream surface can be ex- 
tended out circumferentially by using Equations [66] to [74]. 
The blade surface then can be determined as follows: (a) The 
position of the mean stream surface is first determined by com- | 
puting the circumferential co-ordinate as a function of the axial 
co-ordinate at several radii. With the circumferential co-ordinate 
measured from the radial element of the surface chosen at 2o, 
Equations [20] and [59] give at a constant r 


Tom — (Tm = f dz.. 


(b) The blade co-ordinates (r, ¢) will first be chosen at one station 
zo as follows, Fig. 10: The mass flow passing through the 2»- 
plane between the mean stream surface and the tentative suc- 
tion or pressure surface is computed as follows 


ve 
1% M,= [ pW,rdrdg, 
Fm rh 
M, = pW,rdrdg 
em rh 


Because of the inaccuracy in 6 for the blade-thickness effect, the 
mass flow obtained will be somewhat different from that re- 
quired. The blade co-ordinates ¢, and ¢, as functions of z aud 
r are modified until the mass flow checks. It is not important 
that M, and M, are a little different from one half the required 
mass flow as long as their sum is equal to the total mass flow; but 
once the division is chosen, it should be maintained at other 2- 
stations. (c) The blade co-ordinates obtained at 2 = z are ex- 
tended upstream and downstream according to the velocity com- 
ponents evaluated at the surface. For example, for a short dis- 
tance z — z away, the change in the blade surface co-ordinates 
rand ¢ are 


after r and ¢ are thus obtained, the total mass flow may be 
checked again by Equation [78]. 

When the blade co-ordinates are obtained close to the leading 
and trailing edges, they can be faired in according to some stand- 
ard shapes. A blade shape is thus obtained having the right 
kind of three-dimensional blade-thickness distribution. A good 
knowledge about tue three-dimensional flow on the blade surface 
is also available at the same time. The data obtained in the solu- 
tion also can be used directly for a more accurate and detailed 
determination of the velocity variation around the nose of-the 
blade, for a relatively quick check of the series approximation, or 
for improvement, if necessary, of the inverse solution through- | 


out by the method given earlier for solving the direct problem. _ 


This process seems to be the quickest way of establishing some — 
standard three-dimensional flow variations for typical designs of — 
blades, from which a good approximate method for routine de- 
sign calculations can be established, and of providing a basis on 
which the viscous flow along the blade surfaces and hub and cas- | 
ing walls can be analyzed. 

For subsonic flow with nonzero absolute vorticity, the circum- _ 
ferential extension by the series cannot be made accurately at the — 
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present time because of lack of adequate methods for the deter- lg 
mination of the variation of absolute vorticity of a compressible 
fluid along the mean strean: surface. An estimate of this varia- ae 
tion may be made, however, and the solution can be checked 
later. An alternative method is to use the shapes of the stream- 
lines and the distances between them obtained in the S,,,-solution 
and to design the blades with the assumption that the flow sur- 
faces are surfaces of revolution by the method given in reference 
(39). Inasmuch as the rotationality of inlet flow is uswally 
serious only in later stages of a multistage compressor where the 
hub-tip radius ratio is high, this assumption appears to be good. 

For supersonic flow, the flow on the mean stream surface S,,, is 
also determined first. If the effect of shock waves due to the 
entrance wedge angle is small, an approximate solution of the 
blade shape also can be obtained by the series method, neglecting 
the finite jump of fluid properties across the shock or using an 
estimated value. The improvement of the flow variation for the 
resultant blade is then more important than that in the subsonic 
case. Local modification of the blade shape also can be made if 
the velocity distribution on the blade obtained is unsatisfactory. 
A better design method is to use the shape of the streamlines and 
the distances between them obtained in the S,,,-solution and to 
design the blades assuming flow surfaces of revolution according 
to the method given in reference (35). 

The processes described here for the three-dimensional solution 
have been used to analyze the compressible flow through a num- Fre. 11 
ber of compressors and turbines. (See the original ASME 
preprint 50—A-79.) 
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In the investigation of flow on S, and S, surfaces, the main cal- Similarly, along As 
culation is the solution of the principal equation. A general m+ 
method of solving this equation when it is hyperbolic or elliptic d Aid M dy 
is briefly outlined in the following section. dg x v df 3n J x Jv &n 
Hyperbolic Case. The principal equation for the eight differ- 
ent cases considered is written in common form as follows eee from two pointe eand ba short distance apart on the 
initial curve, the expressions of A, and A, in Table 1 give the tan- 
oy K dy L oy N oy gent to the characteristic curves at these two points and Equa- 
Sn + v? on? +! * » on tions [84] and [85] give the new value of and at 
80 the point of intersection c of the two tangent lines, Fig. 11. The 
- {80} other equations given earlier for each case are then used to deter- 
The expressions of J, K, L, 9, ¢, and v, and the slope of the char- "2° other empremert quantities at the point c. This process is 
acteristic curve A are given in Table 2(a) for the eight cases con- carried step by step downstream. ; ni 
sidered. Except for cases 2, 5, and 8, A are also given in the Changes of Fluid Velocity and Direction Along Characteristic 
usual trigonometric form as tan (x +t 4s) and the values of x and Curve. When the characteristic curve hits the boundary wall, it is 
u for different cases are also given in the table. more convenient to express Equations [84] and [85] in terms of 
Changes of W-Derivatives Along Characteristic Curve. When the magnitude of the fluid velocity and the flow direction. In 
the reference point on the #f-plane moves along the image of the order to do this, the definitions of y-derivatives are first put in a 
characteristic curve in the nf-plane corresponding to a smal] °°™™mon form for all cases as 
change in ¢, df, the change in 79 is dn = A/v df (see Fig. 11). oy , ww ? 
Because of these two small changes, we have, in following the ys ~—adpW,, on =rbpW; (86} 
surface 


0... [85] 


where € equals 1 and r for S, and S;-surfaces, respectively. Dif- 

ferentiating the preceding expressions with respect to ¢, (follow- ee 

ing A;), and substituting into Equation [80] gives 


Hence, along A, ; 1 (3 ) dw cos + Az sin x dx ; 


dq ] 
dt * 


—(=— 
df 2 2 
on vy es at 
Combining with Equations [80] and using the expressions of tS aidan + ds* + 1M sin x — N cos x Pa 


A, and A, as given in Table 1 result in Ag cos x — sin x 
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where tan x = W,/Wrand Wy = W?—W2—W? = Wt — w?. 
The equation ‘or the change in w and x along A; can be obtained 
by simply replacing A; by A; in the preceding equation. For 
cases 1, 3, 4, 6, and 7, where A can be put into the form tan 
(x + mw), Equation [87] can be written (compare reference 35) 


1d + we) 
a’ dt 2 2 


dinb ds* l ( dine 
— + + sin 
dt dt A cos x — sin x dt 


dinr 1 
A cos x at + J 


Where the minus and plus signs on the second term and sub- 
scripts 2 and 1 for A in the last two terms are used along charac- 
teristics A, and A», respectively. Equations [87] and [88] are 
most useful when the characteristic hits the boundary wall. For 
a direct problem, the slope there is known from the given blade 
shape and for an inverse or design problem, either the desired 
turning at the boundary or the velocity on the boundary is pre- 
scribed. With either dr or dw known, dw or dr is evaluated from 
Equation [87] or [88] (only one characteristic equation is used at 
the wall) for convenience of setup in calculations; this system 
also can be used for all interior points. Except that more terms 
are invoived in the present problem and that w takes different 
meanings in different cases, the procedure of calculation is ex- 
actly the same as ordinary two-dimensional flow described in 
references (34) and (35). 

Elliptic Case. 
the eight cases is 


dw 
dt 


tan + tan? 
ag 


M sin x N cos x 


= 0 {88} 


A cos XxX sin x 


The common form of the principal equation for 


(89) 
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where 


K 5 In bp dy Sin bp dp 


= 


The independent variables represented by ¢ and 7 and the ex- 
pressions J K, L, M,, and M; are listed in Tables 1 and 2(b) for 
the different cases considered. The principal Equation [89] is 
seen to be nonlinear even for incompressible flow. 
¥ is to be solved using the successively improved values of N. 


For simple boundary shape and simple functions of J, K, and L, 


a Green function G (¢, 9, z, y) can be found (13) and 


For curved boundary walls or with complex functions of J, K, and 
L, the Green’s function is not obtainable. The equation is 


(n, §, 2, y) N (2, y) dr dy {91} 


solved by some numerical method employing finite-difference ap- _ 


proximation. The finite-difference form of Equation [89] at a 
point, where is p’, can be written 


+ 
(92) 


In Equation [92], Y and ¥* denote the values of ¥ on the surface 
considered corresponding to the grid points along constant ¢- and 
constant 7-lines, respectively, Fig. 12. It should be noted that 
in accordance with the definition of the partial derivatives follow- 
ing the streain surface, Y-values are those on the stream surface; 
whereas the grid spacings involved are just the distance on the 
nf-plane. For equal grid spacings, the coefficients B are given 
in reference (46), using various degrees of polynomials. For 
unequal grid spacings (near a tapered or curved boundary), gen- 


Gaip System anp Bounpary Conpitions ror Generar S-Surrace, Case 


In thisform, 


Mbp)? 
‘ v On 
| 
uw 
| 


eral formulas for B in terms of various grid-spacing ratios and 
based on various degrees of polynomials are given in reference 
(31). Tables of B based on second, third, and fourth degree 
polynomials also are given in reference (31) for the special case 
where only the grid space at the boundary is diffe. -nt from others. 

Solution of Finite-Difference Equations. For a small number 
of solutions with a given blading, the set of finite-difference 
Equation [92] for all interior grid points is best solved by the 
relaxation method (30, 25, 36, 37, 31, 38). 

If a number of cases are to be solved for a given geometrical 
configuration (same blade for S,-solution and same hub and cas- 
ing shapes for S, solution ), it is advantageous to solve the problem 
on a large-scale digital computing machine. Ifa very high-speed 
digital machine is available, the simultaneous equations may be 
solved best by Liebmann’s iterative process, which is the simplest 
to set up. When only a relatively slow-speed machine is availa- 
ble, the matrix process discussed in reference (31) is most suitable. 

In a calculation of the S.,, surface for a gas turbine and in a 
calculation of the S,-surface of revolution for a centrifugal com- 
pressor, the coefficient matrices (about 400 and 200 interior grid 
points for the two problems, respectively, and the fourth-degree 
differentiation coefficients are used) were factorized into the lower 
and upper triangular matrices on an IBM CPEC and an IBM 
604, respectively, in about 60 hr. The determination of y for a 
given set of N-values took only 2 hr on the CPEC for the gas- 
turbine problem. The gas-turbine problem also was worked out 
on an UNIVAC, the factorization took only 11 min and the deter- 
mination of ¥, 2.6 min. The increasing availability of these 
high-speed large-scale digital calculating machines will render the 
suggested method of solving the three-dimensional-flow problem 
a practical one. 

Determination of Density From -Derivatives. After the y- 
values are obtained at the end of each cycle of calculation, the 
density is first computed in the following manner: A common 
form of the relation between h, p and y-derivatives for the eight 
cases considered is 


wrt Wy 1 oy \? 
h=l+ X — (bp) Ge 


[93] 
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In Equation [93], X equals W,?/2, 0,0, W,2/2, 0, 0, W,2/2 and 
0 for cases 1 to 8, respectively; and & equals 1, (1 + A*), 1 
1,(1 + A~*), 1, 1, and (1 + g*) for cases 1 to 8, respectively. 
Alter the p-derivatives are evaluated, if an exact determina- 
tion of 4 or p from the preceding equation (considering the varia- 
tion of specific heat with temperature) is desired, the Keenan 
and Kaye's gas table (reference 47) can be used. With two or 
three readings of h and p (or its reciprocal, specific volume), the 
correct value of A or p satisfying Equation [93] is found. For 
most cases where the temperature range involved is not too large, 
the use of an appropriate average value of y, Y, gives accurate 
enough results. With the use of an average 7, the density at any 
point in the flow field can be related to the inlet total value as 


wr? 


2Abp)? H, [94] 


In order to make out a general table for the calculation of density 
from the ¥-derivatives, the preceding equation is rewritten as 
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The functional relation between © and @ is now being com- 


puted for y equal to 1.4 and 4/3, and will be given in tabular form 
in a future NACA report. With the aid of this table, the value 
of density is obtained much more readily. 

After the density is obtained, the velocity components are 
computed according to the relations given in Table | 
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Sharp-Edged Restric ‘tions 


‘ith Special Reference to Orifice-Metering 


By R. C. BAIRD! anv I. C. BECHTOLD,* LOS ANGELES, CALIP. 


A brief review is given of the nature of the propagation of 
pressure pulsations as they are transmitted through pipe 
lines such as those associated with compressor installa- 
tions. With this review as a basis, discussion of the phe- 
nomena occurring in the vicinity of sharp-edged orifices is 
presented. The manner in which the wave form is changed 
by passage through the orifice is explained. Consideration 
also is given to the phase shift as it is produced by the re- 
striction. A discussion of these wave-form transforma- 
tions and phase distortion is applied to the effects which 
occur across an orifice plate in a metering system. These 
effects are reflected ultimately in the recording instrument 
as a potential source of error. Field and laboratory ex- 
perimental data concerning commercial pipe lines and 
their associated meter runs are presented to illustrate the 
dynamic effects of pulsative flow in orifice metering. 

x INTRODUCTION 
J URING the nineteenth century there was formulated a the- 
orem, verified beyond any shadow of doubt to be true in a 
practical sense, which related the static pressure with a 
dynamic pressure of a flowing fluid in a way which is usually re- 
ferred to as the Bernoulli equation. This relationship relating 
the dynamic with static pressure is as follows: 
(Static pressure) + (Dynamic pressure) = a constant 

Inasmuch as the mass-flow rate is proportional to the velocity 
of the fluid, for a given pipe size, the Bernoulli relationship, 
therefore, offered a practical means free of moving parts whereby 
the rate of flow of any fluid could be measured readily. By 


* virtue of the mechanical simplicity of the metering equipment in- 


volved, the flow-metering requirements of services having large 

volume gas flow, as exemplified by gas-transmission pipe lines, 
are met to a large extent at the present time by the application of 
orifice metering. 

Several assumptions are made or implied in the use of the 
Bernoulli relationship for purposes of metering flow. One of 
these assumptions is that the instantaneous pressure distribution 
throughout the meter run is uniform in time. If this were not 
so, it is apparent, even superficially, that a correction term to 
account for the dynamic inertia of the fluid must be introduced 
into the metering equation. One objective of this paper is, 
_ therefore, to show in some detail how rapidly changing pressure 
conditions can and do require rather drastic modification of the 


' Principal Research 
ASME. 
? Formerly, Manager, Research and Development, 
Corporation, Ltd. Now in private consulting practice. 
Contributed by the Fluid Meters Division and presented at the 
Annual Meeting, Atlantic City, N. J., November 25-30, 1951, of 
Tae AmeRIcAN Society oF MecHanicat ENGINEERS. 
Note: Statements and opinions advanced in papers are to be 
understood as individual expressions of their authors and not those 
_ of the Society. Manuscript received at ASME Headquarters, De- 
_ cember 19, 1951. 


Engineer, The Fluor Corporation, Ltd. 


The Fluor 


equations usually employed to compute orifice pressure drop- 
flow relationships. Others (1)* have described in considerable 
detail the higher-order modifications which have to be applied to 
the orifice equation to account for vena-contracta effect, Reyn- 
olds-number effect, and so on, as applying to steady-flow condi- 
tions through the meter run, but comparatively little has been 
said concerning additional modification made necessary by the 
presence of high-frequency unsteady-flow conditions. Specific- 
ally, reference is made to the effect of pressure pulses propagat- 
ing with the velocity of sound through the meter run. 


Fivr Fviow tn Pire Lines 


Because of practical considerations, both mechanical and eco- 
nomic, the flow of fluid from one point to another is in general 
most expeditiously accomplished by the use of reciprocal-type 
compressors and/or pumps. Basically, a reciprocating com- 
pressor or pump operates to produce discharge flow by ramming 
discrete quantities of gas into a pipe (vice versa for suction flow ). 
The action is one which requires a sudden acceleration and de- 
celeration of portions of the fluid, and in this way pumping action 
is inevitably accompanied by the generation of pressure waves 
which propagate at acoustic velocity through the fluid flowing in 
a pipe line (2, 3, 4). These pressure pulses propagate more or 
less in keeping with the laws of propagation of sound waves. 
Experimental evidence reveals that the propagation of such pul- 
sative energy is accompanied by a change in wave shape, condi- 
tioned by a number of physical variables in the piping system 
through which the pulse travels (2). 

Under conditions of pulsative flow, therefore, we have a situa- 
tion in which we are endeavoring to meter the mass-flow rate of a 
fluid by means of an orifice restriction, even though one of the 
basic implied requirements of Bernoulli’s theorem is completely 
ignored. 

Dynamic Systems 


Generally, all dynamic systems may be described in terms of 
three elements. These elements are found in electrical, mechan- 
ical, and acoustical systems: (a) The kinetic element stores kine- 
tic energy (or energy of motion); (b) the capacitive element 
stores potential energy (or energy of position); (c) the dissipative 
element, dissipates kinetic energy by conversion to heat, thus 
producing a loss in the tota] energy contained in the system. 
Examples of each of the three systems mentioned are illustrated 
in Fig. 1. 

Of chief interest is the fact that the dynamic equations of each 
system are mathematically identical, the constants of such equa- 
tions corresponding to the three basic elements described. Each 
of the electrical, mechanical, and acoustical systems shown in 
Fig. 1 possesses one degree of freedom. Since it is not the purpose 
of this paper to present details concerning dynamic analogies, the 
the reader is referred to the bibliography for additional material 
concerning this extremely useful subject (5). For the purposes 


’ Numbers in parentheses refer to the Bibliography at the end of 
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of this paper, it should be enough to know that a great similarity 
through analogy exists from system to system. The usefulness 
of dynamic similarities in analyzing the orifice-metering problem 
lies in the fact that it makes possible the setting up of such a prob- 
lem in a form having more significance to persons relatively 
unfamiliar with the treatment of acoustical problems. The elec- 
tric analogy in particular is of excellent utility in this connection. 


ELecrricat ANALOGY 


Two items should be reviewed briefly before launching into a 
discussion of the effect of pulsative flow upon orifice metering, 
namely (a) the breakdown of pulsative flow into steady and al- 
ternating components; and (b) the concept of impedance. Fig. 
2 (a) shows a resistive load R, connected through a transformer 
coil to a battery source of direct current. Coupled through the 
transformer is a source of alternating current which produces an 
alternating voltage e, which is in series with the direct-current 
voltage E. Thus R‘ a total voltage (E + e) at its termi- 
nals which, if ¢ is sinusoidal, produces a total current flowing 
through R 


‘sees’ 


I, = 1 + B sin (@t o) = (I + i) {1} 


(The condenser ( provides a battery-shunting flew path for 7.) 
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Thus we have a current flowing through the load resistance con- 
sisting of a d-c component plus an a-c component. Similarly, in a 
pipe line, Fig. 2 (b), we may think of the flow, by analogy, to con- 
sist of two parts, one being the flow in the absence of pressure 
pulsations and the other an a-c component added as a result of 
the reciprocating action of compressors (or pumps). Fig. 2 (c) 
illustrates graphically the addition of the alternating and the 
direct current to produce the resultant pulsating current (or 
flow rate). 

Generally speaking, impedance is that part of an electrical 
circuit which impedes the flow of current. Impedance may de 
one or both of two types, resistive or reactive. Essentially, a 
resistive impedance operates to resist the flow of both d-c and a-c 
whereas reactive impedance resists only the flow of alternating 
current. Accordingly, if an electrical impedance is connected to 
a source of d-c voltage [substituted, for example, in place of R of — 
Fig. 2(a)}, only the resistive component of the impedance is of 
importance in affecting the flow of current. However, if an a-c 
component is added, the reactive component of the impedance | 
also assumes importance in affecting such flow. 

The resistive component of impedance is the dissipative ele- 
ment which dissipates electrical energy in the form of heat, 
whereas the reactive element does not dissipate energy per se. 
It operates to change the voltage-current phase relationships of 
the a-c component only, such being caused by the presence of 
kinetic storing (inductive) and potential storing (capacitive) 
elements in the circuit. The total impedance of an electric 
circuit may be written as follows 


Z = + ( wh — 1/wC)}? 
where 
resistance 
= inductance 
= capacity 
= 2nf, where f is the frequency of the a-c component 


The foregoing implies that R, L, and C are discrete portions of 
an electrical circuit. That is to say, in electrical parlance, these 
elements usually are considered to be ‘‘lumped.’’ However, 
often such an assumption cannot be made, especially when work- 
ing at the higher frequencies. In such cases a straight wire, for 
example, because of ‘‘distributed’’ L and C elements, will not be-_ 
have as a pure resistance to the flow of current containing a high- 
frequency a-c component. Thus we come to what is commonly 
referred to as characteristic impedance of a wire. By analogy we 
have also in the acoustical system a characteristic acoustical im- 
pedance of a pipe or conduit. 

If a-c energy is flowing through a line which has a characteristic 
impedance Z,, no reflection of the energy will occur so long as Z; 
remains constant. Depending upon the frequency, Z, may even — 
vary somewhat, so long as such variation is not discontinuous, 
without producing a reflection of a-c energy. However, if Z; is— 
suddenly changed to another value Z,, Stewart (6) has shown in- 
the acoustical case that a portion of the propagating a-c com-— 
ponent will be reflected at the discontinuity in proportion to the _ 
incident energy, depending upon the difference between Z, and — 
22. 

To recapitulate, the output of a pump or reciprocating gas 
compressor in the sense of fluid flow is analogous to the flow of a_ 
direct electrie current which has superimposed upon it an al-— 
ternating-current increment. No reflection of the pulsation — 
energy takes place unless there occurs a sudden change in the ef-_ 
fective pipe diameter as may be afforded by a take-off line ora 
restriction such as an orifice plate. 

With the development of microwave technique in the field of 
radar during the last decade with its ‘‘plumbing’’ through which 
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microwave electrical energy is efficiently ‘‘piped,’’ we have an 
electrical energy-propagating system, which, in addition to being 
dynamically analogous to the flow of a fluid through a pipe, from 
the standpoint of impedance, is also quite similar physically. 
For example, a sudden change in the cross-sectional area of a 
microwave wave guide may reflect a proportion of the incident 
high-frequency energy just as the presence of an orifice plate in a 
meter run by producing an abrupt change in the characteristic 
impedance of the run reflects a fraction of the incident pulsative 
energy. 

This paper assumes that the fundamental error in measure- 
ment of pressure drop across an orifice during pulsative flow oc- 
curs in the differential and not in the inferential measurement. 
This assumption has been substantiated by experimental re- 
search in the laboratory represented by the authors. Of course, 
much difficulty may be experienced from time to time in the in- 
ferential accuracy because of acoustical resonance effects in meter 
leads and chambers, but such effects may quite easily be mini- 
mized or eliminated. 


Srupy or “‘Putse Puase Suirr’’ anp THe Rerieqrion THEeory 


The authors will present two basic ideas which are believed to 
be pertinent to the solution of the metering problem. One of 
these at the present time does not appear to offer any simple ap- 
proach toward reducing differential error but has considerable 
basic significance in the consideration of this problem in a dy- 
namic sense. This idea will be referred to hereafter as pulse phase 
shift (i.e., phase shift of the a-c pulsation component across the 
orifice plate together with a change of pulse wave shape). The 
other idea might offer a fertile approach to the solution of the 
fundamental problem through research based upon dynamic 
measurements of the effect on static pressure by the reflection of 
acoustical energy at an acoustical discontinuity such as produced 
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by an orifice plate. The latter will be referred to hereafter as the 
reflection theory. 

From the acoustical standpoint, an orifice plate inserted in the 
pipe line has the three basic acoustical elements previously de- 
scribed, in a more or less lumped relationship to each other. By 
direct analogy with electrical alternating-current fundamentals, 
the presence of the reactive components, referred to acoustically 
as inertance and acoustical capacitance, operate together with the 
third element of resistance to effect a phase shift in the pulsation 
wave across the region of the orifice. This is illustrated in Figs. 
3 (a) and (c). The vector diagram in Fig. 3 (b), shows the rela- 
tionship between the real pressure drop caused by orifice friction 
and the reactive pressure drops caused by the inertance and capac- 
ity. 
The addition of the three vectors so formed, analogous 
to the procedure followed in electrical practice, results in the 
phase shift @. The physical meaning of this phase shift is illus- 
trated in Fig. 3(c), where the dashed pressure waves represent the 
continuations upstream and downstream through the orifice of 
sinusoidal pressure pulse waves. Referring this back to Fig. 
3 (a), we have illustrated in a qualitative way the net effect of 
this phase shift @, when superimposed upon the pressure drop, 
A P,, produced by the d-c component of the pulsation wave in 
giving the instantaneous drop AP,;. The net static loss of the 
orifice is shown as AP. 

A mathematical analysis of the effect of this phase shift (for a 
sinusoidal pressure pulse) shows that the shift has an effect on the 
differential reading when the latter is averaged in time. How- 
ever, different components of a complex wave usually under- 
go different degrees of both phase shift and attenuation so that 
the total energy content of the downstream wave may be consid- 
erably different from that of the incident wave. It appears from 
this that any flow-metering system based upon time integration 


1 


static 


® wreotwericar 
Orstei BuTION 


ORIFICE 
with 


PRESSURE 
PULSATIVE 


(TATIVE 


STANCE 
4 


Pulse 


* 


OP; 


DISTANCE ORIFICE ( ) 


wave 


se 


MEACTANCE 


Ts, 


-7 


@ atiONSHIP 
REACTANCE AND RESISTANCE 


© Peessuee 


WAVE PHASE SHIFT 


Fic.3 Puvsative Flow Taroves Onirice 


Pay 
4 
i 
4 
7 
- 
4 
at 


TRANSACTIONS OF THE ASME 


of the square root of the time-averaged differential pressure would 
be in error an amount depending upon the totality of the phase- 
shift functions for each component of a complex pulse wave. On 
the contrary, assuming proper correction for phase shift and at- 
tenuation of each wave component, greater accuracy would be 
achieved with a system based upon time integration of the 
square root of the average differential pressure. 

The reflection theory is based upon the fact that the propaga- 
tion of pulsation waves is in actuality a form of energy propa- 
gation which is vectorially directed. As mentioned before, 
Stewart (6) shows the mathematica] relationship between trans- 
mitted and reflected acoustical energy in the case of a sudden 
change in cross-sectional area.‘ 

If some of the energy of this incident pulsation wave is re- 
flected at an orifice plate, such should be accompanied by an in- 
crease in static pressure at the reflection side of the orifice plate 
analogous to electromagnetic radiation pressure. Therefore 
its occurrence should result in an average differential reading 
on the high side. If, on the other hand, the pulse energy which 
passes through the orifice produces an acoustical standing-wave 
condition on the downstream side of the orifice by virtue of acous- 
tical resonance in the meter-run piping, such a standing wave may 
affect the pressure condition immediately downstream of the 
orifice plate sufficiently so as to produce a resultant diminution in 
differential pressure. Thus the reflection theory provides an 
explanation for anomalies which frequently are observed to occur 
in practice wherein one orifice meter may read high, another low, 
and still another may read either high or low, depending upon 
beta ratio and d-c throughput conditions, 7 


as 


* Reference (6), chapter 3, par. 5, p. 72. 
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EXPERIMENTAL Evipence or Rer.tecrion THEORY 


Experimental evidence which substantiates the reflection 
theory was obtained recently at the metering installation of the 
Southern California Gas Company—Southern Counties Gas 
Company, Blythe Compressor Station, Fig. 4. The data ob- 
tained were of two general types as follows: Electronic measure- 
ments of the a-c component of static pressure (pulse pressure); 
and electronic measurements of the instantaneous differential pres- 
sure across orifice plates. The installation is illustrated in Figs. 
5and 6. Fig. 5 shows the five meter runs which are located immed- 
iately upstream of the compressor-station suction gas cleaners. 
The orifice meters are located in the individual meter houses ap- 
pearing in the foreground. Fig. 6 shows the method of installa- 
tion of the electrical transducers through tees and valves where- 
by instantaneous pulsation pressures and /or differential-pressure 
measurements were obtained. 

The oscillographic recorders were located in a mobile labora- 
tory (7) from which electrical communication to the pressure 
pickups was made through shielded electrical cables. Similar 
data were obtained at considerable distances upstream from 
the Blythe Compressor Station—specifically, at the Ehrenberg 
Metering Station of the El Paso Natural Gas Company, and at a 
24-in. check orifice-metering installation approximately 24 miles 
upstream from the Ebrenberg Station, also in the E] Paso Natu- 
ral Gas Company California line. 

Particularly at Blythe, a very close correspondence was ob- 
served between differential-pen swings and amplitude of the 
beat-frequency envelope of the pulsation wave generated by the 
nonsynchronous reciprocating compressors immediately down- 
stream from the meters on the other side of the gas chambers. 
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The width of the beat-frequency envelope of the pulsation wave 
represents a variation in intensity of the pulsation wave itself. 
The one-to-one correspondence of peaks of such envelopes with 
maximuia differential pen swings in the flowmeters is believed to 
lend support to the reflection theory previously advanced. The 
same phenomenon was observed approximately 6 miles up- 
stream at the Ehrenberg Metering Station and again at the check 
meter already referred to. 

Table 1 contains the results of frequency analyses of the up- 
stream and downstream pulse waves for one of the orifices (flange 
taps). Although the upstream and downstream components are 


TABLE! PRESSURE-PULSE FREQUENCY-COMPONENT 
SIS UPSTREAM AND DOWNSTREAM OF ORIFICE 
FIELD EXPERIMENT 
(Upstream and downstream levels are not comparable from the standpoint 
of intensity. Compressor located downstream of orifice) 


ANALY- 


Boundary conditions 


16-in. meter run (ID = 15.25 in.) w/10.5-in. plate 
Pressure drop = 35 in. HyO 

Pressure = 478 psi 
Throughput = 34 
Temperature = 
Gas gravity = 0.655 
Air = 


scfh 


Frequency, cps Upstream, per cent cent 
5 100 100 


10.0 
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* 100 per cent = strongest 
pulse. 


not directly comparable intensity-wise, inspection of relative in- 
tensities of the components for each indicates that a considerable 
change in pulse-wave shape occurred from one side of the orifice 
to the other. This change was verified by comparison of the as- 
sociated oscillographic pulsation traces which also showed the 
presence of phase shift between upstream and downstream waves. 

A badly resonant condition in the flowmeter connecting lines 
to one of the meter runs was observed at the Blythe Station. 
With the pressure transducers located at the meter, resonant 
conditions were clearly demonstrated. Upon the insertion of a 
25-ft length of */,-in-diam copper tubing in one of the meter 


on the suction side of the reciprocating compressor. 


Fic. or Transpucers at Onirice Tees, 
Vatves, AND ror Ostainine 
suURE AND/oR Recorpines 


leads near the orifice plate flange tap a completely different con- 
dition with respect to instantaneous pulse pressures and differen- 
tial at the meter was obtained. In particular, the resonant con- 
ditions were virtually eliminated. This change was explained as 
being due to one or both of two causes. One lay in the fact that 
an unbalance in the acoustical length of the metering lines had 
been produced, thus altering the phase relationship of the pres- 
sure pulses reaching the recording meter through the lines. The 
second was in the relative increase in attenuation of pressure 
pulses in one of the leads due to the '/,-in-diam restriction. The 
net result clearly demonstrated the profound effect acoustical 
changes in meter connecting lines can have upon the operation of 
the inferential-measuring type of recording flowmeter. It is 
believed that as a routine precaution, acoustical isolation of re- 
cording meters and/or their connecting leads, in general, would be 
of great benefit. Such isolation could readily be achieved by the 
use of acoustical filters (5) without resorting to methods of flow 
restriction, which may or may not retain adjustment over long 
periods of time. 


Errects or Putsative Flow 

Figs. 7 and 8 illustrate the effects of pulsative flow on an ex- 
perimental orifice located in a pilot-plant installation. These 
data were obtained using the equipment illustrated schematically 
in Fig. 4, and in Figs. 9, 10, and 11. ‘Fhroughput settings were 
accurately reproducible from run to run by the use of a rotameter 
In order to 
compare the effect of pulsative with nonpulsative flow, use was 


made of a filter-type pulsation damper which could be in- 


—serted in the flow path at will to remove nearly all of the 
_ pulsation induced by the compressor. Fig. 7 is a typical exam- 


ple of the electronic-trace data taken, and is a photographic 


reproduction of some of the recordings. Of immediate interest 
is the phase shift which occurs across the orifice. This phase 
shift ¢:, ¢:, or @, (which are approximately equal), was estab- 
lished for corresponding and easily discernible portions of the 
pulse waves upstream and downstream of the orifice (at flange 
taps). A considerable change in wave shape across the orifice 
may be noticed. 

The frequency-component analysis of the upstream and down- 
stream waves is presented in Table 2. The conditions under 
which these frequency analyses were obtained correspond to an at- 
tenuation in peak pulse of 39 per cent, Fig. 8. The variation in 
relative attenuations of the component frequencies is illustrated 
clearly in column 4 of Table 2 which shows the change in the 
per cent intensity of a particular frequency component from 
the upstream to downstream side of the orifice. These data are 
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similar to those presented in Table 1 except that in this case all 
intensity figures are comparable with each other. 

Fig. 8 illustrates the effect of pulsative flow upon the flow rate 
indicated by a standard-type flowmeter for the experiment de- 
scribed. In determining the per cent discrepancy in indicated 
flowmeter readings under conditions of no pulsation 
were assumed to be 
from the flow path, 
orifice differential, 


flow rate, 
accurate. Removal of the pulsation damper 
thus allowing pulsative flow to affect the 
resulted in changes in flowmeter readings. 
These changes in reading were then expressed as a percentage of 
that obtained under smooth flow conditions and plotted in Fig. 
8 as per cent discrepancy. The other curves in Fig. 8 are (a) 
the actual peak-pulse pressure, and (b) the per cent attenuation 
of the pulsation across the orifice. A good correlation is apparent 
between the latter and the per cent discrepancy curve. 


CONCLUSION 


To summarize, the objective of this paper was to introduce 
electrical analogies into the orifice-metering problem, coupled 
with samples of field and laboratory experimental data with the 
suggestion that the concept of analogies be used to help analyze 
the orifice-metering problem as caused by pulsative flow. The 
general theory evolved from this approach has been qualitatively 
substantiated by means of both field and laboratory experiment. 
It is believed that a fundamental study of the dynamic 
relationship between flow rate and instantaneous pressure distri- 
bution in the vicinity of the orifice plate is necessary to the devel- 
opment of an orifice meter which is reliable under all flow con- 
ditions. The most obvious and direct way to solve the subject 
problem is, of course, to eliminate pulsative flow itself. It is 
believed that this can be done effectively, in most cases, by the use 
of filter-type pulsation dampers. However, under the high- 
pressure conditions normally encountered in pipe-line gas trans- 
mission where an orifice flowmeter is operating on, let’s say, 800- 
psi service with a differential pressure measured in inches of 
water, the presence of an otherwise insignificant amount of pul- 
sation may be sufficient to cause a profound effect on the flow- 
meter reading. To minimize the acoustical effects on inferential 
measurement by flowmeter leads and chambers without resorting 
to restrictions inserted in the leads themselves, effective iselation 
from resonant-pressure variations in the vicinity of the orifice may 
be achieved by the use of acoustical filters inserted in the meter 
leads close to the orifice take-off points. 

This paper has not been written by experts in the field of 
orifice-metering. It that by 
virtue of the wide experience gained by the authors in the elec- 
tronic measurement of pulsative phenomena of various kinds 
under a great diversity of operating conditions, a perspective has 


“classical’’ is believed, however, 


been gained of the pulsative-flow versus orifice-metering accuracy 
problem which may be of some benefit to investigators primarily 
concerned with orifice-metering accuracy. 
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TABLE2 PRESSURE-PULSE FREQUENCY-COMPONENT ANALY- 
SIS UPSTREAM AND DO TRE AM Ag ORIFICE 
LABORATORY EXPERIMENT 
(Compressor located upstream of orifice) 
Boundary conditions 
Vein. meter run (ID = 0.620 in.) w/0.202-in. plate 
Pressure drop = 93 in. HO 
Pressure = 200 p 
Throughput = i578 sefh 
Temperature = yt F, approx. 
Gas gravity = 0 
Air = 10 


Upstream, 
Frequency, cps per cent 
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XPERIMENT LasoraTory Server DerermMinine 
FFECT oF Pucsative in Ornirice METERING 
Refer to Fig. 4 
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100 per cent = strongest component for both pulses 
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The purpose of this paper is to provide information 
concerning the performance of large steam-turbine- 
generator units of modern design, for modern steam 
conditions and ratings, and to show something of the 
background of experience from which the information 
is derived. A similar exposition was made in 1940,’ along 
somewhat different lines, and with no particular infor- 
mation on the reheat machines, which have become very 
much more popular in the last few years. The present 
paper shows the amount of test information obtained 
on complete turbine-generator units since the Warren- 
Knowlton paper’ was written, and also by comparing 
test results with guaranteed figures, shows the efficacy 
of the general performance-calculation method herein 
given. 


HE performance-calculation method presented in this 
ik is based on data shown by Warren and Knowlton,? 

as well as on the test data accumulated in the last decade. 
During this period, certain definite trends in the large- turbine 
field have been apparent; moreover, since during the war years 
little new development in central-station turbines was undertaken ; 
the present discussion mostly concerns events of the last six 
years.‘ 

These trends are as follows: 


1 A great increase in number and average rating of units put 
in service; the average rating has doubled in this period to roughly 
60,000 kw in 1951. 

2 An increase in the utilization of high-pressure, though no 
increase in the maximum pressure in use; the average pressure 
has increased from approximately 850 to 1150 psi with about 20 
per cent of the capacity being installed in 1951 designed for 
pressures in excess of 1450 psi. 

3 An increase in the maximum, as well as in the average tem- 
peratures used; the maximum temperature has increased from 
950 to 1050 F and the average temperature from approximately 
875 to 950 F. 

4 A decided increase in the maximum capability of 3600- 
rpm units and in the number of units built for this speed as com- 
pared with 1800 rpm; the maximum capability of 3600-rpm 


! Division Engineer, Steam Turbine Engineering Division, Gen- 
eral Electric Company. Mem. ASME. 

? Thermodynamic Engineer, Turbine Division, General Electric 
Company. Mem. ASME. 

*“Relative ‘Engine Efficiencies’ Realizable From Large Modern 
Steam-Turbine-Generator Units,” by G. B. Warren and P. H. 
Knowlton, Trans. ASME, vol. 63, 1941, p. 125. 

*It should be understood that the discussion is applied to large 
machines as built by the suthors’ company, since both authors are 
associated with the Turbine Division of that company. 

Contributed by the Power Division and presented at the Annual 
Meeting, Atlantic City, N. J.. November 25-30, 1951, of Tue 
American Society oF MecuanicaL ENGIngeers. 

Norte: Statements and opinions advanced in papers are to be 
understood as individual expressions of their authors and not those 
of the Society. Manuscript received at ASME Headquarters, 
November 23, 1951. Paper No. 51—A-139. 
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turbines has increased from less than 60,000 kw to about 125,000 am 7 
kw. Units of 200,000 kw capabiity are scheduled for shipment allt 
in 1954. 

5 A definite revival in the use of the reheat cycle; about 30 
per cent of the turbine capacity shipped in 1951 will utilize the 
reheat cycle, while in 1952 this percentage will be doubled. 


In view of these trends, an analysis has been made of the appli- 
cable data, and the following information is presented: 


1 Charts showing the range of sizes and steam conditions 
of units tested since 1940. In this connection it is interesting 
to note that in the compilation of data presented previously? 
only two tests on condensing turbines at 1200 psi were available, 
since most of the application of such pressures had been made in 
topping turbines. Also, no machines had been tested at a tem- 
perature over 950 F. 

2 A complete description of the application of a general 
method of predicting over-all performance of turbines designed 
for reheat, as well as for the nonrehea’ cycle. In the earlier 
paper* reheat turbines were barely mentioned, and the new infor- 
mation will make possible the proper comparisons of reheat and 
nonreheat units as they are now being designed. The method 
applies generally at or near maximum capability. 

3 New information regarding the efficiencies of the larger 
hydrogen-cooled generators, at both 1800 and 3600 rpm, with 
data on mechanical losses to correspond. 

4. New exhaust-loss es for the larger 3600-rpm exhaust 
stages now in use or being manufactured. 


New Tests 


The range of test results obtained since 1940 is shown in Figs. 
1 and 2, for 1800 and 3600-rpm hines, respectively. All 
of these were tests in the owners’ power plants, substantially 
under service conditions. Each point represents a complete 
turbine test. Three of them are reheat units. These charts 
serve to show the range of test experience used as a background 
for developing the data presented for turbine performance pre- 
diction described later. These tests cover a range of rating from 
11,500 to 150,000 kw; they are plotted in these figures as a 
function of “equivalent nozzle area” instead of rating, since 
equivalent nozzle area is to be used later to determine the tur- 
bine efficiency. Equivalent nozzle area is the area of a perfect 
nozzle required to pass the same flow as the turbine, at throttle 
steam conditions and with a critical pressure ratio. Fig. 4 can 
be used to determine actual flow capacity for given steam condi- 
tions in terms of equivalent nozzle area. 

This sort of testing is the best possible assurance to the owner 
as to the performance of his machine, but it does involve two 
main hazards with respect to accurate determination of turbine- 
efficiency figures of interest to the designer. One hazard of 
course is easily recognized as the difficulty of making precise 
measurements of all the quantities involved. Thus there is 
bound to be a scatter of points because of testing errors (errors 
can be in either disection) anes the machine appear too _: 
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or too poor. These errors, in the authors’ opinion, are kept to a 
minimum by the practice of maintaining a stock of precision test 
equipment, used by a group of engineers who have had wide 
experience in testing large central-station steam turbines. 

The other hazard concerns the question of deposits of steam 
impurities in the steam-path parts, which never improve effi- 
ciency, and will always depreciate it if present in any appreciable 
quantity. There has never been, and may never be, a usable 
definition of what constitutes a “cleanliness factor’ for turbines. 
In central-station turbine testing, therefore, it is necessary to 
watch very carefully, by all available means, to discover whether 
there is evidence of deposits. As long as the unit meets or betters 
its guaranteed performance, it is usually not practical to insist on 
a complete internal inspection for the benefit of the designer. 
Of the machines tested in the last 18 months’ period, approxi- 
mately 40 per cent were inspected before test, another 40 per 
cent had no inspection, while 20 per cent were inspected only by 
removing manhole covers permitting access to one or two stages. 
Sixty per cent of the machines completely or partially inspected 
were found to be dirty. About half of these were cleaned before 
testing while the remainder were tested without cleaning. 

Despite these hazards, the authors are convinced that tests of 
these large units are valuable from the designer's viewpoint, 
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aside from their usefulness in furnishing proof of meeting com- 
mercial commitments. This is true even though ideal testing — 
conditions rarely exist. It seems likely that in the future, as in 
the past, by no means all machines will be formally tested, 
but the testing of x good representative number appears very 
desirable. 

Fig. 3 is a chart to show the comparison between the test and 
the guaranteed performance of the units shown in Figs. 1 and 2. 


This chart shows a considerable scatter, but a generally satis- 


factory picture of commitments met. Viewed in the light of — 
the foregoing discussion of difficulties in testing, it is best per- 
haps to consider the spread between guaranteed and tested 
performance as made up of several factors: 


1 A margin provided in the guarantees by the designer to 
take care of the usual small residual uncertainties of manu- 
facture and testing. 

2 The incorporation in the design of details from which some 
improvements in performance were to be expected, based on— 
tests of components, but which were not fully capitalized on in— 
making performance guarantees. 


3 The unusual, as well as the usyal, inaccuracies in the actual 
testing. 
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4 The uncertainties as to the actual condition of the turbine, 
which were described previously. In this connection, one machine’s 
history has been indicated, in Fig. 3, by an original test point 
in 1949. This machine on later inspection was found to be slightly 
damaged and a little dirty and after having been put in good con- 
dition, was later tested in 1950 with a more satisfactory result. 
A dotted arrow connects the two points. It is also interesting 
that it required a year's time to find this out; meanwhile the 
designers were much disturbed. 


Two duplicate machines on the chart showing unsatisfactory 
performance in 1949 were subsequently found to have a considera- 
ble design «cror in the proportioning of one stage, which will be 
corrected, ‘hough this has not been a speedy process, owing te the 
fact that scheduled outage was not possible. The rather poor 
performance represented by the two points appearing in 1943 and 
1948, respectively, has never been fully explained and has been 
much more of a disappointment to the designers than to the users. 

From these test data the authors have derived turbine-efficiency 
curves for performance prediction—these curves being contained 
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in Figs. 5, 6, and 7. These essentially show turbine efficiency as 
a function of equivalent nozzle area. It is analogous to the 
volume flow, or the flow at standard steam conditions, which was 
used as a basis in the paper? mentioned previously. It is recog- 
nized that the plotting of turbine efficiency as a function of inlet 
flow capacity alone is much too simple an analysis for all the 
purposes of the turbine designer. It is not presented here as @ 
satisfactory method for all possible turbines, which would include 
various special-design requirements. However, experience has 
shown that for condensing machines of the usual central-station 
types, for various ratings and steam conditions, the method is 
adequate for the prediction of over-all performance for all practi- 
cal purposes, including the reheat machines. Certain inherent 
deviations from the standard curves due to differences in design 
are given as correction factors in Fig. 7. These deviations, 
although small, are not entirely negligible in careful calcula- 
tions, A description of the use of the curves for turbine calculation 
follows. 


Description OF MerHop ror SINGLE-CYLINDER AND TANDEM- 
Comrounp Nonreneat Units 


For this class of machine, turbine ‘‘internal efficiencies,” includ- 
ing valve and end-packing losses, are shown in Fig. 5 for both 
1800 and 3600-rpm machiues, together with superheat correction 
curves, exhaust losses, mechanical! losses, and generator efficiencies 
in Figs. 8, 10,13, and 14, respectively. Fig. 5 as well as Figs. 6 
and 7 described later, show approximately the efficiency ‘evel 
equivalent to the present general level of guarantees being made on 
turbines built by the General Electric Company, which includes 
some margin relative to expected test performance, based upon 
past tests and probable improvements. 

No new data are being presented on performance at partial 
loads. Curve A in Fig. 7 of the Warren-Knowlton paper,’ 
applies fairly well to modern units, but curves similar to B and C 
in that figure cannot be applied to large units with high pressures 
and temperatures, because the by-passing which they represent 
is not practical. 

The general method for arriving at the nonreheat turbine-gen- 
erator output is now to be described. The power generated by 
the turbine wheels must be determined, from which the mechanical 
losses given in Fig. 13 must be deducted to give a ‘“‘shaft power,” 
which in turn is to be multiplied by the generator efficiency, Fig. 
14, to obtain the generator terminal power output. Of these 
three steps, the latter two need no further description. The 
determination of the turbine-wheel power is more complicated. 

First, the particular problem must be defined; that is, initial 
pressure and temperature and condenser pressure must be chosen, 
as well as the desired maximum power output and the number of 
feedwater heaters (if any) and their distribution and arrangement. 
An estimate must be made of the required throttle flow to give the 
desired output. This estimate may be made with the aid of 
the chart of approximate throttle steam rates, Fig. 15. With this, 
an equivalent nozzle area may be calculated, Fig. 4, to enter the 
abscissa of Fig. 5 at the desired rpm to obtain a turbine internal 
efficiency. This must be corrected to the chosen initial eondi- 
tions according to a multiplying factor from Fig. 8. The result- 
ing ‘corrected internal efficiency” may be used to draw ‘he tur- 
bine expansion line as shown in Fig. 12(a). In this figure the 
expansion line used energy Y equals the available energy X 
multiplied by the corrected internal efficiency. An example 
of this is given in the Appendix. This expansion line is then used 
for feedwater-heater calculations in the usual fashion, from which 
the flows through the various sections of the turbine are obtained, 
and finally the condenser flow. The exhaust loss is now to be 
determined from the condenser flow, the specific volume of the 
steam at the expansion line end-point, Fig. !1, and the last-stage 
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700 800 10 the outputs of the various sections of the turbine between the 
} inlet and the exhaust can be summed up to give the turbine-wheel 
Fie. 8 Superneat anp Pressure Correction Factor output. The resulting generator terminal output, with the steam 
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separate sections, a high-pressure section which takes steam from 
the boiler and exhausts to the reheater, and a low-pressure sec- 
tion which receives steam from the reheater and exhausts to the 


condenser. This low-pressure section may be in one casing or 


it may be in two or more casings, depending upon the size and 

construction of the unit. But for the purposes of this analysis 

the arrangements of the are 

treated the The various types of reheat-turbine 
arrangements now in use are shown in Fig. 7. 


various low-pressure section 


same Way. 


The high-pressure section efficiency is shown in Fig. 6 as a 
function of inlet-to-exhaust pressure ratio and equivalent nozzle 
area. The efficiency shown includes losses in the turbine expan- 
sion from line to exhaust flange, but does not include shaft end 
packing leakage, the loss due to which is handled separately, as 
described later. The separate treatment of end packing loss in 
this case is necessitated by the fact that it varies with reheat 
pressure and arrangement of turbine casing. Fig. 6 is drawn for 
3600-rpm turbines only, since there appears to be no goed reason 
for choosing any other turbine speed for these machines. It 
should be noted that the efficieney read from Fig. 6 should be 
corrected by a multiplying factor of 0.99 for reheat-turbine 
arrangements 1, 2, 4, 5, and 7 shown in Fig. 7. 
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. The low-pressure section of the reheat unit differs from the 
ordinary straight-condensing unit in two ways which affect 
the efficiency; it does not have the usual control valves, and it does 
not have a “governing stage.”” Each of these omissions makes 
the reheat turbine low-pressure section a little more efficient 
than the equivalent straight-condensing unit. The efficiencies of 
these low-pressure sections are shown in Fig. 7 for 1800 and 
3600 rpm. 


Fie. 


and water flows and heat content to and from the turbine and 
heaters, will give the over-all heat rate of the combination. 
Such calculations, made for any chosen steam conditions, capac- 


ity of unit, heater arrangement, and so forth will be closely 
comparative with similar figures made by the turbine designer. 


Description OF Mernop ror Reseat Units 


It is useful to consider the reheat turbine as made up of two 


As will be seen from the notes on this chart, it is necessary to 
consider the type of design of unit, which is generally determined 
by many considerations including the rating, steam conditions, 
and the economical exhaust loss. The differences in internal 
efficiency oceasioned by the type of design are not very large, but 
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section rpm) give the necessary efficiency information to find the 
turbine expansion line end points. [Fig. 12(b) shows the construc- 
tion of these expansion lines.| As in the nonreheat case, it is 
necessary to choose a desired maximum power output for the 


_ machine, together with initial steam conditions and condenser pres- 


sure. In addition, it is necessary to choose a desired reheat 
_ pressure and temperature, together with the number and arrange- 
ment of feedwater heaters and a value for the drop in pressure 


through the reheater and connecting piping. This value is 


_ usually about 10 per cent of the reheater inlet pressure. Using 


these assumptions, the throttle flow and the corresponding reheater 


flow must be estimated. Again, Fig. 15 may be useful. With 
the estimated throttle flow, and assumed initial and reheat pres- 
sures, the high-pressure section internal efficiency can be obtained 
from Fig. 6. This is the ratio of Y/X for the high-pressure sec- 
tion shown in Fig. 12(6). Using the assumed reheater flow and 
outlet conditions, Fig. 7 can be entered by finding the equivalent 
nozzle area as in the nonreheat case, and correcting the corre- 
sponding ordinate value of efficiency as may be necessary for 
arrangement of the low-pressure section, and by multiplying by 
the factor from Fig. 8. This corrected efficiency is the ratio of 
Y/X for the low-pressure section as shown in Fig. 12(6). The 
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feedwater extraction calculations may then be carried out, on 
the basis of the assumed throttle flow, and the steam flows 
through the turbine, the exhaust loss, and the total turbine-wheel 
output may be calculated. This whee! output is then to be re- 
duced by the end-packing loss from Fig. 9, to take care of the 
turbine end-packing losses. These packing losses are included 
in the single-cylinder and tandem-compound nonreheat effi- 
ciency curves, Fig. 5, but are not included in the efficiencies 
given in Figs. 6 and 7; therefore, in the reheat case, this separate 
correction must be made. It should be recognized that in the 
actual case, steam leakages from the turbine end packings must 
be economically used. Fig. 9 assumes this. 

Thus the corrected total reheat turbine-whee] output is obtained. 
The mechanical losses and generator efficiency are then applied 
as in the nonreheat case. The total mechanical losses are shown 
for all types of unit in Fig. 13. In the case of a cross-compound 
unit there will be two generator efficiencies involved. An over- 
all turbine heat rate can then be calculated in the customary 
fashion using the net generator outputs and the heat added to 
the eyele. 


Cross-Compounn Nonreneatr Unrrs 


The efficiencies of cross-compound nonreheat turbines are 
determined by the use of Figs. 6 and 7 for the high-pressure 
turbine and the low-pressure turbine, respectively. Since inter- 
cept valves are not usually required at the inlet of the low-pres- 
sure turbines of nonreheat cross-compound units, efficiencies 
obtained from Fig. 7 should be corrected by a multiplying factor 
of 1,002 to allow for the nonexistence of the intercept-valve loss. 
The crossover pressure must be determined by considerations of 
desired generator ratings, and so on. 

The high-pressure turbine-expansion line is drawn exactly as 
shown in Fig, 12(b) for the high-pressure section of the reheat 
machine. The pressure drop from high-pressure turbine exhaust 
to low-pressure turbine inlet must be estimated or calculated. 
The low-pressure turbine inlet steam conditions are then known, 
and the low-pressure turbine-expansion line is then constructed as 
indicated in Fig. 12(a), except that, since the low-pressure tur- 
bine will not have control valves, the straight line should be 
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drawn from the low-pressure turbine-inlet pressure and tempera- 
ture without the 4 per cent pressure-drop allowance. 

With the turbine-expansion line established, and the exhaust- 
steam condition determined from the exhaust loss, the total tur- 
bine-wheel output under the assumed feedwater-extraction condi- 
tions can be calculated. This must be corrected for end-packing 
leakage loss from the chart in Fig. 9 for “cross-compound 
nonreheat units.” 


GENERAL COMPARISONS 


Detailed comparisons of the effects of all the major variables, 
including steam conditions, capacity, and arrangement of units, 
feedwater-heating systems, and so on, may be made by the careful 
use of the data herein presented for nonreheat and for reheat units, 
at or near the design maximum capacity. Results of such ¢om- 
parisons may be expected to agree with previously published 
comparisons,*®? except where the assumptions made in the 
references cited may differ from those desired in any new calcula- 
tions. Thus there exist already published data for many general 
comparisons; the data herein contained can be used to go into 
greater detail if desired. 

It is worthy of note that the curves in Figs. 5 and 7 show that 
there has been an improvement in the relative position of the 
3600-rpm turbines as compared with the 1800-rpm machines, 
viewed with respect to comparison,’ Fig. 3. This was expec- 
ted, and actually predict« : previously.* The slightly lower inter- 
nal efficiencies of the h».er-speed units do not necessarily result 
in poorer over-all perfo:mance, however, since the larger exhaust 
sizes available in those units make possible a lower exhaust loss. 
It is necessary to provide a larger number of parallel exhaust 
flows in the 3600-rpm machine to equal the over-all performance 
of the 1800-rpm units, so that in many cases the lower-speed units 
are preferred for machines with large exhaust volume flow. 

“Developments in Resuperheating in Steam Power Plants,” by 
E. E. Harris and A. O. White, Trans. ASME, vol. 71, 1949, pp. 685- 
691. 

*“Reheating in Steam Turbines,” 
ASME, vol. 71, 1949, pp. 701-706. 

7 “Possibilities of the Regenerative Steam Cycle at Temperatures 
Up to 1600 F,” by P. H. Knowlton and R. W. Hartwell, Trans. 
ASME, vol. 72, 1950, pp. 1017-1024, 
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It will be noted that Fig. 10 includes the new larger 3600-rpm 

last-stage buckets developed in the last several years, as well as 


: _ the most commonly used among the older sizes. Fig. 10 of the 


4 


= 


_ although double flow is most common. 


published by Harris and White? 


om previous paper’ is stil] applicable in appropriate cases. The pres- 


& Fig. 10 shows only the single-flow annulus areas; the larger 
ines may be combined in any integral number of parallel flows, 
So far, not more than 
eaten flow (four in parallel) has been built. 


SuPERHEAT AND PRessSURE CORRECTION 


Fig. 8 is different from Fig. 6 of the previous paper? in that in 
addition to the superheat correction at constant pressure, there 
is added a pressure correction, which, while not of very large 

magnitude, takes account of the small variation in reheat factor 


7 and moisture losses incident to large changes in pressure ratio at 


constant initial superheat. Since all of the data are intended 
to be used on condensing units with exhaust pressures not over 


1 psia, the initial pressure is used as a parameter instead of pres- 


sure ratio Fig. 8 has been used for ee several / years and was first 


* Reference 5, fig. 23. 
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Generator ErricieNncies 


mee all modern large generators are built with hydrogen cool- 


ing, Fig. 14 shows only this type of machine. The smal! supple- 
mentary chart shows the effect on generator loss caused by vary- 
ing the hydrogen pressure to increase generator kva output at 
rated power factor, as well as the effect of reducing output some- 
what below rating. 

CONCLUSION 

For more than 40 years the Turbine Division of the authors’ 
company has followed the practice each year of testing as many 
large turbines as is practical in the owners’ plants under essentially 
service operating conditions. The results of such testing have 
served two primary purposes: (1) They have enabled evaluation 
of the merits of design improvements and confirmed important 
progress in the art, and (2) they have provided a sound founda- 
tion of knowledge upon which can be based the prediction of the 
performance of new designs. 

This practice and the experience gained by it should contrib- 
ute to future progress and should give turbine users assurance 
that predicted turbine performance will be realized under service 
conditions 

The present paper has attempted to delineate the recent past 
experience of this sort, and to put it in a form that is usable in a 
consistent system of turbine and generator-performance calcula- 
tions 
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Appendix 


EXAMPLE OF CALCULATION OF Expansion Line ror TANDEM- 
Compounp NONREHEAT TURBINE 


Assume items (1) to (7), inclusive: 


Throttle pressure, 

Throttle temperature, te F. 

Condenser pressure, in. Hg she... 

Feedwater temp from h-p heater, deg F 

Output of generator, kw 

Rpm of turbine and generator. . 

Type of unit, tandem-compound triple flow 

Estimated throttle steam rate (Fig. 15), lb. per kwhr. 

Estimated throttle flow = (5) X (8) = 800000 lb per 
hr 

Equivalent flow per sq in. nozzle area, from Fig. 4 and 
steam conditions (1) and (2), lb per hr. . seas 

Equivalent nozzle area, (9) + (10) = 13.8 sq in. 

Internal efficiency from Fig. 5, at (11) and (6), per 
cent 

Correction for triple flow, from Fig. 5, per cent 

Throttle superheat, {from steam table, deg F 

Superheat and pressure correction factor from Fig. 8 
at (1) and (14) 

Expansion line efficiency for (13) and (18), 
per cent 

Throttle eathaton. from steam table ¢ or chart, Btu per 
Ib 


Throttle fem steam table or chart 

Theoretical end point, at (3) and (18), Btu per Ib... . 
Theoretical available energy X (17)—(19), Btu per lb. 
Expansion line used energy Y = (20) X (16), Btu 


Expansion line = (17)—(Q), 
Btu per Ib 
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23 Pressure at start of expansion line, . Fig. 
{(1) + 15 pai] X 0.96, psia 
24 Enthalpy at start of expansion line (same as 17), Btu 
per Ib 1489 6 
The expansion line can now be constructed as shown in Fig. 12 (a) 


(12a) = 
1455 


ExamPLe or CALCULATION OF Expansion Lines ror ReHEeat 
TURBINE 
Assume items (1) to (8) inclusive: 
Throttle pressure, psig 


deg F 
High-pressure section exhaust pressure, psia 


Throttle temperature, 


2 
$ 
4 Reheat temperature, deg fF 
5 Rehes er and piping pressure loss, psi 
6 Condenser pressure, in. Hg abs 
7 Top feedwater-heater extracting from h-p section ex- 
haust 
Tandem-compound triple flow arrangement like Type 
6, Fig. 7, rpm - 
Output of generator, kw 
Estimated throttle steam rate, ete Fig. 15 
0 83 = 6.6 lb per kwhr. 
Estimated h-p section throttle flow = (9) & (10) 
660000 Ib per hr 
Estimated flow through reheater, 
600000 Ib per hr 
H-p section equivalent flow per sq in. nozzle area 
58000 Ib per hr 
H-p section equivalent nozzle area = (11) + (13) 
(1) + 15 psi 
(3) 
H-p section efficiency, from Fig. 6 at (14) and (15) = 
S2 2 per cent 
Throttle enthalpy of h-p section, from Steam Table, 
Btu per Ib 
Throttle entropy, from Steam Table 
Theoretical h-p section end-point enthalpy at (3) and 
(18), from Steam Table, Btu per Ib 
H-p section available energy X = (17) - 
172 7 Btu per Ib 
H-p section used energy Y = (20) X (16) = 142.0 
Btu per lb 
H-p section expansion line end-point enthalpy, = 
(17) (21) = 1347.6 Btu per lb 
Steam pressure at turbine after reheater = (3) — (5) 
=. 365 psi 
Enthalpy of steam after reheater, at (4) and (23) = 
1523 4 Btu per Ib 
Entropy of steam after reheater, at (4) and (23) = 
1 7 ‘ 729 
Theoretical |-p section exhaust enthalpy, at (6) and 
(25) = 953. 0 Btu per lb 
L-p section available energy X = (24) 
570.4 Btu per Ib 
Equivalent flow per sq in. at l-p section inlet from 
Fig. 4, at (23) and (4) = 13800 Ib per hr 
Equivalent nozzle area for l-p section = (12) + (28) 
= 43 5 sq in. 
L-p section efficiency from Fig. 7, at (29) and (8) = 
7X = 88 5 per cent 
L-p section initial superheat, from (4) and (23) = 
564 1 
Correction factor from Fig. 8, at (31) and (23) = 1.028 
L-p section expansion-line efficiency = (30) X (32) = 
91 0 per e at 
L-p section used energy Y = (27) X (33) = 519.3 Btu 
per Ib 


3600 
100000 
=80x 


091 x (11) 


in. 


H-p section pressure ratio, =358 


(19) = 


(26) = 


L-p section expansion-line end point = (24) 
1004.1 Btu per Ib 

Pressure at start of l-p section expansion line = 0.98 X 
(23) = 358 psia 3 

Enthalpy at start of expansion line (same as 24) = 
1523 4 Btu per Ib 


— (34) = 


The expansion lines can now be constructed as shown in Fig. 
1b), 
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Discussion 


B. C. Matvory® anp W. F. Jr.“ The data and proce- 
dures presented in this paper will be of great assistance to steam- 
power-plant designers. The earlier paper by Warren and 
Knowlton'' was the initial step in bridging the gap between the 
turbine designer and the power-plant designer as it made availa- 
ble to the plant designer hitherto restricted basic information 
on turbine performance, and outlined a systematic procedure for 
utilization of this information in predicting performance. 

The present paper, which confirms and supplements data and 
procedures of the earlier paper, is of particular interest because it 
includes the comparison of results of turbine tests and guarantee 
values of the past decede for unit sizes up to 150 mw, for initial 
steam conditions as high as 2350 psig, 1050 F, and for reheat 
units. The method given for predicting over-all performance of 
reheat machines, which was not included in the earlier paper, 
will be valuable, and the use of curves of internal efficiencies ver- 
sus equivalent nozzle areas, instead of over-all engine efficiencies 
against rated load megawatts as given in the earlier paper, will 
simplify the performance calculations, 

The procedure in the paper involves the use of approximate 
steam rates to obtain equivalent nozzle areas and in addition, 
for reheat units, a fixed factor of either 0.86 or 0.91 in conjunc- 
tion with high-pressure turbine-throttle flow to obtain equivalent 
nozzle area for the low-pressure unit. After construction of the 
expansion lines, the estimated throttle flow may be used for the 
heat-balance calculations. The authors perhaps may have con- 
sidered it too obvious to mention, but it may be necessary to use 
a revised throttle flow and repeat the entire procedure, including 
construction of new expansion lines, in order to obtain the de- 
sired megawatt output. For reheat units also, it is not likely 
that the flow to the low-pressure turbine obtained from the heat- 
balance calculation will coincide exactly with the 86 or 91 per 
cent of the high-pressure turbine-throttle flow used for estimating 
low-pressure turbine internal efficiencies. It would be of value 
if the authors would comment on whether it is worth while to 
recompute low-pressure turbine internal efficiency for the varia- 
tion in flow to the reheater or whether the accuracy of the data 
is such that this refinement is unnecessary. 

No new data are presented for performance at partial loads. 
It may be necessary to investigate partial-load performance 
when making complete studies for size of unit, initial steam condi- 
tions, and feed-heating arrangements. The authors state that 
curve A from the Warren-Know!ton paper'! applies fairly well to 
modern units, but curves B and C do not In the paper, each 
curve eqvers a range of throttle volume i.ows in cubic feet per 
second, It is not clear if curve A may be used over the entire 
range, or if it is valid only for the range previously defined. If 
curve A coveis only a restricted range, information for other 
throttle flows would be helpful. 


AvutHors’ CLosuRE 


Messrs. Mallory and Allen have raised questions regarding the 
detailed procedure for using the data in the paper. The first of 
these questions has to do with the possible necessity for making 
a repeat calculation in case it proves that the first set of assump- 
tions do not result in the desired output. 

It is entirely possible, of course, to make a wrong estimate of 
the required throttle flow for a given power output from the 
generator. The information given in Fig. 15 is the best simple 

* Chief Mechanical Engineer, Stone & Webster Engineering Cor- 
poration, Boston, Mass. Mem. ASME. 

‘© Mechanical Division Engineer, Stone & Webster Engineering 
Corporation. Jun, ASME. 

" Authors’ reference 3. 
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‘ guide for estimating purposes that the authors were able to devise. 
It is to be expected that particular cases, when worked out in 
detail, will be a few per cent different from the data given in Fig. 
15. Depending upon result desired it may or may not be advisa- 
be to repeat the detailed calculation in order to achieve a closer 
_ approximation. It seems unlikely that the original estimate of 
flows through the various sections of the turbine will be far 
enough off to require a new calculation of the turbine internal 
efficiencies and a redrawing of the expansion lines. 
a With respect to the calculation of performance at partial load, 
the authors have not made a complete study of this as would be 
required if new data were to be published. The curve A from 


_ Fig. 7, reference 3, mentioned in the paper and also by the dis- 
_ cussers, refers to the performance of a turbine without any by- 
passing; this is typical of the large high-pressure, high-tempera- 
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ture machines being designed at present by the authors’ company. 

In the absence of a careful study of means for presenting in 
simple fashion the complicated design calculations, the authors 
believe it best not to attempt to compare machines at partial 
load by the methods outlined in the paper. It may be possible 
in the future to present some simplified data describing part-load 
performance more exactly. 

The authors wish to point out that in the present Fig. 10 an 
exhaust loss curve is shown for a 39.8 sq ft annulus area at 3600 
rpm and reference is also made to this annulus area on Fig. 13. 
Since the paper was written, it has been decided that instead of 
the 39.8 sq ft annulus, a somewhat larger one of 41 sq ft at 3600 
rpm would be offered instead. The curve No. 7 in Fig. 10 will 
apply to this 41 sq ft annulus if the equivalent annulus velocity is 
figured for the 41 sq ft annulus instead of for 39.8 sq ft. 
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